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When Val and I decided to collaborate and write the first edition, our
goal was to produce an easy-to-read, easy-to-understand, practical text-
book stressing hydraulic design, that could be of hands-on use to the
pump designer, student, and rotating equipment engineer. Although feed-
back from readers indicates that we achieved our desired goal, we did
recognize that we had omitted several important topics. We had said little
about the design of chemical pumps and touched only lightly on the ex-
tensive range of composite materials and the manufacturing techniques
used in nonmetallic pump applications. We had totally ignored the subject
of mechanical seals, yet we fully recognized that a knowledge of seal
fundamentals and theory of operation is essential to the pump designer
and rotating equipment engineer.

Another major omission was the subject of vibration and noise in cen-
trifugal pumps. With today's high energy pumps operating at ever in-
creasing speeds, it is essential that we understand the sources of pump
noise and causes of vibration that result from installation, application,
cavitation, pulsation, or acoustic resonance.

Although we had touched lightly on rotor dynamics, we felt this sub-
ject deserved to be expanded, particularly in the areas of bearing stiffness
and damping, seal effects, and the evaluation of critical speed calcula-
tions. Finally, we had said nothing about the knowledge necessary to ex-
tend pump life during installation and operation, which requires a deep
understanding of bearings, lubrication, mechanical seal reliability, and
the external alignment of pump and driver.

xi
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This second edition was therefore written to incorporate these subjects,
and in this regard, I have been fortunate in soliciting a number of Mends
and colleagues, each expert in his chosen field to assist me. With the help
of Heinz Bloch, Gordon Buck, Fred Buse, Erik Fiske, Malcolm Murray,
Jim Netzel, and Fred Szenasi, I have expanded and improved the second
edition in a manner I know would have made Val proud. Readers of the
first edition will find this book of even greater practical value, and new
readers will gain an in-depth practical knowledge from the extensive ex-
perience of the authors and contributors.

Robert R, Ross
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System Analysis for Pump Selection

Before a pump can be selected or a prototype designed, the application
must be clearly defined. Whether a simple recirculation line or a complex
pipeline is needed, the common requirement of all applications is to
move liquid from one point to another. As pump requirements must
match system characteristics, analysis of the overall system is necessary
to establish pump conditions. This is the responsibility of the user and
includes review of system configuration, changes in elevation, pressure
supply to the pump, and pressure required at the terminal. Relevant in-
formation from this analysis is passed on to the pump manufacturer in the
form of a pump data sheet and specification. From the information given,
the following will ultimately determine pump selection.

• Capacity range of liquid to be moved
• Differential head required
• NPSHA
• Shape of head capacity curve
• Pump speed
• Liquid characteristics
• Construction

Differential Head Required

The head to be generated by the pump is determined from the system
head curve. This is a graphical plot of the total static head and friction

3
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4 Centrifugal Pumps: Design and Application

Figure 1-1. System head curve.

losses for various flow rates. For any desired flow rate, the head to be
generated by the pump or pumps, can be read directly (Figures 1-1 and
1-2),

NPSHA

Net positive suction head available (NPSHA) is of extreme importance
for reliable pump operation. It is the total suction head in feet of liquid
absolute, determined at the suction nozzle and referred to datum, less the
vapor pressure of the liquid in feet absolute. This subject is discussed in
detail in Chapter 9.

Shape of Head Capacity Curve

The desired shape of the head capacity (H-Q) curve is determined dur-
ing analysis of the system. Most specifications call for a continuously
rising curve (Figure 1-3) with the percentage rise from the best efficiency
point (BEP) determined by system limits and mode of operation, Unsta-
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Figure 1-2. The system head curve establishes pump conditions.

Figure 1-3. Continuously rising head capacity curve.



6 Centrifugal Pumps: Design and Application

Figure 1-4. Unstable or hooked head capacity curve.

ble or hooked curves (Figure 1-4) where the maximum developed head is
at some flow greater than zero are undesirable in applications where mul-
tiple pumps operate in parallel. In such applications, zero flow head may
be less than system head, making it impossible to bring a second pump on
line. It is also possible for pumps to deliver unequal flow with the dis-
charge pressure from one pump determining the flow rate from another.
These legitimate reasons have resulted in many specifications forbidding
the use of unstable curves for any application. This is most unfortunate as
in many instances such curves are perfectly suitable. More importantly,
pumps with unstable curves will develop more head and be more effi-
cient than their continuously rising counterparts. It should be noted that
this tendency of instability is normally confined to the lower range of
specific speeds. As specific speed increases, the H-Q curve becomes
more stable. Specific speed is defined in Chapter 2, and design parame-
ters to correct instability in the low specific speed range will be discussed
in Chapter 3.

Pump Speed

Pump speed may be suggested by the user to match electric frequency
or available driver speed. The pump manufacturer, however, has the ulti
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mate responsibility and must confirm that the desired speed is compatible
with NPSHA and satisfies optimum efficiency selection.

Liquid Characteristics

To have reasonable life expectancy, pump materials must be compati-
ble with the liquid. Having intimate knowledge of the liquid to be
pumped, the user will often specify materials to the pump manufacturer.
When the pump manufacturer is required to specify materials, it is essen-
tial that the user supply all relevant information. Since liquids range from
clear to those that contain gases, vapors, and solid material, essential in-
formation includes temperature, specific gravity, pH level, solid content,
amount of entrained air and/or dissolved gas, and whether the liquid is
corrosive. In determining final material selection the pump manufacturer
must also consider operating stresses and effects of corrosion, erosion,
and abrasion,

Viscosity

As liquid flows through a pump, the hydrodynamic losses are influ-
enced by viscosity and any increase results in a reduction in head gener-
ated and efficiency, with an increase in power absorbed (Figure 1-5).
Centrifugal pumps are routinely applied in services having viscosities be-
low 3,000 SSU and have been used in applications with product viscosi-
ties up to 15,(XX) SSU. It is important to realize that the size of the inter-
nal flow passages has a significant effect on the losses, thus the smaller
the pump is, the greater are the effects of viscosity. As the physical size
of a pump increases, the maximum viscosity it can handle increases. A
pump with a 3-in. discharge nozzle can handle 500 SSU, while a pump
with a 6-in. discharge nozzle can handle 1,700 SSU. Centrifugal pumps
can handle much higher viscosities, but beyond these limits, there is an
increasing penalty loss. When viscosity is too high for a particular size
pump, it will be necessary to go to a larger pump. A reasonable operating
range of viscosity versus pump size is shown in Figure 1-6. Methods to
predict pump performance with viscous liquids are clearly defined in the
Hydraulic Institute Standards.

Specific Gravity

When pumping a nonviscous liquid, pumps will generate the same
head uninfluenced by the specific gravity of the liquid. Pressure will
change with specific gravity and can be calculated from:

~.ff . , . . . Differential head (ft) x sp grDifferential pressure (psi) = — —¥~
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Figure 1-5. Viscous performance change.

Thus, pumps with a change in product density generating the same
head will show a change in pressure, and horsepower absorbed by the
pump will vary directly with the change in specific gravity (Figures 1-7
and 1-8). A pump being purchased to handle a hydrocarbon of 0.5 spe-
cific gravity will normally have a motor rating with some margin over
end of curve horsepower. During factory testing on water with 1.0 spe-
cific gravity, the absorbed horsepower will be two times that of field op-
eration, thus preventing use of the contract motor during the test. In such
instances the pump manufacturers standard test motor is used.

Construction

Pump construction is quite often spelled out on the pump data sheet.
General terms like horizontal, vertical, radial split, and axial split are
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Figure 1-6. Maximum liquid viscosity for centrifugal pumps (from C.E. Peter-
sen, Marmac, "Engineering and System Design Considerations for Pump Sys-
tems and Viscous Service," presented at Pacific Energy Association, October 15,
1982).

LIQUID

ETHANE

CRUDE OIL

WATER

SPECIFIC GRAVITY

.5

.85

I.O

PD

2I6 PSI

368 PSI

433 PSi

Figure 1-7. Pressure vs. specific gravity.
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Figure 1-8. Horsepower change with specific gravity.

normally used. For most applications, construction is determined by reli-
ability, ease of maintenance, available real estate, and operating parame-
ters. Ultimately however, it is the pump manufacturer's responsibility to
select appropriate construction.

Pump Selection

From the information supplied in the data sheet, a pump can normally
be selected from the pump manufacturer's sales book. These are nor-
mally divided into sections, each representing a particular construction.
Performance maps show the range of capacity and head available, while
individual performance curves show efficiency and NPSHR. If the pump
requirements fall within the performances shown in the sales book, the
process of selection is relatively simple. When the required pumping
conditions, however, are outside the existing range of performance, se-
lection is no longer simple and becomes the responsibility of the pump
designer.



Specific speed and suction specific speed are very useful parameters
for engineers involved in centrifugal pump design and/or application. For
the pump designer an intimate knowledge of the function of specific
speed is the only road to successful pump design. For the application or
product engineer specific speed provides a useful means of evaluating
various pump lines. For the user specific speed is a tool for use in com-
paring various pumps and selecting the most efficient and economical
pumping equipment for his plant applications.

A theoretical knowledge of pump design and extensive experience in
the application of pumps both indicate that the numerical values of spe-
cific speed are very critical. In fact, a detailed study of specific speed
will lead to the necessary design parameters for all types of pumps.

Definition of Pump Specific Speed and Suction Specific Speed

Pump specific speed (Ns) as it is applied to centrifugal pumps is de-
fined in U.S. units as:

Specific speed is always calculated at the best efficiency point (BEP)
with maximum impeller diameter and single stage only. As specific speea
can be calculated in any consistent units, it is useful to convert the calculated
number to some other system of units. See Table 2-1. The suction specific
speed (Nss) is calculated by the same formula as pump specific speed (Ns)

11

Specific
Speed and
Modeling
Laws

2
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Table 2-1
Specific Speed Conversion

UNITS

Capacity

Ft3/Sec
M3/Sec
M3/Min
M3/Hr

Head/
Stage

Feet
Meters
Meters
Meters

U.S. to Metric
Multiply By

.0472

.0194
,15

1.1615

Metric to U.S.
Multiply By

21.19
51.65
6.67

.8609

but uses NPSHR values in feet in place of head (H) in feet. To calculate
pump specific speed (Ns) use full capacity (GPM) for either single-
or double-suction pumps. To calculate suction specific speed (Nss) use
one half of capacity (GPM) for double-suction pumps.

It is well known that specific speed is a reference number that de-
scribes the hydraulic features of a pump, whether radial, semi-axial
(Francis type), or propeller type. The term, although widely used, is usu-
ally considered (except by designers) only as a characteristic number
without any associated concrete reference or picture. This is partly due to
its definition as the speed (RPM) of a geometrically similar pump which
will deliver one gallon per minute against one foot of head.

To connect the term specific speed with a definite picture, and give it
more concrete meaning such as GPM for rate of flow or RPM for rate of
speed, two well known and important laws of centrifugal pump design
must be borne in mind—the affinity law and the model law (the model
law will be discussed later).

The Affinity Law

This is used to refigure the performance of a pump from one speed to
another. This law states that for similar conditions of flow (i.e. substan-
tially same efficiency) the capacity will vary directly with the ratio of
speed and/or impeller diameter and the head with the square of this ratio
at the point of best efficiency. Other points to the left or right of the best
efficiency point will correspond similarly. The flow cut-off point is usu-
ally determined by the pump suction conditions. From this definition, the
rules in Table 2-2 can be used to refigure pump performance with impel-
ler diameter or speed change.



Specific Speed and Modeling Laws 13

Table 2-2
Formulas for Refiguring Pump Performance with

Impeller Diameter or Speed Change

Qi, Hh bhpi, DI, and N/ = Initial capacity, head, brake horsepower, diameter, and speed.
Q2, H2, hhp2, D?, and N2 = New capacity, head, brake horsepower, diameter, and speed.

Example

A pump operating at 3,550 RPM has a performance as shown in
solid lines in Figure 2-1. Calculate the new performance of the pump if
the operating speed is increased to 4,000 RPM.

Step 1

From the performance curve, tabulate performance at 3,550 RPM (Ta-
ble 2-3).

Step 2

Establish the correction factors for operation at 4,000 RPM.

Step 3

Calculate new conditions at 4,000 RPM from:
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Figure 2-1. New pump factored from model pump—different speed.

Table 2-3
Tabulated Performance at 3,550 RPM

GPM
0
100
200
300
400
500
600
650

H(ft)
350
349
345
337
325
300
260
235

Eff. %
0
28
48
52
70
74
73
72

bhp
25
31
36
42
46
51
54
53

Results are tabulated in Table 2-4 and shown as a dotted line, in Figure
2-1. Note that the pump efficiency remains the same with the increase in
speed.

Specific Speed Charts

We have prepared a nomograph (Figure 2-2) relating pump specific
speed and suction specific speed to capacity, speed, and head. The nomo-
graph is very simple to use: Locate capacity at the bottom of the graph,
go vertically to the rotating speed, horizontally to TDH, and vertically to
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Table 2-4
Tabulated Performance at 4,000 RPM

GPM
0
113
226
337
452
565
678
732

H(ft)
445
443
438
427
412
381
330
298

Eff. %
0
28
48
52
70
74
73
72

bhp
37
45
52
60
66
73
77
76

the pump specific speed. To obtain suction specific speed continue from
the rotating speed to NPSHR and vertically to the suction specific speed.
Pump specific speed is the same for either single-suction or double-suc-
tion designs.

For estimating the expected pump efficiencies at the best efficiency
points, many textbooks have plotted charts showing efficiency as a func-
tion of specific speed (Ns) and capacity (GPM). We have prepared similar
charts, but ours are based on test results of many different types of pumps
and many years of experience.

Figure 2-3 shows efficiencies vs. specific speed as applied to end-suc-
tion process pumps (API-types). Figure 2-4 shows them as applied to sin-
gle-stage double-suction pumps, and Figure 2-5 shows them as applied to
double-volute-type horizontally split multi-stage pumps.

Figure 2-5 is based on competitive data. It is interesting to note that
although the specific speed of multi-stage pumps stays within a rather
narrow range, the pump efficiencies are very high, equal almost to those
of the double-suction pumps. The data shown are based on pumps having
six stages or less and operating at 3,560 RPM. For additional stages or
higher speed, horsepower requirements may dictate an increase in shaft
size. This has a negative effect on pump performance and the efficiency
shown will be reduced.

As can be seen, efficiency increases very rapidly up to Ns 2,000, stays
reasonably constant up to Ns 3,500, and after that begins to fall off
slowly. The drop at high specific speeds is explained by the fact that hy-
draulic friction and shock losses for high specific speed (low head)
pumps contribute a greater percentage of total head than for low specific
speed (high head) pumps. The drop at low specific speeds is explained by
the fact that pump mechanical losses do not vary much over the range of
specific speeds and are therefore a greater percentage of total power con-
sumption at the lower specific speeds.



R0are 2-2. Specific speed and suction specific nomograph.



Specific Speed and Modeling Laws 17

Figure 2-3. Efficiency for overhung process pumps.

Figure 2-4. Efficiency for single-stage double-suction pumps.
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Correction for Impeller Trim

The affinity laws described earlier require correction when perfor-
mance is being figured on an impeller diameter change. Test results have
shown that there is a discrepancy between the calculated impeller diaxne-

Figure 2-5. Efficiency for double-volute-type horizontally split multi-stage
pumps.

Figure 2-6. Impeller trim correction.
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ter and the achieved performance. The larger the impeller cut, the larger
the discrepancy as shown in Figure 2-6.

Example

What impeller trim is required on a 7-in. impeller to reduce head
from 135 ft to 90 ft?

Step L

From affinity laws:

D2 = 5.72 in.

Calculated percent of original diameter = 5.72/7 = .82

Step 2,

Establish correction factor:

From Figure 2-6 calculated diameter . 82 = Actual required diame-
ter ,84.

Trim diameter = 7 x .84 = 5.88 in.

Impeller trims less than 80% of original diameter should be avoided
since they result in a considerable drop in efficiency and might create
unstable pump performance. Also, for pumps of high specific speed
(2,500-4,000), impeller trim should be limited to 90% of original diame-
ter. This is due to possible hydraulic problems associated with inadequate
vane overlap.

Model Law

Another index related to specific speed is the pump modeling law. The
"model law" is not very well known and usually applies to very large
pumps used in hydroelectric applications. It states that two geometrically
similar pumps working against the same head will have similar flow con-
ditions (same velocities in every pump section) if they run at speeds in-
versely proportional to their size, and in that case their capacity will vary
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with the square of their size. This is easily understood if we realize that
the peripheral velocities, which are the product of impeller diameter and
RPM, will be the same for the two pumps if the diameter increase is in-
versely proportional to the RPM increase. The head, being proportional
to the square of the peripheral velocity, will also be the same. If the ve-
locities are the same, the capacities will be proportional to the areas, i.e.
to the square of the linear dimensions.

As a corollary, the linear dimensions of similar pumps working against
the same head will change in direct proportion to the ratio of the square
root of their capacities, and the RPM in inverse proportion to the same
ratio, This permits selection of a model pump for testing as an alternative
to building a full-size prototype. The selected model must agree with the
following relationship:

where D1} N j , HI, and 171, are model diameter, speed, head, and effi-
ciency, and D, N, H and 17, are prototype diameter, speed, head, and effi-
ciency, n will vary between zero and 0.26, depending on relative surface
roughness.

Other considerations in the selection of a model are:

1. Head of the model pump is normally the same as the prototype
head. However, successful model testing has been conducted with
model head as low as 80% prototype head.

2. Minimum diameter of the model impeller should be 12 in.
3. Model speed should be such that the specific speed remains the

same as that of the prototype.
4. For meaningful evaluation prototype pump and model pump must

be geometrically similar and flow through both kinematically simi-
lar.

5. Suction requirements of model and prototype should give the same
value of sigma (see Chapter 9).

An example of model selection is described in detail in the Hydraulic
Institutes Standards, 14th Edition.
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Factoring Law

In addition to the affinity law and model law, there are some other
principles of similarity that are very useful to the pump designer. The
"factoring law" can be used to design a new pump that has the same spe-
cific speed and running speed as the existing model but which is larger or
smaller in size. Factoring the new pump can be determined by using ca-
pacity or impeller diameter ratio. From BEP condition, a new pump head
and flow are calculated from:

where Qi = Capacity of new pump
HI = Head of new pump
DJ = Impeller diameter of new pump
Qm = Capacity of model pump
Hm = Head of model pump
Dm = Impeller diameter of model pump

Thus, the capacity will change with factor cubed (f3). The head and all
areas will change with factor squared (f2), and all linear dimensions will
change directly with factor (f).

The specific speed of the model pump should be the same as the new
pump or within ±10% of the new pump's specific speed. The model
pump should ideally be of the same type as the new pump.

Example

If we take the 3-in. x 9-in. pump shown in solid lines on Figure 2-1,
With a performance at the BEP of 500 GPM; 300 ft; 74% efficiency;
55 maximum HP; 3,550 RPM; and 9-in. impeller diameter, and in-
crease pump size to 700 GPM at BEP and running at 3,550 RPM, the
new performance would be:
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Table 2-5
Tabulated Performance of Model Pump

(Model 9-1 n. Diameter Impeller)

Qm

0
100
200
300
400
500
600
650

Hm

350
349
345
337
325
300
260
235

Eff.m %
0

28
48
52
70
74
73
72

Wlpm

25
31
36
42
46
57
54
54

Table 2-6
Tabulated Performance of New Pump

(New Pump 101/a-ln. Diameter Impeller)

Q,
0
!40
280
420
560
700
840
910

H,
437
436
431
421
406
375
325
293

Eff.i %
0
28
49
53
71
75
74
72

bhpi
50
55
62
84
81
88
93
94

Applying these factors to the model, the new pump performance at
BEP will be: 700 GPM; 375 ft; 75% efficiency; 94 maximum HP; 3,550
RPM; and lOVs-in. impeller diameter.

To obtain complete H-Q performance refer to Tables 2-5 and 2-6.
The new pump size will be a 4-in. x 6-in. x 10-in. with performance

as shown in Figure 2-7.

All major pump manufacturers have in their files records of pump per-
formance tests covering a wide range of specific speeds. Each test can be
used as a model to predict new pump performance and to design same. In
the majority of cases, the required model specific speed can be found
having the same running speed as required by the new pump. There are
cases, however, where the model pump running speed is different than
required by pump in question.



Figyre 2-7, New pump from model pump-—same speed.
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If a new pump has the same specific speed (Ns) as the model but is to
run at a different rotating speed, head, and flow, the new pump perfor-
mance will be related to the model by:

Example

A new pump is required for 750 GPM, 600-ft head, operating at
5,000 RPM. The calculated specific speed is 1,100. The model chosen
is shown in Figure 2-1, peaks at 500 GPM, 300 ft, and operates at
3,550 RPM. Specific speed = 1,100.

From Equation 2-1:

Performance at 5,(XX) RPM can be calculated by applying the fol-
lowing factors to the 3,550 RPM performance,

From Equation 2-1:

From Equation 2-2:
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Table 2-7
Tabulated Performance at 3,550 RPM

GPM
0
100
200
300
400
500
600
650

H(ft)
350
349
345
337
325
300
260
235

Eff. %
0
28
48
52
70
74
73
72

Table 2-8
Tabulated Performance at 5,000 RPM

GPM
0
150
300
450
600
750
900
975

H(ft)
700
698
690
674
650
600
520
470

Eff. %
0
28
48
52
70
74
73
72

bhp
91

94.4
109
142
140
153
161
160

For complete performance conversion, see Tables 2-7 and 2-8. The hy-
draulic performance of the new 4-in. x 6-in. x 9-in. pump operating at
5,000 RPM is shown in Figure 2-8.

Conclusion

There is no question that specific speed is the prime parameter for
evaluating design of centrifugal pumps, evaluating pump selections, and
predicting possible field problems. It is obvious, however, that no single
parameter can relate to all aspects of final pump design. Different pump
specifications covering a wide variety of applications force the designer
to consider additional factors that may have an unfavorable effect on
pump hydraulic performance. Predicted performance can be affected by
any of the following:
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Figure 2-8. Performance change with speed change.

» Mechanical Considerations
High horsepower/large shaft diameter
High suction pressure
Operating speed
Operating temperature
Running clearances

• Pump Liquid
Slurries
Abrasives
High viscosity
Dissolved gases

• System Considerations
NPSHA
Suction piping arrangement
Discharge piping arrangement
Shape of H-Q curve
Runout conditions
Vibration limits
Noise limits
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Pumps selected as models must have reliable hydraulic performance
based on accurate instrumentation. Unreliable model tests used as a basis
for new development will lead to total disaster. It is strongly suggested
that the selected model pump be retested to verify its hydraulic perfor-
mance.

In the following chapters of this book "specific speed" will be referred
to with many additional charts, curves, and technical plots.



In this chapter detailed information for designing a centrifugal pump
impeller will be presented. This information will apply to a new design
where a model in the same specific speed is not available. The design
factors shown are based on a theoretical approach and many years of col-
lecting thousands of performance tests in various specific speeds.

The following example, will demonstrate the procedure necessary to
design and layout a new impeller.

Example

The requirements for a new pump are shown on curve Figure 3-1,
which at Best Efficiency Point (BEP) is:

2,100 GPM—450 ft-3,600 RPM-Liquid—Water

Step 1: Calculate pump specific speed.

Impeller
 Design

3
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Figure 3-1. Required performance of new pump.

Step 2: Select vane number and discharge angle.

The desired head rise from BEP to zero GPM is 20% continuously
rising (Figure 3-1). To produce this head rise, the impeller should be
designed with six equally spaced vanes having a 25° discharge angle
(Figure 3-2).

Step 3: Calculate impeller diameter.

From Figure 3-3:
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Figure 3-2. Percent head rise.

Figure 3-3. Head constant.
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Figure 3-4. Capacity constant.

Step 4: Calculate impeller width b2.

From Figure 3-4:

Estimated Su = */2 in. (This will be confirmed during vane devel-
opment and the calculation repeated if nec-
essary.)
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Figure 3*5. Impeller eye diameter/outside diameter ratio.

Step 5: Determine eye diameter,

From Figure 3-5:

D,/D2 = .47

D, = 11.66 X .47 = 5.5 in.

Step 6: Determine shaft diameter under impeller eye.

Methods for calculating shaft diameter are discussed in detail under
shaft design. For this exercise, the shaft diameter under the impeller
eye is assumed to be 2 in.

Step 7: Estimate impeller eye area.

Eye area = Area at impeller eye — shaft area

= 23.76 - 3.1 = 20.66 sq in.
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Step 8: Estimate NPSHR.

From Figure 3-6:

Step 9: Determine volute parameters,

To finalize the impeller design, we must consider any mechanical
limitations of the pump casing. Designing the impeller alone is not suf-
ficient as we must see how it physically relates to the volute area,
cutwater diameter, volute width, etc,

• Volute area. Figure 3-7 shows a number of curves for volute velocity
constant K3. These represent the statistical gathering efforts of a
number of major pump companies. Figure 3-8 shows the average of
these curves and is recommended for estimating volute area.

The calculated volute area is the final area for a single volute pump.
For double-volute pumps, this area should be divided by 2, and for
diffuser type pumps it should be divided by the number of vanes in
the diffuser casing.
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Figure 3-6. NPSHR prediction chart.
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Figure 3-7. Volute velocity constant (data acquisition of different pump compa-
nies).

Figure 3-8. Volute velocity constant (author's recommendation).
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* Establish volute width. In determing the width of the volute, the need
to accommodate impellers of different diameter and ba must be con-
sidered. Distance from the impeller shroud to the stationary casing
should be sufficient to allow for casting inaccuracies yet still main-
tain a satisfactory minimum end play. The values shown in Table 3-1
reflect those published by Stepanoff and are reasonable guidelines,

Volute width = 1.09 x 1.75 = 1.9 in. (say 2 in.)
* Establish cutwater diameter. A minimum gap must be maintained

between the impeller diameter and volute lip to prevent noise, pulsa-
tion, and vibration, particularly at vane passing frequency. From Ta-
ble 3-2, D3 = D2 x 1.07 = IP/a x 1.07 = 127/i6 in.

Impeller design data shown in this chapter are applicable to:

• Specific speeds from 400 to 3,600,
« Open or closed impellers.
» Volute-type or diffuser-type casings.
• Single- or multi-stage units.
« Vertical or horizontal pumps.
• Single suction or double suction impellers.

In establishing discharge geometry for double suction impellers, use
factors as given in this chapter. Do not divide the specific speed by

Table 3-1
Guidelines for Volute Width

Volute Width Specific Speed
ba Ns

2.0 b2 < 1,000
1.75hz 1,000-3,000
1.6b2 > 3,000

Table 3-2
Guidelines for Cutwater Diameter

Specific Speed Cutwater Diameter
Ns D^

600-1000 D2xl.05
1000-1500 D2xl .06
1500-2500 D 2 xl .07
2500-4000 D2 x 1.09



impeller Design 37

(2)5, as final results will not be accurate. On the impeller suction side
however, divide the inlet flow and eye area by 2 for each side of the
impeller centerline.

Impeller Layout

Development of Impeller Profile (Plan View)

Lay out the impeller width b2 at full diameter (Figure 3-9). Begin to
develop the hub and shroud profiles by expanding this width by approxi-
mately 5° on each side of the vertical center line toward the suction eye.
Complete these profiles by ending in such a way as to produce the re-
quired eye area. The area change from eye to discharge should be grad-
ual. To minimize axial and radial thrust, make the impeller as symmetri-
cal as possible about its vertical centerline.

Development of Impeller End View

Draw a circle to the full impeller diameter. Divide the circle into sev-
eral even-degree segments. In this case 15° segments have been chosen
(Points 1-10). The smaller the segments, the more accurate the vane lay-
out will be,

Impeller Inlet Angles

Inlet angles are established from a layout of the velocity triangle,
which shows the various component velocities of flow, entering the im-
peller (Figure 3-10). The vector connecting Ut and CMi represents the
angle of flow 6. Vane angle B( is drawn to intersect PSJ and should be
greater than 6 to allow for recirculated flow and nonuniform velocity.
For reasonable design the prerotation angle should not exceed 30° and
for optimum NPSH it is recommended that PSi = 1.05 to 1.2 times CM1,

Development of Impeller Vane

Begin the vane development by drawing a line equal to the discharge
angle. On the end view estimate and locate the distance ar. Transmit ar to
discharge angle line on the vane development establishing the distance a.
Transmit a to the front shroud on the impeller profile (plan view). Mea-
sure R2, then scribe R2 on the end view, locating Point 2. Check to see if
the estimated ar was approximately correct, making a new estimate and
repeating the process if necessary. Continue this same procedure to the
minimum impeller cut diameter, in this case Point 4. Complete the vane
development for the shroud contour by drawing several lines equal to the
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Figure 3-9. Impeller layout.

suction entrance angles to establish match between discharge angle and
suction angles. Once a match is established with a smooth curve, lay out
the remaining vane points until the eye diameter is reached, in this case at
Point 10.

Figure 3-10. Impeller inlet velocity triangle.
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The vane development and layout for the back shroud is done in the
same manner, taking into account the required hub vane angle. This pro-
cedure should result in Point 10 reaching the estimated hub vane diame-
ter. If this diameter is missed by more than !/4-in., the hub vane angle
should be changed and the layout repeated.

Complete the vane layout by adding vane thickness (Figure 3-11) and
indicating a slight underfile at the vane OD and a thinning at the suction,
This underfile will produce higher head and improved efficiency. The
vane spacing location of the second vane on the end view will be deter-
mined by the number of vanes.

At this point it is necessary to check the ratio of the vane area Av to the
suction eye area Ae. Referring to Figure 3-12, this ratio should be 0.4 to
0,6. The area Av is the area which is shaded on the plan view. If the area
ratio falls outside the limits shown, it will be necessary to change the plan
view profile and/or vane thickness.

Pumps in the higher specific speed range (Ns 1,000-5,000) have suc-
tion velocity triangles that dictate different suction vane angularity at the
impeller hub and impeller eye. This difference in angularity restricts
vane removal from the core box, requiring a segmented core and more
costly patterns and casting. Hydraulically, it is very necessary, and we
must learn to live with it. On low specific speeds however, (Ns 500-
1000) a straight vane is acceptable and will not jeopardize hydraulic per-
formance,

Design Suggestions
The following points should be kept in mind when designing an impel-

ler.
• Standardize the relationship between the number of vanes and dis-

charge vane angle. The relationship shown in Figure 3-13 is suggested.
Number and angularity of vanes greatly affect H-Q pump perfor-
mance. Standardization as shown will lead to more accurate perfor
mance prediction.

• Figure 3-14 shows the effect of the number of impeller vanes in the
same casing, on H-Q performance. Please note that with less vanes, the
lower is the BEP head and efficiency and steeper is the shape of H-Q
curve.

» It is possible to maintain same BEP, Q, and efficiency by increasing b2
where number of vanes and angularity are reduced (Figure 3-15). For
best efficiency, the velocity ratio between volute and impeller periph-
eral must be maintained. Similarly for the same impeller diameter,
vane number and discharge angle BEP will change with change in b2
(Figure 3-16).

• Avoid using even number of vanes in double volute pumps.
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IMP.DIA

> 6-11

> 11-15

> 15-19

> 19-23

> 23-31

> 31-35

> 35-39

> 39-50

MIN. VANE THICKNESS

O.D. MIDDLE INLET

7/32

1/4

9/32

5/16

11/32

3/8

7/16

1/2

5/16

3/8

7/16

1/2

9/16

5/8

11/16

3/4

1/8

3/16

3/16

1/4

1/4

5/16

5./16

3/8

MIN. SHROUD

THICKNESS
t, t2

1/8

5/32

3/16

7/32

1/4

5/16

3/8

7/16

3/16

5/16

3/8

7/16

9/16

5/8

11/16

3/4

Figure 3-11. Recommended minimum impeller vane and shroud thickness for
castability (standard cast materials).
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Figure 3-12. Area between vanes/eye area ratio.

Figure 3-13. Suggested standard for vane number.
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Figure 3-14. Influence of vane number on pump performance.

Figure 3-15. Constant BEP for different vane numbers and discharge angles by
change in b2.
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Figure 3-16. Influence of b2 on pump performance.

Figure 3-17. Predicting efficiency on both sides of BER
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» To predict efficiency on both sides of BEP, use Figure 3-17.
• When designing a new pump, always have a performance curve and

general sectional drawing.
• Keep neat and accurate design records.
« Try to use a symmetrical impeller to avoid excessive axial thrust.
• Consider mechanical requirements applicable to the new design.

Notation

Ku Speed constant = U2/(2gH)5

LJ2 Impeller peripheral velocity (ft/sec)
= D2 X RPM/229

g Gravitational constant (32.2 ft/sec2)
H Impeller head (ft)

D2 Impeller outside diameter (in.) - 1840KUH5/RPM
Dt Impeller eye diameter (in.)

Km2 Capacity constant = Cm2/(2gH)5

Cm2 Radial velocity at impeller discharge (ft/sec) = Q .321/A2
D3 Volute cutwater diameter (in.)
A2 Impeller discharge area (sq in.)

= (D27T ~ ZSU)D2

Z Number of impeller vanes
Su Vane thickness at D2 (in.)
b2 Inside impeller width at D2 (in.) = Q .321/Cm2(D27r - Z Su)
Q GPM at BEP

K3 Volute velocity constant = C3/(2gH)5

C3 Volute velocity (ft/sec.)
A8 Volute throat area (sq. in.)

= 0.04 Q/K3(H)5

Cmi Average meridianal velocity at blade inlet (ft/sec) = .321 Q/Ae
Ae Impeller eye area at blade entry sq in.
W j Relative velocity of flow (ft/sec)

6 Angle of flow approaching vane
Cj Absolute velocity of flow (ft/sec)
Psi Cm|/Ri
RI Factor in determining BI
B] Blade angle at outer radius of impeller eye
U, Peripheral velocity of impeller blade (ft/sec)

= D, X RPM/229
Av Area between vanes at inlet sq in.



It is not a difficult task to design a centrifugal pump; however, design-
ing the right pump for a specific application related to a specific industry
and service requires an extensive knowledge of hydraulics. Also required
is experience with industrial specifications, end users, and contractors'
special requirements and many years of practical experience in engineer-
ing and marketing.

The variables that exist for pump requirements are so numerous that
the design of the right pump in the right service is a complex project.
There is no such product as the "universal pump."

As an example, let us take a pump that is required to produce 500 GPM
and 200-ft head, rotating at 2 or 4 pole speed. In any or all industries this
hydraulic requirement exists; however, the mechanical specifications are
entirely different for each and every industry. For instance, the type of
pumps used in the pulp and paper industry are entirely different from
pumps used in the petroleum industry, petrochemical industry, or chemi-
cal industry. Thus, the pump required to deliver 500 GPM and 200-ft
head, will be different for each of the following applications:

« Slurry
• Boilerfeed
• Pipeline
» Nuclear
• Municipal
• Agricultural
• Marine
• Cargo

45

General Pump 
Design

4



46 Centrifugal Pumps: Design and Application

Mechanical variables include:

» Open or closed or semi-open impellers,
• Single-stage or multi-stage.
• Vertical or horizontal.
» With water jacket or without.
« Overhung or two-bearings design.
• Close-coupled or coupled units.
« Stiff shaft or flexible shaft design.
• Single volute, double volute, quad volute.
• Short elbow-type or turbine-type diffusers.
• Mechanical seals or packing.
« Stuffing boxes with bleed-offs or with clean flush injection.
• Ball, sleeve, or Kingsbury-type bearings.
• Oil rings, forced feed, oil mist, submerged or grease packed lubrica-

tion,,

It can be seen from the variables listed that it is a complex job for a
pump designer to design the right pump for the right environment.

After complete hydraulic and mechanical specifications are estab-
lished, the designer should be ready for pump layout documents.

General pump design can be classified in the following categories:

1, Design a new pump to satisfy basic engineering requirements such
as shape of H-Q curve, NPSHA, efficiency, etc.

2, Design a new pump to satisfy special applications such as boiler-
feed, nuclear coolant, pipeline, large circulator, condensate, sec-
ondary recovery, etc.

3, Design a new line of pumps, such as API pumps, ANSI pumps,
double-suction pumps, pulp and paper pumps, building trade
pumps, boilerfeed pumps, etc.

Performance Chart

For pumps in any category, an overall performance chart should be
prepared (if not available) as a first step in the design study. This chart
will establish the flow and head for each pump, establish the number and
size of pumps required to satisfy the range chart, and avoid overlap or
gaps between pump sizes. Even if only one pump is required, the range
chart should be confronted to be sure that the new pump fits into the
overall planning.

Many old pump lines have poorly planned range charts, resulting in
similar pump overlaps and uncovered gaps between pump sizes. Such a
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Figure 4-1. Poorly planned performance chart.

chart is shown in Figure 4-1. Black dots show pumps that could be elimi-
nated, permitting a substantial reduction in inventory without hurting
overall hydraulic performance. This type of chart is not recommended.
A suggested properly layed out performance range chart is shown in Fig-
ure 4-2. Steps to develop this chart are now described.

Step 1

Establish BEP of lowest capacity and lowest head pump required. In
this example, this is 86 GPM, 150-ft head, which is achieved by a l~in.
pump, and a 7-in. diameter impeller.

Step 2

Extend BEP capacity coverage at a constant 150-ft head by multiples
.of 1.75. Thus,

Second pump BEP = 86 GPM x 1.75 = 150 GPM.
Third pump BEP = 150 GPM x 1.75 = 260 GPM, etc.

In this manner, the base line BEP is established.
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Step 3

Establish next size pump by multiplying each base line BEP by
• GPM x 1,75
• Head x 1,45

Example: Smallest pump on chart has BEP of 86 GPM and 150-ft
head. Thus, BEP for next size pump = 86 x 1.75 = 150 GPM and
150 x 1.45 = 220 ft. Repeat this step for each base line BEP. As can
be seen from the chart, the head of 220 ft now requires a 9-in. impeller,

Step 4

For all additional pump BEP's multiply preceding pump flow by
1.75 and head by 1.45.

The constants 1.75 and 1.45 are recommended for a well-planned per-
formance chart following a number of constant specific speed lines.
There are no gaps between pumps, each performance block can be cov-
ered by normal impeller trim, and there are no overlaps. The chart is also
helpful to the designer. In this example, only six small pumps have to be

Figure 4-2. Recommended performance chart.
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designed and test checked. The other sizes that follow specific speed
lines can be factored up and their performance accurately predicted,
designed and test checked. The other sizes that follow specific speed
lines can be factored up as described in Chapter 2 and their performance
accurately predicted.

After the hydraulic performance range chart is complete, the designer
should check the mechanical requirements as outlined by the applicable
industrial specification.

If a complete line is being designed, the following mechanical features
should be checked.

• Shaft sizes
• Bearing arrangements
• Stuffing box design
• Bolting for maximum pressures
• Suction pressures
• Pump axial and radial balance
• Bed plates, motor supports, etc.
• Gasketing
• Lubrication

The standardization and the use of existing parts should be considered
at this time; however hydraulic performance should never be sacrificed
for mechanical or cost reasons. If sacrifice becomes necessary, adjust
pump hydraulics accordingly. Mechanical design features will be cov-
ered in other chapters.



The object of the volute is to convert the kinetic energy imparted to the
liquid by the impeller into pressure. The pump casing has no part in the
(dynamic) generation of the total head and therefore deals only with
minimizing losses.

The absolute velocity of the liquid at the impeller discharge is an im-
portant parameter in pump casing design. This velocity is, of course, dif-
ferent from the average liquid velocity in the volute sections, which is the
primary casing design parameter. The relationship between these two ve-
locities is given indirectly in Figure 5-1. This relationship is given in a
slightly different form in Figure 3-7.

Volutes, like all pump elements, are designed based on average veloci-
ties. The average velocity is, of course, that velocity obtained by dividing
the flow by the total area normal to that flow. Designs are usually based
only on the desired BEP flow, and the performance over the rest of the
head-capacity is merely estimated. The results of many tests in which the
pressure distribution within the volute casing was measured indicate that:

1, The best volutes are the constant-velocity design.
2. Kinetic energy is converted into pressure only in the diffusion

chamber immediately after the volute throat.
3, The most efficient pumps use diffusion chambers with a total

divergence angle between 7 and 13 degrees.
4. Even the best discharge nozzle design does not complete the con-

version of kinetic energy. This was indicated on the Grand Coulee
model pump where the highest pressure was read seven pipe diame-
ters from the discharge flange.

50

Volute Design
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Figure 5-1. Volute velocity/impeller peripheral velocity ratio.

The hydraulic characteristics of a volute casing are a function of the
following design elements:

• Impeller diameter
• Cutwater diameter—This is directly related to specific speed as shown

in Table 3-2.
• Volute Up angle—This is selected to suit the absolute flow angle at the

impeller discharge. However, considerable deviation is acceptable in
Sow to medium specific speed pumps.

« Volute areas—These are so arranged that areas increase gradually from
the volute tongue or cutwater, toward the volute nozzle, thus accommo-
dating the discharge along the impeller periphery.

• Volute width (b3)—This is made 1.6 to 2.0 times the impeller width (b2)
(Table 3-1).

« Discharge nozzle diameter
« Throat area—This area is the most important factor in determining the

pump capacity at BEP and is determined using Figure 3-8.
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Types of Volute Designs

There are several different volute designs being manufactured today.

Single-Volute Casing Designs

Single-volute pumps have been in existence from Day thie. Pumps de-
signed using single-volute casings of constant velocity design are more
efficient than those using more complicated volute designs. They are also
less difficult to cast and more economical to produce because of the open
areas around impeller periphery. Theoretically they can be used on large
as well as small pumps of all specific speeds. Stepanoff gives a complete
description of single-volute casing design.

In all volute pumps the pressure distribution around the periphery of
the impeller is uniform only at the BEP. This pressure equilibrium is de-
stroyed when the pump is operating on either side of the BEP, resulting in
a radial load on the impeller. This load deflects the pump shaft and can
result in excessive wear at the wearing rings, seals, packing, or bearings,
In extreme cases, shaft breakage due to fatigue failure can result. The
magnitude of this radial load is given by:

P = KHD2B2 spgr/2.31

Values of the experimental constant K are given in Figure 5-2. For a
specific single-volute pump it reaches its maximum at shutoff and will
vary between 0.09 and 0.38 depending upon specific speed. The effect of
the force will be most pronounced on a single-stage pump with a wide b2

or a large-sized pump.
It is safe to say that with existing design techniques, single-volute de-

signs are used mainly on low capacity, low specific speed pumps or
pumps for special applications such as variable slurries or solids han-
dling.

Double-Volute Casing Designs

A double-volute casing design is actually two single-volute designs
combined in an opposed arrangement. The total throat area of the two
volutes is identical to that which would be used on a comparable single-
volute design.

Double-volute casings were introduced to eliminate the radial thrust
problems that are inherent in single-volute designs. Test measurements,
however, indicate that while the radial forces in a double volute are
greatly reduced, they are not completely eliminated. This is because al~
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Figure 5-2. Radial thrust factor.

though the volute proper is symmetrical about its centerline, the two pas-
sages carrying the liquid to the discharge flange often are not. For this
reason, the pressure forces around the impeller periphery do not pre-
cisely cancel, and a radial force does exist even in double-volute pumps.

Values of the constant K have been established experimentally by actu-
ally measuring the pressure distributions in a variety of double-volute
pumps. The data presented in Figure 5-2 apply to conventional single-
stage double-volute pumps and indicate substantial reductions in the mag-
nitude of K. Tests on multistage pumps with completely symmetrical
double-volute casings indicate that the radial thrust is nearly zero over
the full operating range of the pump.

The hydraulic performance of double-volute pumps is nearly as good
as that of single-volute pumps. Tests indicate that a double-volute pump
will be approximately one to one and one-half points less efficient at
BEP, but will be approximately two points more efficient on either side of
BEP than a comparable single-volute pump. Thus the double-volute cas-
ing produces a higher efficiency over the full range of the head-capacity
curve than a single volute.

Double-volute pump casings should not be used in low-flow (below
400 GPM) single-stage pumps. The small liquid passages behind the long
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dividing rib make this type of casing very difficult to manufacture and
almost impossible to clean. In large pumps double-volute casings should
be generally used and single-volute designs should not be considered,

The Double-Volute Dividing Rib (Splitter)

The dividing rib or splitter in double-volute pumps causes considerable
problems in the production of case castings. This is particularly true on
small-capacity pumps where flow areas are small and a large unsup-
ported core is required on the outside of the dividing rib (splitter).

The original double-volute designs maintained a constant area in the
flow passage behind the splitter. This concept proved to be impractical
due to casting difficulties. In addition the consistently small flow areas
caused high friction losses in one of the volutes, which in turn produced
an uneven pressure distribution around the impeller. Most modern de-
signs have an expanding area in this flow passage ending in equal areas
on both sides of the volute rib.

The effects of volute rib length on radial thrust are shown in Figure
5-3. Note that the minimum radial thrust was achieved during Test 2 for
which the dividing rib did not extend all the way to the discharge flange.
Also note that even a short dividing rib (Test 4) produced substantially
less radial thrust than would have been obtained with a single volute.

Triple-Volute Casings

Some pumps use three volutes symmetrically spaced around the impel-
ler periphery. Total area of the three volutes is equal to that of a compara-
ble single volute. The triple volute casing is difficult to cast, almost im-
possible to clean, and expensive to produce. We do not see any
justification for using this design in commercial pumps.

Quad-Volute Casings

Approximately 15 years ago a 4-vane (quad) volute was introduced.
Later this design was applied to large primary nuclear coolant pumps
(100,000 GPM, 10-15,000 HP). The discharge liquid passage of these
pumps is similar to that of a multi-stage crossover leading to a side dis-
charge. There is no hydraulic advantage to this design.

The only advantage of this design is its reduced material cost. The
overall dimensions of quad-volute casing are considerably smaller than
those of a comparable double-volute pump.
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Circular-Volute Casings

Several pump manufacturers have conducted tests to evaluate the hy-
draulic performance of pumps with circular volutes. A study of the re-
sults of these tests reveals that circular volutes improve the hydraulic per-
formance of small high head or low specific speed units and impair the
performance of high specific speed pumps. Specifically, pump efficiency
is improved below specific speeds of 600. For specific speeds above 600
the efficiency of circular-volute designs will be 95% of that possible with
conventional volute designs. This can be explained by remembering that
in a conventional volute a uniform pressure and velocity distribution ex-
ists around the impeller periphery only at the BEP. At off-peak capaci-
ties, velocities and pressures are not uniform. For circular volutes the
opposite is true. Uniform velocity and pressure exist only at zero flow.
This uniformity is progressively destroyed as the capacity is increased,
Therefore, at BEP the casing losses are generally greater than those of
the conventional volute. For low specific speed pumps, however, there is
some gain in efficiency due to a circular volute since the benefits of the
Improved surface finish in the machined volute outweigh the problems
created by the nonuniform pressure distribution. A comparison of the ef-
ficiency of circular and conventional volutes is shown in Figure 5-4. The
use of a circular volute design should be considered in the following in-
stances:

• For small, high head, low specific speed (Ns 500-600) pumps.
» For a pump casing that must accommodate several impeller sizes.
• For a pump in which foundry limitations have dictated an overly wide

impeller b2.
» For a pump that must use a fabricated casing.
« For a pump that requires that the volute passage be machined in the

case casting.

General Design Considerations

It was pointed out previously that the casing itself represents only
losses and does not add anything to the total energy developed by the
pump. In designing pump casings it is therefore important to utilize all
available means of minimizing casing losses. However, commercial con-
siderations dictate some deviations from this approach, and experience
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Figure 5-4. Efficiency comparison of circular and conventional volutes,

has shown that these do not have a significant effect on casing losses. The
following design rules have shown themselves to be applicable to all cas-
ing designs:

1. Constant angles on the volute sidewalls should be used rather than
different angles at each volute section. Experience has shown that
these two approaches give as good results and the use of constant
wall angles reduces pattern costs and saves manufacturing time.

2. The volute space on both sides of the impeller shrouds should be
symmetrical.
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3. All volute areas should be designed to provide a smooth change of
areas.

4. Circular volutes should be considered for pumps below a specific
speed of 600. Circular volutes should not be considered for multi-
stage pumps.

5. The total divergence angle of the diffusion chamber should be be
tween 7 and 13 degrees. The final kinetic energy conversion is ob-
tained in the discharge nozzle in a single-stage pump and in both the
discharge nozzle and crossover in a multi-stage pump.

6. In designing a volute, be liberal with the space surrounding the im-
peller. In multi-stage pumps in particular, enough space should be
provided between the volute walls and the impeller shroud to allow
one-half inch each way for end float and casting variations, A vo-
lute that is tight in this area will create axial thrust and manufactur-
ing problems.

The Use of Universal Volute Sections for Standard Volute Designs

It has been noted that when the volute sections of different pumps are
factored to the same throat area; their contours are almost identical. Any
differences that do exist can be traced to mechanical considerations or the
designer's whim, rather than any important principle of hydraulic design.
Similarly, factoring the impeller width and the radial gap between the im-
peller and the cutwater reveals that the values of these parameters also lie
in a very narrow random range.

In other words, the entire discharge portion of the pump casing when
viewed in cross section and factored to a common throat area has only
minor variations throughout the entire specific speed spectrum. This fact
enables us to eliminate the usual trial-and-error method of designing vo-
lute sections while still consistently producing casings to a high standard
of hydraulic design. To facilitate this process we have prepared a set of
"universal" volute drawings on which the typical volute sections de-
scribed above have been laid out for a 10 sq in. throat area. Once the
designer has chosen his throat area, he can quickly produce the required
volute sections by factoring the sections shown for the "universal" vo-
lute. Sections for a single-volute pump are shown in Figures 5-5 and
5-6, and sections for a double volute pump are shown in Figure 5-7.

The Design of Rectangular Double Volutes

For low capacity (500-600 GPM) or low to medium specific speed
(Ns < 1,100) pumps, a rectangular volute design should be considered.
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Figure 5-5. Typical single-volute layout.

The universal volute sections for such a design are shown in Figure 5-8.
A rectangular volute casing requires the same throat area as a standard
volute casing and should be laid out according to the principle of constant
velocity.

Rectangular volutes are widely used in small single-stage and multi-
stage pumps. The benefits of the rectangular volute are strictly economi-
cal. The simple volute section yields a considerable cost savings due to
reduced pattern costs and production time. Over the range of specific
speeds where it is used the hydraulic losses are negligible.

The Design of Circular Volutes

The details of a typical circular volute casing design are shown in Fig-
ure 5-9, The ratio between the impeller diameter, D2, and the volute di-
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Figure 5-6. Universal volute sections for single-volute pump.

Figure 5-7. Universal volute sections and typical layout for trapezoidal double-
volute pump.
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Figure 5-8. Universal volute sections and typical layout for rectangular double
volute pump.

ameter, D3, is quite important and should not be less than 1.15 or more
than 1.2. The volute width, t, should be chosen to accommodate the wid-
est (maximum flow) impeller that will be used in the casing. The capac-
ity at BEP can be controlled by the choice of the volute diameter, D4.
Generally, the best results are obtained by selecting the volute width and
diameter for each flow requirement. To minimize liquid recirculation in
the volute, a cutwater tongue should be added. Tests have shown the ad-
dition of a cutwater tongue can reduce radial loads by up to 20%.

General Considerations in Casing Design

There are several considerations in the casing design process that apply
to all volute types. These are as follows:
• The most important variable in casing design is the throat area. This

area together with the impeller geometry at the periphery establishes
the pump capacity at the best efficiency point. The throat area should
be sized to accommodate the capacity at which the utmost efficiency is
required, using Figure 3-8. Where several impellers in the same casing
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are to be considered, the throat area should be sized for the standard
impeller and increased by 10% to maintain the efficiency of the high
capacity impeller.

• Since significant energy conversion takes place in the diffusion cham-
ber, the design of this element should be done with extreme care.

• The volute should be designed to maintain constant velocity in the vo-
lute sections,

• The overall shape of the volute sections should be as shown in Figures
5-5, 5-6, 5-7, and 5-8. The use of these figures will save the designer
time and introduce consistency into the design process.

» The volute spiral from the cutwater to the throat should be a stream-
lined curve defined by no more than three radii.

Figure 5-9. Typical layout for circular volute pump.
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Manufacturing Considerations

Casings, particularly of the double-volute design, are very difficult to
cast. In small- and medium-sized pumps the volute areas are small and
the liquid passages are long, requiring long unsupported cores. In volute-
type multi-stage pumps the problem is more pronounced since there are
several complicated cores in a single casing.

Casing Surface Finish

To minimize friction losses in the casing, the liquid passages should be
as clean as possible. Since cleaning pump casings is both difficult and
time consuming, an extreme effort to produce smooth liquid passages
should be made at the foundry. The use of special sand for cores, ceramic
cores, or any other means of producing a smooth casting should be stan-
dard foundry practice for producing casings.

Particularly with multi-stage pumps, however, even the best foundry
efforts should be supplemented by some hand polishing at points of high
liquid velocities such as the volute surfaces surrounding the impeller and
the area around the volute throat. Both of these areas are generally acces-
sible for hand polishing. In addition, both cutwater tongues should be
sharpened and made equidistant from the horizontal centerline of each
stage. The same distance should be maintained for each stage in a multi-
stage pump.

Casing Shrinkage

Dimensional irregularities in pump casings due to shrinkage variations
or core shifts are quite common. Shrinkage variations can even occur in
castings made of the same material and using the same pattern. The ac-
ceptance or rejection of these defects should be based upon engineering
judgments. However, knowing that shrinkage and core shifts are quite
common, the designer should allow sufficient space for rotating element
end float. The allowance for total end float should be a minimum of one-
half inch.

Conclusion

Although it is often claimed that casings are very efficient, this is mis-
leading, since the hydraulic and friction losses that occur in the casing
can only reduce the total pump output and never add to it. It is the design-
er's responsibility to do his utmost to minimize these losses.
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Notation

P Radial force (Ibs)
H Impeller head (ft)

D2 Impeller diameter (in.)
B2 Total impeller width including shrouds at D2 (in.)
K Experimental constant

sp gr Specific gravity

Reference

Stepanoff, A. J., Centrifugal and Axial Flow Pumps, 2nd edition, John
Wiley and Sons, Inc., New York, 1957, pp. 111-123.



Multi-stage casing discussed in this chapter will be related to one type
of pump, namely, a horizontally split, opposed impellers, double-volute
design, similar to one shown in Figure 6-1. This type of pump offers the
following features:

• Pump casings, when properly bolted, are suitable for high working
pressures. Many pumps in service are operating at 3,000 to 4,000 psi
discharge pressure.

• The pumps are axially balanced allowing the use of standard ball bear-
ings for many services. Only when shaft diameter is too big or rotating
speed too high, will Kingsbury-type bearings be required.

• When NPSHA is low, double-suction first-stage impellers are available
as a part of standard design.

• A completely assembled rotating element can be checked for shaft and
ring run-out over the full length of the shaft.

• The most modern designs have split impeller hub case rings, horizon-
tally split, allowing the assembled rotating element to be dynamically
balanced.

• The pumps are easily designed for high pressure and speeds above
7,000 rpm.

• Removal of the top half of the pump casing exposes the complete rotat-
ing element for inspection or repair.

The impeller design for the multi-stage pump is the same as that for a
one-stage unit, as described in Chapter 3. The double-volute design is
also the same as that for a one-stage pump as described in Chapter 5,
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Figure 6-1. Horizontally split opposed impellers double-volute multi-stage pump (courtesy BW/IP International, Inc. Pump
Division, manufacturer of Byron Jackson/United™ Pumps),



Design of Multi-Stage Casing 67

However, in a multi-stage casing, the liquid from one stage to the next
stage must be transferred by means of a crossover passage. The term
"crossover" refers to the channel leading from the volute throat of one
stage to the suction of the next. Crossovers leading from one stage to the
next are normally referred to as "short" crossovers and are similar to
return channels in diffuser pumps. These are normally designed in right
hand or left hand configurations, depending upon the stage arrangement,
Crossovers that lead from one end of the pump to the other or from the
center of the pump to the end are normally referred to as "long" cross-
overs.

The stage arrangements used by various pump manufacturers are
shown schematically in Figure 6-2. Arrangement 1 minimizes the num-
ber of separate patterns required and results in a minimum capital invest-
ment and low manufacturing costs. However, with this arrangement a
balancing drum is required to reduce axial thrust. Arrangement 2 is used
on barrel pumps with horizontally split inner volute casings. Arrange-
ment 3 is the most popular arrangement for horizontally split multi-stage
pumps and is used by many manufacturers. Finally, with Arrangement 4
the series stages have double volutes while the two center stages have
staggered volutes. This design achieves a balanced radial load and an ef-
ficient final discharge while requiring only one "long" crossover,
thereby reducing pattern costs and casing weight.

General Considerations in Crossover Design

The principal functions of a crossover are as follows:

• To convert the velocity head at the volute throat into pressure as soon as
possible, thereby minimizing the overall pressure losses in the cross-
over.

• To turn the flow 180° from the exit of one stage into the suction of the
next.

• To deliver a uniformly distributed flow to the eye of the succeeding
impeller.

• To accomplish all these functions with minimum losses at minimum
cost.

Velocity cannot be efficiently converted into pressure if diffusion and
turning are attempted simultaneously, since turning will produce higher
velocities at the outer walls adversely affecting the diffusion process.
Furthermore, a crossover channel that runs diagonally from the volute
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Figure 6-2. Multi-stage pump stage arrangements.

throat to the suction of the next stage imparts a spiral motion to the flow
resulting in prerotation and hydraulic losses. For these reasons, the
multi-stage pumps of 25 or more years ago were designed with high loop-
ing crossovers. To achieve radial balance these crossovers were in both
the top and bottom casing halves. This design, referred to as the "pret-
zel" casing, was very costly, difficult to cast, and limited to a maximum
of eight stages.

These problems prompted a study to evaluate the performance of vari-
ous crossover shapes. A 4-in. pump delivering 1,200 GPM at 3,550
RPM was selected as a model and the three crossover configurations
shown in Figure 6-3 were tested. For these tests the pump hydraulic pas-
sages were highly polished (60-80 micro-inches), ring clearances were
minimized and component crossover parts were carefully matched using
a template. Configuration 1 was designed with a total divergence angle of
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Figure 6-3. Configurations evaluated during crossover performance study.

7° in the passage between the volute throat and the entrance to the "U"
bend. From this point the area was held constant to the impeller eye. To
prevent prerotation a splitter was added to the suction channel. Cross-
overs 2 and 3 were designed maintaining the same areas at sections A, B,
and C with the same divergence angle but progressively reducing the ra-
dial extent of the crossover. The "U" bend on Crossovers 1 and 2 were
cast separately from the casing and highly polished before welding.
Crossover 3 was cast as a single piece, and the "U" bend polished only in
the accessible areas.

The results of testing all three crossover configurations are shown on
Figure 6-4. The tests indicated that Crossover 1 yielded a peak efficiency
four points higher than Crossover 3. Subsequent testing of commercial
units, however, indicated the difference to be only two points. The differ-
ence in improvement was attributed to the poor quality of the commercial
castings and the use of normal ring clearances. The two-point efficiency
loss associated with Crossover 3 was deemed commercially acceptable
and was incorporated in multi-stage pumps of up to fourteen stages by all
the West Coast manufacturers. These pumps were suitable for higher
pressures, easily adaptable to any number of stages, odd or even, and
readily castable even in double-volute configurations.
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Specific Crossover Designs

A successful multi-stage pump development should produce a product
that has excellent hydraulic performance, low manufacturing cost, and
requires a minimum initial capital investment. These three items become
the basic design requirements during the layout of horizontally split
multi-stage pumps. Hydraulically, the pump design should achieve the
best possible efficiency, as well as the highest head per stage, thereby
minimizing the number of stages required. The best available technology
should therefore be utilized to produce the most efficient volutes and im-
pellers. Although crossover design has only a secondary effect on pump
efficiency, it too should use every available "trick" to achieve the best
possible results.

Figure 6-5 shows short and long configurations of the two basic types
of crossovers normally used on multi-stage pumps. Both have been tested
by the West Coast pump companies. Results of these tests indicate that
the radial diffusion type is approximately one point more efficient than
the diagonal diffusion type.

Figure 6-4. Results of crossover performance study.
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Figure 6-5. Radial and diagonal diffusion crossovers.

Crossovers with Radial Diffusion Sections

The radial diffusion type crossover shown in Figure 6-5 has a diffusion
section that follows the volute periphery along the impeller centerline,
diffusing with a total divergence angle of 7° up to the point where area at
"B" is four times the volute throat area. This point should be reached
before the "U" bend to the suction channel. The suction channel should
be sized to accommodate the largest capacity impeller that will be used in
the pump. The area of the suction return channel should be consistent
immediately after the "U" bend. Some designers prefer to decelerate
slightly at the impeller eye; however, recent tests indicate that better effi-
ciency is obtained if the liquid is accelerated as it approaches the impeller
eye.

Tests on this type of crossover indicate a total head loss equal to 86% of
the inlet velocity head. The addition of a welded splitter in the "U" bend
will reduce this loss to 65 %. However, the cost of adding this splitter is
generally prohibitive, and it is not generally used.

From a theoretical viewpoint, crossover channels should have a circu-
lar cross section to minimize friction losses. However, all the designs on
the market today have rectangular shapes for practical reasons.
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To attaie the best hydraulic performance, anti-rotation splitters must be
added to the suction channel at the impeller eye. The best overall results
are obtained by placing two splitters at the casing parting split as shown
In Figure 6-5.

The long crossover is identical to the short or series configuration yp to
the area "B," where the long channel that traverses the pump begins,
This long channel should be designed with a "window" at the top for
cleaning and a properly shaped plate matched to the crossover opening
before welding. The configuration of the long crossover is also shown in
Figure 6-5.

Crossovers with Diagonal Diffusion Sections

The diagonal diffusion type crossover shown in Figure 6-5 leads the
liquid from the volute throat to the suction of the next impeller while
traveling diagonally around the periphery of the volute. This design has
one long radius turn as compared to the "U" bend used in the radial dif-
fusion type. Other than these differences, both types of crossover have
the same diffusion, area progression etc. Figure 6-5 also shows the con-
figuration in which the long crossover channel climbs over the short
crossover.

Even though this crossover has only a single long-radius turn, it is not
as efficient as the radial type. This can be attributed to the diagonally
located channel, which imparts a spiral motion to the fluid leaving the
volute throat, resulting in hydraulic losses larger than those in the "U"
bend.

Mechanical Suggestions

In previous chapters, we have described design procedures for centrif-
ugal pump impellers and volutes applicable to one-stage or multi-stage
units and in this chapter crossovers for multi-stage pumps only. However,
hydraulic considerations alone for multi-stage pumps are not sufficient to
complete a final unit. Mechanical details must be considered. This refers
to patterns, foundry methods, mechanical bolting, and quality controls,

Patterns

Multi-stage casings have quite complex shapes of liquid passages, in-
cluding crossovers, crossunders, double volutes at each stage, etc. For
this reason, pattern equipment must be of high quality sectional design to
allow for variations in number of stages. Normal practice is to make the
first pattern a four stage of hard wood with each stage being a separate
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section. For additional stages, the sections are duplicated in plastic mate-
rial. For each stage combination, plastic sections should be assembled on
their own mounting boards, This arrangement will allow several pumps
of different stages to be produced at the same time.

Foundries

The core assembly for multi-stage pumps is very complex as shown in
Figure 6-6. It shows a 12-stage 4-in. pump with a single-suction first-
stage impeller.

In order for the rotating element to fit into the pump casing, each vo-
lute core must be assembled perpendicular to the shaft centerline. To as-
sure perpendicularity, a special gauge should be made for this purpose.

It is also vitally important to cast casing with wet area surfaces as
smooth as possible. For this reason, the casing cores should be made
from "green sand" or ceramic materials.

The major hydraulic loss in multi-stage pumps is friction loss. To mini-
mize this, the as-cast-surface roughness of the internal passages should
be a minimum of 125 micro inches. The smoother the wet areas, the less
the cost of hand polishing or grinding will be.

Figure 6-6. Core assembly.
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Casing Mismatch

On horizontally split pump casings mismatching between the upper and
lower casing halves is quite common. This mismatch is normally cor-
rected by hand filing using a template (Figure 6-7). The same template is
used by the machine shop to define bolt locations and also by the foun-
dry. It is quite important that the fluid passages in both halves of the cas-
ing match in both the horizontal and vertical planes since any mismatch-
ing will adversely affect pump performance.

Check for Volute interference

After the pump casing is completely finished to satisfy quality specifi-
cation, the assembled rotating element should be installed in the casing
(as shown in Figure 6-8) to check for interference against volute walls.
Also check the element for total end float, which should be no less than
one-half inch total or one-quarter inch on each end.

* It is important to have the volute symmetrical about shaft centeriine.
* A Vie-in, deep relief should be machined around each stud at the split.

At each stud at assembly the metal will rise. The relief will allow the
gasket to lay flat, reduce gasket area, and increase gasket unit pressure.

* It is very important to install splitters at each impeller suction entrance.
These can be installed recessed at the casing split or cast on casing hub
rings.

« Horizontally split centrifugal pumps are designed for relatively high
pressures; 3,000 psi hydrotest is very much standard by many manu-
facturers. Pressure up to 6,000 psi hydro can be obtained by special
design of bolting and case.

It is essential (to prevent stage-to-stage bypassing) to have all bolts lo-
cated as close as possible to the open area. The high pressure differential
in opposed impeller design multi-stage pumps is between two center
stages and at the high pressure end. Particular attention to bolting should
be paid in these two areas. It is sometimes advantageous to provide ele-
vated bosses to bring bolting closer to open area.
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Figure 6-7. Split case template.
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Figure 6-8. Multi-stage rotating element.

As a guide to selecting bolt size use:

Number of bolts =
S x AR

Notation

P Hydrotest pressure (psi)
A Total area at split minus total area of bolt hole relief diameter (sq

in.)
S Allowable bolt stress (psi)

AR Root area of bolt thread (sq in.)



The double-suction single-stage pump is, perhaps, the most widely
used pump throughout the industrial world. Applications range from
light duty building trade pumps to heavy duty pipeline injection pumps
(Figure 7-1).

The double-suction is a very simple machine whose initial cost is rela-
tively low. Above 700-1,000 GPM, efficiency is high and required
NPSH is low. All modern double-suction pumps are designed with dou-
ble-volute casing to maintain hydraulic radial balance over the full range
of the head-capacity curve. Having a double-suction impeller, the pumps
are theoretically in axial balance. Double-suction pumps often have to
operate under suction lift, run wide open in a system without a discharge
valve, or satisfy a variable capacity requirement. These pumps may be
quite large, pump high capacities, and handle pumpage with gas or en-
trained air. In spite of all this, they are expected to operate without noise
or cavitation. Suction passage design should therefore be based on the
best available technical "know-how," and liberties should not be taken
during the design process.

Double-Suction Pump Design

Pump Casing

The double-suction, double-volute casing is designed in identical man-
ner to the single-suction pump, as described in Chapter 5. The specific
speed, Ns, of a double-suction pump is identical to the single-suction
unit. Do not divide calculated pump specific speed by the square root of
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Figyre 7-1. Inc. of
Byron Jackson/United™ Pumps),
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two. Experience shows that this procedure will give misleading design
factors and unfavorable test results.

Design of the suction approach to the pump impeller for double-suction
pumps will differ from the single-suction design. This will be covered in
detail in the following paragraphs.

Double-Suction Impeller

The method for calculating impeller diameter, impeller width, number
of vanes, and vane angularity is identical to the procedure for the single-
suction impeller described in Chapter 3. The method for impeller layout
will also follow Chapter 3, with a double-suction impeller being consid-
ered two single-suction impellers back to back. With double entry the eye
area is greater and the inlet velocity lower, thus reducing NPSHR.

Side Suction and Suction Nozzle Layout

The importance of hydraulic excellence in the design of liquid passage
areas from suction nozzle to the impeller eye or eyes is quite often
minimized or unfavorably adjusted for economic reasons. Experience
shows that this approach leads to many field NPSH problems. The cur-
rent trend in industry is one of reducing NPSHA; therefore, it is essential
for optimum NPSHR that the design of the suction approach to the impel-
ler eye be carefully controlled.

We know from experience that in the design of the side suction inlet a
certain amount of prerotation of the incoming liquid is desirable. To ob-
tain this condition, the baffle (or splitter) is provided. This splitter is ro-
tated 30° to 45 ° from suction centerline in the direction of pump rotation.
The splitter will locate the radial section of zero flow, and the areas will
progressively increase in both directions away from it.

The following drawings and information must be available to design a
side suction.

1. Volute layout.
2. Impeller layout.
3. Shaft or sleeve diameter at the impeller.
4. Suction nozzle size.

Layout of the laterally displaced side suction should be done in two
parts:

1. Sketch an approximate end view and profile (Figures 7-2 and 7-3)
using the following guidelines:
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Figure 7-2. Double-suction layout—end view.

Table 7-1
Linear Dimensions of Suction Sections
Section Approx. Dimension |

1 D, x 0,84
2 D, X 0.90
3 DI x 0.95
4 D| x 1.06
5 D! x 1.17
6 DJ X 1.30
7 D, x 1.65

A-B DJ X 1.8 to 2

Table 7-2
Areas of Suction Sections

Section Area
6 .5 (Area at A-B)
5 .375 (Area at A-B)
4 .25 (Area at A-B)
3 .125 (Area at A-B)
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Figure 7-3. Double-suction layout—profile.

a. For linear dimensions of Sections 1 through 7, and A-B, use Ta-
ble 7-1.

b. Area progression from nozzle to impeller should follow Figure
7-4. The range suggested permits impellers of different suction
specific speeds to be used with a common suction.

c. Areas of Sections 3 through 6 measured normal to the flow are
shown in Table 7-2.

2. Make final layout after checking all areas and dimensional location
of suction nozzle.
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Suction Layout (End View)

See Figure 1-2 for a diagram of the layout.

1. Draw a circle DI at point O.
2. Locate Sections 1 through 7 from Table 7-1.
3. Locate Section A-B perpendicular to flow, approximately Ds di-

mension from O. For length of A-B use Table 7-1.
4. Locate nozzle dimensions L and S and mark off nozzle diameter.

Dimension L should be only long enough for gradual area progres-
sion and clearance behind the flange bolting. This clearance be-
comes more critical on horizontally split pumps, where nozzle bolt-
ing may interfere with the parting flange,

5. Connect all points freehand.
6. Locate Section C-D somewhere between A-B and nozzle.
7. Layout volute metal line.
8. Lay in chords PI, Pa, and P3 to mid point of A-B, C-D, and nozzle

respectively.

Suction Layout (Profile)

See Figure 7-3 for a diagram of the profile.

!. Layout impeller shape, including shaft and sleeve.
2. Layout volute shape and metal line at intersection of chord Pa-
3. Layout volute shape in dotted lines at location X to observe maxi-

mum blockage.
4. Curve metal line around volute sections into the impeller eye,

maintaining minimum metal thickness.
5. Mark off chord lengths PI, ?2, and P3.
6. Locate nozzle diameter.
7. Approximate width of A' - B' and C' - D' to satisfy area pro-

gression from Figure 7-4.
8. Connect outer wall points freehand with ample curvature into im-

peller eye.
9. Lay in Sections 1 through 7. In this example only Section 1 is

shown.
10. Develop Sections A-B and C-D as surfaces of revolution (Figure

7-5). Sections can be divided into any number of increments (e.g.,
PA and PB). Transfer these chords from the end view to the pro-
file, measure dimensions P' - A' P' - B' and transfer to section
layout.
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LOCATION

IMPELLER EYE

SECTION A-B

SUCTION FLANGE

AREA

100

120 TO 140

132 TO 169

Figure 7-4. Suction area progression.

Figure 7-5. Double-suction layout—sections.
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11. Repeat Step 10 for Sections C-D or any other sections deemed
necessary.

12. Close sections with appropriate radii. These should be liberal for
castability and should follow a smooth transition in the end view.

13. Check areas and if necessary adjust end view and/or profile view
to satisfy area progression (Figure 7-4).

Example

Double Suction Pump:

• Eye diameter D| = 5.5 in.
» Shaft diameter = 3 in.
• Total eye area = 32 in.2

• Area at A-B = 39 in.2

• Suction nozzle = 8 in. Area = 50 in.2

• Area section #6 = 19.5 in.2

• Area section #5 = 14.6 in.2

• Area section #4 = 9.75 in.2

• Area section #3 = 4.9 in.2

The double-suction casing in combination with a double-suction im-
peller has an inherent NPSH advantage over a single-suction combina-
tion. Reduction of the required NPSH is normally 40% to 50%. This
NPSH advantage of the double suction model makes it possible to be
adopted (in addition to the standard horizontally split, single-stage
pump) to many different types of centrifugal pumps such as:

« Double-suction single-stage vertically split casing pumps, suitable
for high temperatures and medium pressures.

» As a first stage in a horizontally split multi-stage double-volute-type
pump.

• As a first stage in the barrel-type multi-stage units, suitable for very
high pressures and temperatures up to 800 °F.

• To the overhung API process single-stage pumps.
• In vertical pumps (can type) as a single-stage or as a first-stage ar-

rangement, to reduce "can" length.
• Vertical in-line booster pumps.



The expressions NPSHR and NPSHA are accepted abbreviations for
net positive suction head required and net positive suction head available.
Probably more has been written on NPSH than any other subject involv-
ing pumps. With so much literature available, one might assume that
NPSH and its relationship to cavitation is well understood. Nothing could
be further from the truth. To this day, NPSH is still misunderstood, mis-
used, and misapplied, resulting in either costly over-design of new sys-
tems or unreliable operation of existing pump installations. Avoiding
these problems requires accurate prediction of NPSHR, supply of suffi-
cient NPSHA, and attention to suction piping approach. NPSHR can be
considered the suction pressure required by the pump for safe, reliable
operation,

Establishing NPSHA

Establishing NPSHA, which is the head available characteristic of the
system that provides flow of liquid to the pump, is the responsibility of
the system designer. As NPSHR increases with pump capacity, normal
practice is to establish NPSHA at the operating condition, then add a rea-
sonable margin to accommodate any anticipated increase in pumping ca-
pacity. All too often, future operating problems begin here. It is not un-
usual for the ultimate user to add some anticipated increase in capacity,
then for insurance the contractor designing the system adds even more.
When the pump designer finally gets the data sheet, he designs the impel-
ler inlet and suction nozzle geometry for operating capacity, plus user
margin, plus contractor margin. If these margins are not carefully con-
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trolled, the result can be an over-sized pump that operates well to the left
of BEP (Figure 8-1). Such over-designed pumps are vulnerable to surg-
ing, recircuiation, cavitation, noise, and vibration. This is particularly
true with high-suction specific speed pumps above 11,000 where the inlet
geometry has already been extended for minimum NPSH.

For minimum energy consumption and trouble-free operation, pumps
should ideally be operated between 80% and 100% BEP. As this is not
always possible or practical, pumps will often operate at lower flows. It
is therefore important that the minimum flow for continuous trouble free
operation be carefully considered by the pump designer. Minimum flow
is influenced by physical pump size, margin between NPSHA and
NPSHR, impeller inlet geometry, suction nozzle geometry, mode of op-
eration, and last but not least, the liquid being pumped. With so many
variables it is not unusual to find recommended minimum flows ranging
from 10% to 60% BEP.

Figure 8-1. Margins of safety result in oversized pump.
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Predicting NPSHR

The other side of the coin necessary for reliable operation is of course
accurate prediction of NPSHR by the pump designer.

In considering NPSHR, it is necessary to understand that a centrifugal
pump is designed as a hydraulic machine to move liquids. Any amount of
entrained air or gas present will cause a deterioration in pump perfor-
mance. Various tests substantiate the claim that a volume of only one per-
cent air or gas will cause a loss of head and efficiency. As liquid travels
from suction nozzle to impeller eye, it will experience pressure losses
caused by friction, acceleration, and shock at blade entry. If the summa-
tion of these losses permits vaporization of the liquid, vapor bubbles will
form in the impeller eye, travel through the impeller, and upon reaching a
high pressure region, collapse. This collapse or implosion of the vapor
bubbles is classic cavitation, which can lead to impairment of perfor-
mance and impeller damage (Figures 8-2 and 8-3). Thus, predicting

Figure 8-2. Cavitation damage—looking into impeller eye.



88 Centrifugal Pumps: Design and Application

Figure 8-3. Cavitation damage—at leading edge of one vane.

NPSHR is in fact predicting the losses in the critical area between suction
nozzle and the leading edge of the first-stage impeller blades (Figure 84).

Moderate Speed Pumps

One method used successfully for many years by pump designers will
predict MPSHR with reasonable accuracy when the pump liquid is water.
The inlet velocity of the liquid entering the impeller eye, CMI» and the
peripheral velocity of the impeller blade, Ut, are calculated and the ratio
used to predict NPSHR (Figure 3-6), The chart is valid only for flows
between 50% and 100% BEP at maximum impeller diameter. For capaci-
ties above 100% BEP, apply the factors indicated on the chart. Develop-
ment of this chart is a result of acquisition of many years of pump test
data. Values read from the chart will approximate the NPSHR established
during pump testing using 3 % head loss as criteria. When velocities ex-
ceed those shown, the chart should not be extrapolated.

The most commonly used method in determining the cavitation charac-
teristics of a centrifugal pump is to cause a breakdown in the normal head
capacity curve. This is done by holding the speed and suction pressure
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Figure 8-4. Pressure loss between suction nozzle and leading edge of impeller
vane.

constant and varying the capacity, or by holding the speed constant and
reducing the suction pressure at various capacities. Either of these meth-
ods will produce a breakdown in the head characteristic as shown in Fig-
ure 8-5, indicating a condition under which the performance of the pump
may be impaired.

Accurately determining the inception of cavitation requires extreme
control of the test and involves sophisticated instrumentation. The Hy-
draulic Institute has permitted a drop in head of 3 % to be accepted as

Figure 8-5. Loss in head during cavitation test.
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evidence that cavitation is present under test conditions. They do caution,
however, that where it is important to establish normal operation with an
appreciable margin over the minimum required NPSH, values as low as
1 % should be used. They fiirther caution, that the pump should be oper-
ated above the break-away sigma if noise and vibration are to be avoided.

influence of Suction Specific Speed (Nss)

When evaluating NPSHR one should always refer to the suction spe-
cific speed (Nss) and not to sigma, whose value depends on the head de-
veloped. Thus the same impeller when tested before and after a diameter
trim will show different values of sigma yet will behave identically under
cavitation. In comparing cavitation performance and predicting NPSHR,
we prefer to use the suction specific speed parameter. This can be applied
in the same manner as sigma yet has more significance as it relates only
to the inlet conditions and is essentially independent of discharge geome-
tries and pump specific speed.

Figure 8-6 shows suction velocity triangles for NSs from 7,000 to
16,000. It graphically shows that as suction specific speed increases, nor-
mal vane entrance angle becomes flatter, CMJ relative to shaft becomes
smaller, and peripheral velocity at impeller eye becomes greater. The ra-
tio of CMI to LJt for higher suction specific speed, is very small and
chances for cavitation are greatly increased. This cavitation would ap-
pear for the following reason: To move liquid from one point to another,
a change of pressure gradient must take place. But as CMI (velocity) is
reduced, velocity head, V2/2g, is also reduced. When it becomes lower
than the head required to overcome impeller entrance losses, the liquid
will backflow creating cavitation and pump damage.

Figure 8-7 represents a test of a four-inch pump with eight different
suction specific speed impellers. Best efficiency point of all impellers is
the same. Impeller profile is also the same, but impeller eye geometry is
different for each suction specific speed. Some tests on different types of
pumps might show different results, but the trend should be the same.
This test shows the stable cavitation-free window for seven suction spe-
cific speeds and could be used as a guide for pump selection.

High Speed Pumps

The prediction methods and NPSH testing just described under moder-
ate speed pumps are valid and well substantiated for low- to moderate-
speed pumps. It is our opinion, however, that neither method will ensure
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SUCTION VELOCITY TRIANGLES

Figure 8-6. Change in velocity triangle with suction specific speed.
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Figure 8-7. Stable operating window vs. suction specific speed.

damage-free operation on high speed pumps. The term "high speed"
does not refer to RPM, but to blade peripheral velocities above 160 ft/
sec. Thus a pump operating at high RPM with a small eye diameter may
be less critical than a slower pump with a larger eye.

A weakness of the 3 % head loss suppression test is that even when con-
ducted at full speed it fails to provide any evidence of the extent of cavita-
tion damage when the pump operates in this 3 % zone for extended peri-
ods. This is particularly true of high-speed pumps operating on water
where cavitation damage can occur at NPSHA values above 3 % head loss
and in some instances, even with 0% head loss. Even the inception of
cavitation detected by acoustic noise testing does not establish the value
of NPSHA for damage-free operation.

To prevent damage and permit safe operation of high-speed pumps, it is
suggested that pumps be supplied with NPSH predicted on a theoretical
basis and that this characteristic performance be termed the "damage
free" or "cavitation free" NPSHR curve. This method of prediction
could be useful in complying with specifications that require a guarantee
of 40,000 hours damage-free operation due to cavitation.
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Figure 8-8. Performance curve showing NPSHR cavitation free and NPSHR 3%
head loss.

"Cavitation-free NPSHR" cannot be demonstrated by a suppression
test, as no head loss will be evident. Therefore, to satisfy the normal re-
quirement for testing on the pump manufacturer's test stand, it is sug-
gested that two NPSHR curves be offered with the pump quotation.
These would be "cavitation-free NPSHR" and the conventional 3% head
loss NPSHR (Figure 8-8).

Cavitation-Free NPSHR

As described earlier, cavitation is the formation of vapor-filled cavities
in the pumped liquid resulting from a sufficient reduction of the liquid
pressure to vaporize a proportion of the liquid. To prevent this vaporiza-
tion and the damage associated with it, the pump designer must first con-
sider the head losses in the most critical area, which is between the inlet
nozzle of the pump and the leading edges of the first-stage impeller
blades, This head loss is a result of the following factors:

1. Head loss due to friction.
2. Head drop due to fluid acceleration, which is the energy required to

accelerate the flow from the suction nozzle to the impeller eye.
3. Head shock loss due to blade entry, which is the localized drop at

the blade leading edge and is a function of the angle of attack and
blade entry shape.
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Both the friction losses and the acceleration losses are proportional to
the square of the liquid velocity as it approaches the impeller eye with a
constant of proportionality designated by Kj. The losses due to blade en-
try are proportional to the square of the velocity of flow relative to the
blade leading edge with a constant of proportionality designated by K2.
To prevent cavitation, these losses must be compensated by supplying ad-
equate NPSH to the pump. This "cavitation-free" NPSHR can then be
expressed as:

where the first term, K}CMi2/2g, represents the friction and acceleration
losses, and the second term, K/zW2/2g, represents the blade entry losses,
From this, it can be seen that, in small pumps of low speed, the first term
is predominant, while for large and/or high speed pumps, the second
term is the controlling factor and the first term is of secondary impor-
tance. This explains why it is often possible to reduce NPSHR on moder-
ate speed pumps by changing to a larger eye impeller. As cavitation is
most likely to occur in the region where the relative velocity, w, is high-
est, the calculation is based only on the maximum diameter of the blade
tip, D,, at the impeller entry.

The incidence angle, a, that influences Ka is the difference between the
inlet blade angle, Bj, and the flow angle, 0 (Figure 8-9). Bj is deter-
mined from CMI multiplied by factor Rj, which allows for the effects of
recirculated flow, QL, and nonuniform velocity distribution. As the leak-
age, QL, does not remain constant due to internal erosion, and as many
engineers differ in their selection of RI, it is seldom if ever that a equals
zero. Leakage QL through impeller wear ring clearances and balance

Figure 8-9. Blade and flow angle at impeller inlet.
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Figure 8-10. Leakage across wear ring back to impeller eye.

Figure 8-11. Leakage across high pressure bushing back to impeller eye.

lines in a multi-stage pump (Figures 8-10 and 8-11) should be added to
the flow Q entering the impeller eye. This leakage will vary with the
head developed and therefore has more influence on a during low flow
operation. Pumps of low specific speed where ring leakage can be a sig-
nificant percentage of pump flow will show increased NPSHR with in-
creased ring clearance. One example is shown in Figure 8-12.
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Figure 8-12. Influence of wear ring clearance on NPSHR.

Influence of Suction Nozzle

KI is largely influenced by the pump suction nozzle approaching the
impeller eye. To confirm values of KI, a pump was modified by install-
ing area reducing steel plates in the suction approach as shown in Figures
8-13, 8-14, 8-15, and 8-16. The plates were first formed in wood con-
forming to existing suction nozzle core box shape, then manufactured in
steel and welded in place. NPSHR tests were conducted before and after
the modification in accordance with the standards of the Hydraulic Insti-
tute, using 3% head loss as the criterion. The results, shown in Figure 8-
17, illustrate the influence of nozzle geometry approaching the impeller
and lead to the observations now described.

The test pump was of the double-inlet split-case type. This complex
suction passage from pozzle to impeller eye, makes it difficult to deter-
mine analytically the expected losses. It is documented that a design of
this type, which changes the direction of flow at least four times and
moreover splits the flow into two separate channels, can have apprecia-
ble influence on the energy loss—sometimes as high as 2% to 3% of the
effective head of one impeller. The improvements experienced in the test
are difficult to confirm analytically. However, it is obvious that the re-
duced energy loss could not result from velocity change alone.



NPSH 97

Figure 8-13. Plate inserts in double-suction nozzle.

Figure 8-14. Wooden templates for plate inserts.
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Figure 8-15. Plate inserts installed in upper half case.

Figure 8-16. Plate inserts installed in lower half case.
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Figure 8-17. Influence of plate inserts on NPSHR.

It can be assumed that this improvement is influenced by reduced sepa-
ration, improved flow stability and streamlining, a progressive increase
in velocity, and the resulting reduced turbulence. It must also be accepted
that any disturbance in the approach to the impeller can cause unequal
distribution of flow rates into the two impeller eyes at different locations,
These diversions from the correct angle of attack at the leading edge of
the blades produce a corresponding head loss.

The test confirms that the cavitation characteristics of a good impeller
design can be impaired by poor suction nozzle design. This is particu-
larly true with double-entry impeller pumps where the complex nozzle
geometry can adversely affect KI. A well designed suction nozzle has a
gradual decrease in area from nozzle to impeller, allowing a progressive
increase in velocity. Area distribution guidelines are shown in Figure
7-4. The range suggested permits impellers of different suction specific
speeds to be used with a common suction.

Using the actual suction nozzle area ratio at Section A-B gives a rea-
sonable means of estimating K} (Figure 8-18). For the same incidence
angle a, K2 has a higher value at capacities above design. For estimating
K2 use Figure 8-19.

influence of Liquid

The boiling of the liquid in the process of cavitation is a thermal pro-
cess and is dependent on the liquid properties, pressure, temperature, la-
tent heat of vaporization, and specific heat. To make this boiling possi-
ble, the latent heat of vaporization must be derived from the liquid flow.
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Figure 8-18. Estimating K,.

The extent of cavitation damage depends on the proportion of vapor re-
leased, the rapidity of liberation, and the vapor specific volume, lairing
this into consideration the cavitation face calculation can be corrected by
applying a gas-to-liquid ratio factor Cb (Figure 8-20). On this basis, cold
water must be considered the most damaging of the commonly pumped
liquids. Similarly, this difference in behavior applies to water at different
temperatures. A review of the properties of water and its vapor at several
temperatures shows the specirlc volume of vapor decreases rapidly as
pressure and temperature increase. This difference in behavior under
cavitating conditions makes cold water more damaging than hot.

The problems associated with cold water are substantiated by operating
experience in the field, where pumps handling certain hydrocarbon flu-
ids or water at temperatures significantly higher than room temperature
will operate satisfactorily with a lower NPSHA than would be required
for cold water.
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Figure 8-19. Estimating K2.

Example

Ignoring internal leakage back to the impeller, calculate NPSHR
cavitation free for the pump now described.

• Capacity—1,800 GPM
• Product—Water
• Temperature—70° F
• Speed—8,100 RPM
• Impeller eye area—17.2 sq in.
• Eye diameter—5 in.
• Inlet blade angle—15°
• Suction area at A-B—24 sq in.
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Figure 8-20. Gas-to-liquid ratio vs. NPSH correction factor, Co (from D. J, Viam-
ing, "A Method of Estimating the Net Positive Suction Head Required by Centrif-
ugal Pumps," ASME 81-WA/FE-32).

Step 1: Determine K{,

Ratio at A-B = 24/17.2 = 1.4

From Figure 8-18:

Step 2: Calculate 0.

From Figure 8-9:
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Step 3: Determine KI*

From Figure 8-9:

From Figure 8-19, as 1,800 GPM is less than BEP:

Step 4: Calculate NPSHRfrom Equation 8-2.

From Figure 8-20,

Figures 8-21, 8-22, and 8-23 show examples of calculating NPSH A,

Suction Piping

As described earlier, NPSHR is influenced by suction nozzle design.
Similarly, poor suction piping can adversely affect NPSHR and pump
performance. Double-suction first-stage impellers are particularly vul-
nerable to a nonuniform approach of the liquid. If elbows are located
close to the pump, they should be oriented to provide equal distribution
of flow into both eyes of the impeller. An elbow parallel to the pump
shaft directly before the pump is conducive to spiral flow and unbalanced
flow distribution into the two eyes. Unequal flow distribution can result
in excessive vibration, high axial thrust loads, noise, and cavitation.

Effect of Viscosity

Although the influence of viscosity is predictable on other hydraulic
characteristics, particularly head, capacity, and efficiency, little general
information is available to indicate the effect on NPSHR. From experi-
ence we know that up to 2,000 SSU we are safe in using water NPSHR



Figure 8-21, Calculating NPSHA for suction lift,



Figure 8«22. Calculating NPSHA for pressure drum.



Figure 8-23. Calculating NPSHA for liquid at boiling point,
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Figure 8-24. NPSHR cavitation free compared with NPSHR Hydraulic institute.

values. Above 2,000 SSU, it is necessary to use the pump designer's
judgment or experimentally determine the cavitation characteristics.

Figures 8-24 through 8-26 compare our cavitation-free NPSHR with
NPSHR as permitted by the Hydraulic Institute. The Hydraulic Institute
values shown were established by test and cavitation-free values calcu-
lated. Of 98 pump tests reviewed, 60 were selected for compilation of
data. Criterion for selection was a witnessed suppression test conducted
in accordance with the standards of the Hydraulic Institute. To reduce
scatter, test data were confined to capacities limiting a to a maximum of
6l/2°. The pumps used were limited to a maximum impeller blade periph-
eral velocity of 120 ft/sec. At higher velocities, the difference between
cavitation-free and Hydraulic Institute will be more evident. Suction spe-
cific speed values lower than those shown in Figure 8-26 can be ex-
pected. General details of the pumps are:

• Number of pumps—50
• Number of tests—60
• Pump size (discharge nozzle)—! in. to 30 in.
• Impeller diameter—7 in. to 37 in.
• Number of stages—One
• Impeller entry—Single suction: 26 pumps. Double suction: 24 pumps.
• Specific speed range—500 to 4,750
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Figure 8-25. Sigma cavitation free compared with Sigma Hydraulic Institute,

Figure 8-26. Suction specific speed cavitation free compared with suction spe-
cific speed Hydraulic Institute.
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Notation

KI Friction and acceleration loss coefficient
Ka Blade entry loss coefficient

NPSHR Net positive suction head required (based on test or by calcula-
tion)

NPSHA Net positive suction head available on site
CMI Average meridional velocity at blade inlet (ft/sec) =

.321 Q/Ae
w Relative velocity of flow (ft/sec)
Ut Peripheral velocity of impeller blade (ft/sec) = DtN/229
g Gravitational acceleration (ft/sec2)
0 Angle of flow approaching blade
a Angle of incidence
„ Sigma = M|H

H Head generated per impeller (ft)
B1 Blade angle at outer radius of impeller eye
Cb Gas-to-liquid ratio factor
Q Pump capacity (GPM)

QL Recirculated leakage entering impeller (GPM)
Rt Factor in determining BI
Dt Diameter at blade tip (in.)
N Speed (RPM)

N CO^°-5

Nss Suction specific speed = vv/—

(for double suction impellers, use (Q/2)°5)
BEP Best efficiency point on performance curve

Ns Specific speed = N ffi°'5

Ae Impeller eye area at blade entry (sq in.)
Uh Peripheral velocity of impeller blade at hub (ft/sec)
Ci Absolute velocity of flow (ft/sec)
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Pump Division

This chapter discusses radially split bowl pumps that are typically
mounted vertically. In older literature these pumps are often, but improp-
erly, referred to as vertical turbine pumps. This pump type is unique in
that designs with optimum efficiency can be obtained over the full spe-
cific speed range, normally with values from 1,500 to 15,000. In the up-
per specific speed range, the pumps are referred to as axial flow or pro-
peller pumps. The impeller profile changes with the specific speed as
shown in Figure 9-1.

The hydraulic performance parameters, including efficiency, compare
favorably with centrifugal pumps of the volute and diffuser type. How-
ever, except for highly specialized designs, vertical pumps are seldom
used for high speed applications above 3,600 rpm.

Vertical pumps can be designed mechanically for virtually any applica-
tion and are the only suitable configurations for certain applications such
as well pumping. They are commonly used for handling cryogenic liq-
uids in the minus 200°F to minus 300°F range as well as for pumping
molten metals above 1000°F. The radially split bowl design lends itself to
safe, confined gasketing. For high pressure applications, typically above
1,0(30 psi discharge pressure, an outer pressure casing can be employed,
similar to that which is used for double-case, horizontal pumps. Except
for conventional well pumps, the mechanical design for the majority of
vertical pumps is customized in accordance with the application require-
ments. This requires close cooperation between the pump manufacturer
and the architect/engineers responsible for the pump mounting structure
and system piping.
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Figure 9-1. Specific speed and impeller profiles.

Configurations

There are three primary types of vertical pump configurations that are
used for a broad range of applications.

Well Pumps

Designed to be installed in cased wells, these pumps consist of a multi-
stage pumping element or bowl assembly installed at sufficient depth be-
low the dynamic water level (the water level when the pump is operating)
and with sufficient NPSH to preclude cavitation. The subject of NPSH is
dealt with in detail Chapter 8. The bowl assembly, as illustrated in Figure
9-2, consists of a series of impellers mounted on a common shaft, and
located inside diffuser bowls. The number of stages is determined by the
height to which the liquid must be raised to the surface plus the design
pressure required at the surface. The bowl assembly is suspended from a
segmented column pipe mat directs the flow to the surface where the col-
umn pipe is attached to a discharge head. The column also houses the
lineshaft with bearings for transmitting the torque from the driver to the
bowl assembly. The discharge head, in addition to providing the required
connection to the customer's piping, also serves as the base for the driver.
The driver can either be a direct electric motor drive, typically of hollow
shaft construction, see Figure 9-3, or a right angle gear drive powered by
a horizontal engine or turbine. The discharge head must be supported on
a foundation adequate to carry the water-filled weight of the pumping
unit plus the driver weight. However, the hydraulic thrust developed by
the pump impellers is not transmitted to the foundation.
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Figure 9-2. Well pump with hollow shaft, electric motor (courtesy BW/IP interna-
tional, Inc. Pump Division, manufacturer of Byron Jackson/United™1 Pumps).

An alternate well pump design uses a submersible electric motor drive,
which is close coupled to the pump as shown in Figure 9-4. The motor can
either be of the "wet winding" or "dry winding" design. For large motors,
250 HP and up, the preferred construction is the dry winding with the motor
sealed and oil filled [2]. The motor is typically mounted below the pump, so
there will be continuous flow of liquid around the outside of the motor for
cooling. The submersible configuration eliminates the need for a lineshaft
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Figure 9-3. Vertical hollow shaft motor (courtesy U.S. Electrical Motors, Divi-
sion of Emerson Electric Co.).

with bearings and its inherent, critical alignment requirements. Only a con-
ventional, taper thread discharge pipe with the power cable attached leads to
the surface. Here it is connected to a discharge elbow on which the electrical
conduit box is also mounted. It should be noted that the well casing must be
sized so that there is room alongside the bowl assembly for the power cable
and a protective guard.

Wet Pit Pumps

This pump configuration, illustrated in Figure 9-5, can be either of the
single-stage or multi-stage design, depending on the application require-
merits and covers the complete range of specific speeds. Installed in a pit
or inlet structure, the water surface on the suction side of the pump is free
and subject to atmospheric pressure. The available NPSH for a pump in
an open system of this type is therefore equal to the atmospheric pres-
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Figure 9-4. Submersible well pump (courtesy BW/IP international, Inc. Pump
Division, manufacturer of Byron Jackson/United1" Pumps).

sure, plus the static liquid level above the first-stage impeller, less cor-
rection for the liquid vapor pressure at the pumping temperature.

Because the cost of a pit or intake structure is high and dependent on
the depth of the structure, the submergence is typically kept to a mini-
mum in line with sound design practices. As a result, the maximum pump
speed is limited by the NPSH available and the required flow rate. Sin-
gle-stage pumps can usually be furnished for pumping heads up to 200
feet, but multi-stage pumps are required for higher heads. The bowl di-
ameters of well pumps and their corresponding flow rates are restricted.
However, wet pit pumps can be furnished in any size and therefore for
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Figure 9*5. Wet pit pump (courtesy BW/IP international, inc. Pump Division,
manufacturer of Byron Jackson/United™ Pumps).

any desired flow rate (see Figure 9-6). Considerations, other than the
pump itself, usually dictate that requirements for large flow rates be split
between two or more pumps operating in parallel. The pump setting (the
axial length of the bowl assembly plus the length of the discharge column
from which the bowl assembly is suspended) is normally less than 100
feet. The column houses the lineshaft, which is connected to the driver
shaft with a rigid coupling in the discharge head (see Figure 9-5). The
discharge head also houses a shaft sealing device. The driver, which is
supported on the top of the discharge head, is generally provided with a
thrust bearing of adequate size to carry the weight of the motor rotor and
pump rotating element plus the hydraulic axial thrust developed by the
pump. When the driver is not designed to carry the total axial thrust from
the pump, a thrust bearing assembly must be provided in the discharge
head above the shaft sealing device. A flexible type coupling must then
be provided between the pump and the driver.

While the discharge elbow is normally located in the head above the
pump mounting floor, it may be advantageous for certain applications to
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Figure 9-6. Installation of 100,000 GPM wet pit pump (courtesy BW/IP interna-
tional. Inc. Pump Division, manufacturer of Byron Jackson/United™ Pumps),

locate the elbow on the discharge column below the mounting elevation.
For this type of configuration, care must be taken by the piping designer
to make sure that any horizontal expansion of the discharge pipe is con-
tained and will not force the pump column with the lineshaft out of align-
ment. Furthermore, the column must be free to elongate axially at the
discharge elbow when filled with water. This can be accomplished by lo-
cating a flexible coupling in the discharge pipe near the discharge elbow.

Wet pit pumps are usually driven by a vertical, solid shaft induction or
synchronous motor as depicted in Figure 9-7. However, horizontal driv-
ers that transmit torque through a right angle gear mounted on the dis-
charge head may also be used. For applications where a wide variation in
flow and/or head requirements exist, a variable speed driver may be
used. Eddy current clutches or variable frequency electric drives are of-
ten used, the latter being the more efficient of the two.
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Figure 9-7. Vertical solid shaft motor (courtesy U.S. Electrical Motors, Division
of Emerson Electric Co.).

Barrel-Mounted or Can-Mounted Pumps

This pump type, as depicted in Figure 9-8, is mounted in a suction bar-
rel or can that is filled with liquid from the suction source. In this type of
closed system, the NPSH available is not related to the atmospheric pres-
sure. It is a function of the absolute pressure (above absolute vacuum) at
the centerline of the suction flange, plus the liquid head from the center
line of the suction to the first-stage impeller, less barrel losses, and less
the vapor pressure of the pumped liquid. The available NPSH can there-
fore be increased by lowering the elevation of the first-stage impeller and
extending the suction barrel until the available NPSH meets or exceeds
the required NPSH. This feature is in fact frequently the reason for se-
lecting a vertical, barrel-mounted pump. To achieve the same result with
a horizontal pump would require lowering the entire unit at great ex-
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Figure 9-8. Barrel-mounted pump (courtesy BW/IP International, Inc. Pump Di-
vision, manufacturer of Byron Jackson/United™ Pumps).

pense. Often a special first-stage impeller with superior NPSH character-
istics is furnished. Otherwise, the bowl assembly is of a multi-stage de-
sign with identical impellers of the radial or semi-radial flow type. The
bowl assembly is either directly suspended from the discharge head or
connected to the head with a discharge spool, the length of which is de-
termined by the NPSH required.

The configuration shown in Figure 9-9 is of the pull-out type that per-
mits removal of the pump without disturbing either the discharge or suc-
tion nozzle connections. Pump alignment is, within reason, not affected
by any nozzle forces imposed. The suction nozzle can be located either in
the suction barrel or in the discharge head, in line with the discharge noz-
zle. The latter "in-line" construction is commonly used for booster appli-
cations in pipelines. The shaft sealing device in the discharge head is usu-
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Figure 9-9. Barrel-mounted pulf-out pump.

ally a face-type mechanical seal. The discharge head supports the driver,
which should preferably be of the solid shaft design, either as a direct
electric motor drive or a horizontal driver through a right angle gear. The
unit is typically supported under the top flange of the suction barrel and
bolted to an adequate foundation with a desired mass of five times the
total unit weight. If desired, the entire barrel can be embedded in con-
crete or thermally insulated for high or low temperature applications.

Applications

Weil Pumps

The most common applications for well pumps are:

* Water well, or bore hole installations, using either a surface-mounted
driver or a close-coupled submersible motor.

• Incline-mounted water pumps installed on lake or river banks and
driven by a conventional electric motor or a close-coupled submersible
motor.
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• Loading pumps in underground caverns used for storing petroleum
products. The pump is mounted in a caisson.

• Dewatering pumps in mines. The pump is mounted in a mine shaft,

Water Well Pumps

This is the most common application and covers a broad range of ser-
vices such as municipal water supply, irrigation service, and industrial
service water. For settings down to 400 feet, a line shaft construction
with a surface mounted driver is normally used. It should be noted that
line shaft construction requires that the well be straight, so that the col-
umn shaft bearings can be kept in alignment. The well must be checked
for mis purpose prior to pump installation. For settings beyond 400 feet,
and where electric power is available, the close-coupled submersible unit
is usually the most cost-effective and also the most reliable. The close-
coupled design often permits running at higher rotative speeds. With
elimination of line shafting and corresponding bearings, well straightness
is not as important. However, the well should be "caged" (checked with
a dummy pump/motor assembly) prior to pump installation to make sure
the unit will not bind in "dog legs."

Inctfrte-Mounted Pumps

The cost of excavating and providing an adequate intake and mounting
structure for vertical pumps on lakes and river banks can be substantial,
particularly where large fluctuations in water level require high struc-
tures. A less costly installation may be achieved by mounting vertical
pumps on an incline on a lake or river bank, as shown in Figure 9-10.
The pump is mounted inside a pipe or in a trough, permanently anchored
on piers along the bank with the bowl assembly at a sufficient depth to
provide adequate submergence. The pump can either be of the line shaft
type with an electric motor drive or close coupled to a submersible motor,
in which case both the pump and motor are mounted in the pipe or on the
trough,

Cavern Pumps

For ecological as well as safety and economic reasons, petroleum prod-
ucts, ranging from propane to crude oil, are often stored in natural or man-
made caverns rather than in large surface tanks [7]. ^fell type pumps, most
commonly driven by submersible motors, are used for unloading the cavern
before the product is further transported by pipeline or ship. The pumps are
usually mounted in a caisson, which is sealed at the top ami terminates near
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Figure 9-10. Incline-mounted line shaft pump.

the bottom of the cavern, where the pumps take suction. During mainte-
nance, water is let into the cavern, and with the petroleum floating on top of
the water, the bottom of the caisson is sealed off with a water "plug," pre-
venting undesirable gases from escaping. The water level in the cavern can
be maintained with separate pumps.

Mine Dewatering Pumps

Vertical well pumps are often preferred for mine dewatering. All sensi-
tive electrical equipment, including control panels, can be located well
above levels where accidental flooding might occur or where explosive
gasses may be present. This includes both conventional motor driven
pumps and submersible motor pumps. The pump may be installed in an
open mine shaft, or a separate well may be sunk for the purpose of dewa-
tering. The mechanical construction of the pump is similar to a water
well pump.
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Wet Pit Pumps

The most common applications for wet pit pumps are:

• Water supply pumps for municipalities and industry. The pumps are
mounted in intake structures on lakes or rivers.

» Condenser cooling water pumps for central power plants. The pumps
take suction from a natural body of either fresh or salt water.

• Cooling tower pumps. Take suction from a cooling tower basin and cir-
culate water through a closed system.

» Flood control pumps mounted at dams and in collection basins, often as
part of large flood control systems.

« Transfer pumps for central irrigation districts and water treatment facilities,

Water Supply Pumps

This pump type is normally installed as multiple, parallel operating
units in a simple intake structure or as a stand-alone pumping plant lo-
cated on a reservoir, lake, or river and discharging into a pipeline or an
open canal. Depending on the system requirements, multi-stage pumps
or single-stage pumps of the desired specific speed are used. A combina-
tion of fixed and variable speed drivers may be desirable to obtain opti-
mum system efficiency. While structural integrity and cost are critical
items in design of intake structures, hydraulic considerations and protec-
tion of the pumping equipment are equally important. The structure
should be physically located so that a minimum of debris and silt will be
diverted toward it. Trash racks and rotating screens, which can routinely
be cleaned, must be provided to keep foreign objects from entering the
pumps. The intake structure must be designed for low approach velocity
and with dividing walls forming individual bays as required [5]. The
pumps should be located within the structure in such a fashion that uni-
form velocity distribution is provided at each pump suction bell. Ob-
structions, changes in flow direction, or velocity changes that may cause
formation of vortices and air entrainment must be avoided. Flow patterns
within the structure, when one or more pumps are idle, must also be con-
sidered. Pump settings, the distance from the mounting floor to the suc-
tion intake, typically vary from 15 feet to 80 feet. The discharge may be
located above or below the mounting floor, depending on the system re-
quirement. In either case, the discharge pipe should be anchored down-
stream from the pump discharge flange to prevent pump misalignment
from pipe reaction forces. When a flexible discharge piping connector is
used, tie bars must be provided across the connector to restrain the hy-
draulic separating forces and prevent pump misalignment. Figure 9-11
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Figure 9-11. Water supply pump of pull-out design with below ground dis-
charge,

shows a below ground discharge application with pull-out construction.
This construction is particularly well suited for locations where the dis-
charge is located below the water level because the nozzle can be perma-
nently welded to the discharge piping system. Solid shaft electric motors
are most commonly used as drivers.

Condenser Cooling Water Pumps

Installation considerations, configuration, and driver requirements for
these pumps are in general the same as for water supply pumps. How-
ever, in addition, the following must be considered:

* When selecting lubrication method for the column bearings, neither oil
nor grease can be used, because small amounts of hydrocarbon enter-
ing the condenser will impair the heat-transfer properties.
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• Fresh water bearing lubrication is preferred, but salt water injection is
acceptable as long as it is filtered and continuous. If a pump sits idle for
extended periods without injection, accelerated corrosion may take
place as well as the build-up of harmful crystals and marine life.

• Care must be taken in the selection of base materials for salt water,
Consideration should be given to the average temperature of the water
and the potential absence of oxygen.

Cooling Tower Pumps

These pumps typically have short settings, less than 20 feet, operate
against a fixed head, and are connected to fixed speed drivers. The cool-
ing tower basin and associated sump for pump installation are usually
very limited in depth and area, requiring specific precautions to avoid
vortices and ensure uniform velocity distribution [5]. Model structure
testing is recommended where design margins are small. Water quality
tends to become questionable in this type of closed system, warranting
caution in material selection.

Flood Control Pumps

These are typically low lift, short setting pumps, but vary greatly in
size depending on historic demands. A 2,000 to 3,000 gpm sump pump
may be adequate for protecting a small area, while a large flood control
district may require multiple pumps of several hundred-thousand gpm ca-
pacity each. Such large pumps can partly be formed in concrete at the
site. This can be a major cost advantage, particularly if the water quality
demands high alloy metals. Figure 9-12 shows a propeller pump where
the suction bell, column, and discharge elbow have been formed in con-
crete.

Pump efficiency is not the primary consideration for flood control
pumps because operating time and therefore power consumption is lim-
ited. Reliability is the main concern, and the pumps must be capable of
handling large amounts of silt and sand. Serious flood conditions may be
connected with loss of electric power, and flood control pumps are there-
fore often driven by diesel engines through right angle gear drives,

Transfer Pumps

This general category of pumps covers a wide variety of applications,
from highly efficient central irrigation pumps and canal lift pumps, to
simple, non-clog pumps in sewage and water treatment plants. Com-
monality in design is therefore minimal. When efficiency is one of the
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Figure 9-12. Propeller pump partly formed in concrete,

primary design criteria, the design is generally the same as for cooling
tower pumps. On the other hand, non-clog pumps are designed for maxi-
mum reliability and availability. The impeller is typically of semi-open
construction with two or three vanes and contoured to prevent adherence
of stringy material. Where suspended solids are a problem, provision for
clean water injection to the bearings can be provided. Handhole covers
are provided at locations where buildup of solids will require removal.

Barrel-Mounted or Can-Mounted Pumps

The most common applications for barrel-mounted pumps are:

Condensate and heater drain pumps for power plant service.
Process pumps for products with limited NPSH available.
Small boiler feed pumps for industrial applications.
Cryogenic process and transfer pumps.
Loading pumps on tank farms.
Booster pumps for pipelines handling either water or petroleum prod-
ucts.
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Condensate and Heater Drain Pumps

This pump type is typically installed as two 50% capacity pumps tak-
ing suction from a header connected to a condenser or heater for boiler
feed water. The available NPSH is normally only two to four feet at the
mounting floor, requiring additional NPSH to be built into the barrel.
The multi-stage bowl assembly, typically in the 1,500 to 2,500 specific
speed range, can be fitted with a special first-stage impeller to meet the
required NPSH. Figure 9-13 shows a unit with a double suction first-
stage impeller. The suction nozzle may be located either in the barrel or
the discharge head, whichever the user prefers. The shaft seal in the dis-
charge head is typically of the mechanical face type and must be water
quenched because the seal is under vacuum when on standby. A continu-
ous vent line must be provided from the top of suction side in the pump to
the vapor phase in the suction tank (condenser). A minimum flow bypass
line may be required at the discharge control valve if extended low flow
operation cannot be avoided. Induction motor drive is the most common,
but a variable speed drive offers advantages for peak loaded plants. Coti-
densate pumps normally operate in the 130°F range, and cast iron bowls
with bronze impellers and bearings are usually adequate. For applica-
tions where the peripheral vane velocity in the suction eye exceeds 80
feet per second, a stainless steel impeller should be used. Some users will
not permit bronze materials in the system because it may contribute to
corrosive attack on condenser tube welds. In these cases, all impellers
should be furnished in martensitic steel. Heater drain pumps may operate
up to 350°F and require impellers of martensitic steel and bearings of a
carbon-graphite composite. Because flashing in the first stage cannot al-
ways be avoided in this service, injecting second-stage pump pressure
into the suction case bearing is recommended.

Process Pumps

These pumps are of multi-stage construction, with a special first-stage
impeller to meet the limited available NPSH. Handling liquids near their
boiling point requires a continuous vent line from the pump suction side
back to the suction source. The mechanical shaft seal can either be
mounted internally in the discharge stream, flushed and cooled by the
pumped liquid, or mounted in an external, water jacketed stuffing box
for high temperature applications. Materials for the bowl assembly and
fabricated components are selected to suit the liquids handled, including
cavitation resistant material for the first-stage impeller, when applicable.
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Figure 9-13. Bowl assembly with double suction first stage.

Small Boiler Feed Pumps

In design, these pumps are quite similar to heater drain pumps, al-
though the NPSH margin is usually sufficient not to require injection to
the suction case bearing. The mechanical seal should be located in a
stuffing box, mounted externally on the discharge head. The minimum
recommended material selection is cast iron bowls, martensitic steel im-
pellers, and carbon/graphite bearings.

Cryogenic Pumps

Vertical barrel pumps are particularly well suited for cryogenic applica-
tions. Being vertically suspended, thermal contraction and expansion will
not cause pump misalignment as long as reasonable precaution is taken in
dealing with nozzle forces at the suction and discharge flanges. Because the
motor is supported on top of the discharge head, it is automatically aligned
to the pump. The external pump configuration is simple and easy to ther-
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mally insulate with jackets or in a "cold box." A thermal barrier, also known
as a "warming box," with a throttle bushing and a double mechanical seal or
a gas shaft seal, is located in the discharge head, just above the discharge
nozzle. Here the cryogenic liquid is flashed and bled back to the suction
source, while an inert gas blanket under the shaft seal prevents leakage to
atmosphere. Depending on the liquid pumped, pump materials with ade-
quate impact strength are bronzes, aluminum, and austenitic stainless steels.
Materials with similar thermal coefficient of expansion must be used where
tolerances are critical.

Loading Pumps

Normally installed immediately adjacent to large storage tanks used for
loading product into pipelines or transport vessels, these pumps are
mounted so that the storage tank can be emptied, even when the available
NPSH becomes zero at the bottom of the tank. Adequate provisions must
be made for venting the suction barrel and providing a minimum flow
bypass when applicable.

Pipeline Booster Pumps

These pumps typically operate unattended and must be designed for relia-
bility. The discharge and suction nozzle should both be located in the dis-
charge head for simplicity in piping and valve placement. When handling
liquids where leakage to the atmosphere is hazardous, a tandem or double
mechanical shaft seal with a buffer fluid should be provided for the stuffing
box, Pumps can be arranged to operate singly, in parallel, or in series.

Design Features

For comparison and evaluation of design features, the three basic as-
semblies of vertical pumps should be addressed, namely the bowl assem-
bly, the column assembly, and the head assembly. (See Figure 9-14).

The Bowl Assembly

The simplest bowl assembly configuration consists of a straight shaft
with taper collet mounted impellers, bowls that are joined together with
straight threads and furnished with a shrink fitted bearing (Figure 9-2).
The impellers can be either of the enclosed design, with both a front and
a back shroud, or the semi-open design without a front shroud (see Fig-
ure 9-15). The bottom case bearing is normally permanently grease lu-
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Figure 9-14. Vertical pump assemblies (courtesy BW/IP International, Inc.
Pump Division, manufacturer of Byron Jackson/United™ Pumps).

bricated and the other bearings lubricated by the pumped liquid. This de-
sign lends itself well to smaller pumps with up to 18-inch bowl diameter
and 2-inch shaft diameter. However, the following limitations must be
noted:

* Taper collet mounting of impellers, depending on shaft diameter and
material combinations, is only recommended for handling liquids from
0°F to 200°R The same temperature limitation applies to semi-open
impellers.

* A grease lubricated bottom bearing is only recommended for ambient
temperature water service; otherwise, lubrication with the pumped liq-
uid should be used with filtration when required.
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Figure 9-15. Impeller configurations.

For larger pumps or when handling hot or cold liquids, the following de-
sign practices are recommended:

• The bowl joints should be flanged and bolted. Gaskets, when required,
should be of the "O"-ring type, so that joints are made up metal to
metal, and pump alignment therefore maintained.

• The impellers should be mounted on the shaft with key drives and se-
cured axially with split rings and thrust collars.

• When selecting closed vs. semi-open impellers, the following must be
noted:

• Closed impellers should always be used for handling hot or cry-
ogenic liquids.

• Closed impellers exhibit lower downthrust when in the axially unbal-
anced configuration.

• Closed impellers are easier to assemble for large pumps with more
than three stages.

• Semi-open impellers are more efficient due to elimination of disc
friction from the front shroud.

• Efficiency loss due to wear on the semi-open impeller vanes can be
regained by adjusting the impeller setting at the adjustable pump to
driver coupling, typically in increments of 0.016 inch.

• When semi-open impellers are axially balanced to reduce axial
thrust, downthrust can be maintained over the full operating range.
This prevents shaft whip from upthrust with associated bearing wear.

• Semi-open impellers can readily be hardsurfaced for erosion protec-
tion.

• Semi-open impellers are less likely to seize when handling sand or
foreign material.
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The Column Assembly

The column assembly consists of three primary components:

• The outer column, which serves as the conduit and pressure boundary
for the flow from the bowl assembly.

• The column shaft, or line shaft, which transmits torque from the driver
to the impellers on the pump shaft and carries the hydraulic thrust from
the bowl assembly to the thrust bearing in the head/driver assembly.

• The shaft enclosing tube, or inner column, which houses the column
bearings, serves as a conduit for bearing lubrication, and protects the
shafting. The liquid pumped determines whether or not a shaft enclos-
ing tube is required.

Outer Column

The simplest outer column construction consists of pipe sections, nor-
mally of 10-feet length, with straight thread on both ends, and joined
with pipe couplings. This design is commonly used for 12-inch column
diameters or less. For handling relatively clean liquids, bearings of a rub-
ber compound are located in housings with a three-legged or four-legged
spider and a mounting ring, which is centered within the column coupling
and clamped between the column pipe ends. Metal to metal contact pro-
vides an adequate liquid seal. This configuration is often referred to as
open tineshaft construction,

For larger column sizes, or where corrosive or other properties of the
pumped liquid make threaded joints undesirable, flanged column joints
are used. Registered fits are used to provide alignment, with "O"-ring
gaskets for sealing because they provide metal-to-metal flange face con-
tact for alignment. Bearings housed in spiders can be clamped between
column faces; however, superior alignment is provided with a design in-
corporating spiders welded into the outer column, with the flange regis-
ter and spider bore machined in the same operation. When a shaft enclos-
ing tube is required, the larger column sizes require a metal stabilizing
spider clamped or welded at the column joint with a snug, machined fit
around the enclosing tube. Again a tensioning device is required at the
top end of the threaded enclosing tube,

Column Shaft

Shaft sections with three-inch shaft diameters or less are commonly
joined by threaded couplings, which transmit both torque and axial
thrust. For pumps with this construction, it is imperative that drivers be
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checked for correct rotation before being connected to the pump.
Threaded couplings torqued in the reverse direction will unscrew, and the
resulting jacking motion may cause serious damage. However, reverse
rotation from backflow through the impellers will not cause the cou-
plings to unscrew because the direction of shaft torque remains the same
as for normal operation.

For column shafts four inches and larger in diameter, a keyed sleeve
coupling should be used for transmitting torque. Axial thrust should be
carried through split rings retained by thrust collars. Flanged bearings,
both in the column and the bowl assembly, are recommended for bores
four inches and larger.

Shaft Enclosing Tube

When abrasives or corrosive properties prohibit the pumped liquid
from being used for flushing and lubricating the column bearings, the
bearings should be fitted inside a shaft enclosing tube. The bearings, typ-
ically of bronze material, are threaded on the O.D. and serve as joiners
for the five-feet long enclosing tube sections. Bearing alignment is pro-
vided by placing the enclosing tube assembly in tension through a
threaded tensioning device located in the discharge head. The enclosing
tube is stabilized within the outer column by random placement of hard
rubber spiders, the hub of which fits tightly around the enclosing tube
and the three legs fit tightly against the inside of the outer column. The
desired bearing lubrication, which can be oil, grease, clean water, or any
fluid compatible with the pumped liquid, is injected at the top end of the
enclosing tube assembly.

To overcome the mounting number of assembly and handling problems
that can occur with increase in column size, an enclosing tube integrally
welded with ribs at the top and bottom of the outer column is a preferred
design. Alignment is assured with simultaneous machining of the regis-
tered column fits, the inner column joints, with slip fit and "O"-rings,
and the bearing seats. Furthermore, the need for a tensioning device in
the discharge head is eliminated. The result is that both assembly and dis-
assembly time for the pump is significantly reduced.

The Head Assembly

The discharge head is designed to serve the following functions:

• Support the suspended, liquid-filled weight of the pumping unit.
• Provide support for the driver.
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• Incorporate a discharge nozzle to guide the flow from the outer column
to the system pipe. For barrel-mounted pumps, a suction nozzle may
also be located in the discharge head.

The discharge head must house a shaft sealing device suitable for the
maximum pressure the pump can be subjected to. The sealing device is
located in a stuffing box that can be placed either in the discharge stream
for flushing or mounted externally for cooling and flushing. The actual
sealing can be done with packing or a mechanical face seal. A pressure
breakdown bushing, with bleed-back to pump suction, can also be in-
cluded in the sealing device for high pressure applications.

The standard drive coupling for vertical pumps with solid shaft drivers
is of a rigid design, capable of transmitting the maximum torque from the
driver and the combined axial force from hydraulic thrust plus rotating
element weight. The coupling typically incorporates a disc threaded on to
the top end of the column shaft, clamped between the two coupling
halves, that permits adjustment of the impeller setting within the bowls
(see Figure 9-14). For drivers with limited thrust carrying capability, a
thrust bearing must be incorporated into the discharge head design.

For pumps using hollow shaft drivers, torque is transmitted to the top
column shaft or head shaft through a keyed clutch at the top of the motor,
and impeller adjustment is made by a nut seated on top of the clutch (see
Figure 9-3).

Except for the smaller well pumps and barrel-mounted pumps, most
vertical pumps are of a structurally flexible design. This means that the
structural, natural frequency of the first order is of the same magnitude
as the operating speed. A careful analysis must therefore be made of the
discharge head design in relation to its foundation and the connected
driver and system piping to ensure that the combined natural frequency
does not coincide with the pump operating speed. Similarly, deflection
calculations for the unit must be made to ensure that pump alignment is
not impaired when it is subjected to nozzle loads and the liquid filled
weight,

Pump Vibration

The vibration pattern of a vertical pump is an inherent characteristic of
its configuration, manufacture, and physical condition. Vibration results
from factors such as rotating element unbalance, misalignment, loose-
ness in the assembly, bent shafting, or bad driver bearings. Also, the op-
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crating parameters and the installation, including the rigidity of the sup-
porting structure and attached piping, have a strong influence. The latter
may cause vibration from sources such as hydraulic resonance in piping,
turbulence at the pump intake, cavitation problems, low flow recircula-
tion, and structural resonance in the pump/driver assembly.

The availability of data collectors and matching computer hardware
and software has greatly facilitated collecting and analyzing vibration
data. The establishment of vibration signatures is not only a means of
verifying the satisfactory condition of a new installation, but can also
serve as the basis for scheduling pump maintenance.

Measurement of axial and lateral vibration on the pump and driver is
measured either as absolute movement on driver bearing housings or as
relative movement between the shaft and the bearing housing or pump
structure. Torsional vibration is seldom a problem in vertical pumps be-
cause the exciting force generated by the rotating impeller vanes passing
the stationary bowl vanes is small. However, for applications where right
angle gears and engines are used, exciting forces can be generated that
may cause damaging torsional vibration. When these types of drivers are
used, an analysis for torsional critical frequencies should be performed at
the design stage. The computer models for performing these analyses are
quite accurate and give good results. This subject is discussed in more
detail in Chapter 18.

Figure 9-16 shows the desired locations for taking vibration measure-
ments. The axial reading is taken as an absolute measurement directly on
the motor thrust bearing housing. The lateral readings on the motor and
discharge head are also taken as absolute measurements and should be
taken in line with, and at right angle to, the discharge nozzle. Measure-
ments on the shaft should be taken as relative measurements, 90° apart,
just above the stuffing box.

Absolute vibration measurements are taken with velocity transducers
or accelerometers. Accelerometers should either be permanently at-
tached or attached with a magnetic base, while velocity transducers can
be handheld. Velocity transducers and accelerometers are directional and
must be installed with the base perpendicular to the desired direction of
measurement. Relative vibration measurements are taken with proximity
transducers. It should be noted that proximity transducers, due to their
working principle, are sensitive to shaft material properties as well as
surface finishes.

Because of the wide varieties and sizes of vertical pumps in use, the
issue of acceptable vibration levels becomes rather complicated. How-
ever, both the Hydraulic Institute and the American Petroleum Institute
have published acceptance criteria, specifically applicable to pumps,
covering both overall vibration levels and filtered vibration, i.e., read-
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Figure 9-16. Locations for taking vibration measurements.

ings taken at discreet frequencies. Caution should be used in applying
severity charts published for general machinery.
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Pipeline Pumps

Unlike most other pump applications, pipelines constantly have
changes in throughput and product. This is particularly true in the trans-
portation of crude oil and hydrocarbons. This variation in liquid charac-
teristics, throughput, and pressure can result in a wide range of system
head curves, requiring extreme flexibility in pump operation. Selecting
pumps can be complicated, usually requiring multiple pumps installed in
series at each station. Selection may involve parallel operation, variable
speed, and/or modifications to meet future requirements.

As pumping requirements must match pipeline characteristics, the first
step in pump selection is analysis of the hydraulic gradient, and profile.
This defines the length and elevation change of the pipeline and is used to
establish pipeline pressure, pipeline horsepower, number of stations,
number of pumps, and appropriate mode of operation. Pipe size is deter-
mined from throughput requirements and optimum investment, plus op-
erating cost economics. Calculation of friction loss and static head estab-
lishes the pressure required to move throughput. With pipeline
throughput and pressure known, pump efficiency can be estimated and
pipeline horsepower calculated. The number of pumps required is then
estimated by selecting the preferred driver size. Number of stations is
estimated by the safe working pressure (S.W.P.) of the pipeline and the
pressure required to move throughput.

10
PipelinePipe line,Waterflood,and co2
Pumps



140 Centrifugal Pumps: Design and Application

Variable capacity requirements or horsepower limitations may dictate a
need for multiple pumps. In this event it must be decided if the pump
should operate in series or in parallel. With series operation, each pump
delivers full throughput and generates part of the total station pressure.

Once pump conditions and mode of operation are clearly determined,
pumps can be selected. With pumps currently evaluated competitively in
excess of $1,000 per horsepower per year and pipelines operating up to
40,000 horsepower per station, it is essential that pumps be selected for
optimum efficiency. This requires an understanding of the losses that oc-
cur inside a pump. These are:

« Friction losses.
• Shock losses at inlet to the impeller.
• Shock losses leaving the impeller.
• Shock losses during the conversion of mechanical power to velocity en-

ergy then to potential energy.
• Mechanical losses.
• Leakage losses at impeller rings and interstage bushings.
» Disc friction losses at the impeller shrouds.

Figure 10-1. Typical analysis of pump losses.
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Figure 10-2. Specific speed describes impeller shape.

These losses can be generally classified as hydrodynamic, mechanical,
ring leakage, and disc friction. Analysis of these losses for one specific
performance at various speeds is shown in Figure 10-1. Pump efficiency
is a result of the sum of these losses and is influenced by specific speed,
which is basically a non-dimensional number. As discussed in Chapter 2,
the physical meaning of specific speed has no practical value; however, it
is an excellent means of modeling similar pumps and describes the shape
of the impeller under discussion (Figure 10-2).

Pump efficiency is also influenced by hydrodynamic size (Figure
10-3). For any given speed, pump efficiency increases with size of pump
or with hydrodynamic size (Figure 10-4). Through careful selection of
pump speed and stage number, optimum specific speed and hydrody-
namic size can be determined fojr maximum efficiency.

Condition Changes

Many pipeline conditions require low-capacity, low-pressure start-up
with ultimate change over to high-capacity, high-pressure. By consider-
ing this requirement at the design stage, pumps can be built to accommo-
date the initial and ultimate conditions through field modifications. One
method is to adjust the ratio of liquid velocity leaving the impeller to liq-



Figure Pump size with
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Figure 10-4. Efficiency increases with hydro-dynamic size.

uid velocity entering the volute throat. By careful selection of this veloc-
ity ratio, pump throughput and optimum efficiency can be moved from
the initial to the ultimate condition (Figure 10-5).

The volute throat velocity can be adjusted by cutting back (chipping)
the stationary volute lip or lips to a predetermined dimension (Figure
10-6). This technique can be used on single- or double-volute pumps.
Similarly, the velocity leaving the impeller can be adjusted by removing
metal (underfiling) from the non-working side of the impeller blade (Fig-
ure 10-7). Through a combination of volute chipping, impeller underfil-
ing, and ultimate installation of a high-capacity impeller, a wide variety
of pump conditions all at optimum efficiency becomes possible (Figure
10-8).
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Figure 10-5. Pump performance for initial and ultimate condition.

Another method of satisfying two capacities at optimum efficiency is
the installation of volute inserts. These removable pieces reduce the in-
ternal fluid passages and physically convert a high-capacity pump to low
capacity (Figures 10-9 and 10-10). Inserts of this type are ideal for low-
capacity field testing or reduced throughput operation with improved ef-
ficiency (Figures 10-11 and 10-12).

Destaging

It is not unusual for pipelines to start up at low pressure then later
change to high pressure at constant throughput. This change in pump
head requirements can be suitably handled by selecting a multi-stage
pump for the ultimate high-pressure condition. For the initial low-pres-
sure condition, appropriate impellers are removed and the interstage
chambers isolated by destaging tubes (Figure 10-13). When changing to
high pressure the destaging tubes are removed and additional impellers
installed (Figure 10-14).
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Figure 10-6. Changing pump performance by volute chipping.
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Figure 10-7. Changing purnp performance by impeller underfiling.
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Figure 10-8. Performance range by volute chipping, impeller underfiiing, and
installation of high-capacity impeller.

Figure 10-9. Volute inserts convert high-capacity pump to low capacity.



148 Centrifugal Pumps: Design and Application

Figure 10-10. Volute inserts.

Bi-rotors

Unusual pipeline requirements can often be satisfied using bi-rotor
pumps. These are basically two single-stage pumps on the same shaft,
with two conventional incoming and outgoing nozzles at each body cav-
ity. Originally developed with double-suction impellers to reduce
NPSHR at high flow rates, this design is extremely flexible. Two appli-
cations are now described.

Bi-rotor pipeline pump. The pipeline conditions illustrated in Figure
10-15 have an ultimate pipeline capacity of 60,000 GPM requiring three
pumps operating in parallel with each pump delivering 20,OCX) GPM at
maximum pipeline pressure. During the early life of the pipeline, initial
throughput would be 40,000 GPM. This would normally mean operating
two pumps in parallel and throttling out excess pump pressure or reduc-
ing pump speed. A more economic approach would be to install a bi-
rotor pump with case construction that permits operation of the impellers
either in series or in parallel. The conventional, integral cast cross-over



Figure 10-11. Performance change with and low-capacity impeller.
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Figure 10-12. Performance change with volute inserts.

(Figure 10-16), which permits transfer of liquid from the first- to the sec-
ond-stage impeller, is replaced by a bolted-on cross-over (Figure 10-17).
With the cross-over bolted to the pump case, both impellers operate in
series. With the cross-over removed, both impellers operate in parallel
(Figures 10-18 and 10-19). With both impellers operating in parallel, the
pump will deliver twice-normal pump capacity at half-normal pump
pressure. In this configuration, initial throughput can be handled by one
pump instead of two. For ultimate throughput, the cross-over is bolted in
place and three pumps operate in parallel. Driver size is not affected, as
the required horsepower is identical for either configuration.

Pulsation. The bolted-on cross-over has the additional benefit of permit-
ting corrective action in the event of sympathetic acoustical frequency.
All centrifugal pumps have a source of energy at blade passing frequency
(Figure 10-20). Normal pressure pulsations generated by the pump can
be magnified by system resonance when they are coincidental with fluid
or mechanical natural frequencies within the system. These can be in the
suction piping, discharge piping, or within the pump itself when the
pump has more than one stage. Corrective action involves either relocat-



Figure 10-13. Seven-stage pump destaged to five stages.
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Figure 10-14. Pump performance before and after destaging.

Figure 10-15. Pump configuration to satisfy initial and ultimate pipeline re-
quirement.
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Figure 10-16. Two-stage pipeline pump with integral cast crossover.



Figure 10-18. Performance of two-stage pipeline pump with bolted on cross-
over (series operation) and without crossover (parallel operation).

Figure 10-19. Two-stage pipeline pump being tested with crossover removed
and both impellers operating in parallel.
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Figure 10-20. Blade passing frequency.

ing one or more of the sympathetic frequencies, or changing the pump
generating frequency by a change of speed or blade number. With a
bolted-on crossover a simpler solution is to add calculated pipe length
between pump case and cross-over, which will change the wave length
and relocate the acoustic frequency away from the generating frequency
(Figure 10-21),

Figure 10-21. Acoustic frequency.
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Slurry Pipelines

It would seem appropriate when discussing pipeline pumps to comment
on future slurry pipeline operations. A review of existing slurry pipelines
shows the most common pumps are positive displacement (PD). These
are limited in capacity and normally operate up to 2,(XX) GPM with
larger pumps currently being developed to achieve 4,000 GPM. To ac-
commodate the high-capacity pipelines being planned with pipe size up to
42 in. and throughput rates of 500,000 BPD to 1,000,000 BPD, high-
capacity centrifugal pumps will be a viable alternative. As installation
costs and problems are directly related to the number of pumps required
for the service and as centrifugal pump efficiency increases with specific
speed, it is expected that centrifugals will become economically competi-
tive at capacities starting at 20,000 GPM (Figure 10-22). As slurry pipe-
line capacity increases, the benefits of large-capacity centrifugal pumps
operating in series as an alternative to multiple PD pumps operating in
parallel become obvious. It is reasonable to assume that the principles
and guidelines outlined in this chapter will be used on future slurry pipe-
lines,

Figure 10-22. Suggested economic range for centrifugal pumps in slurry pipe-
line applications.
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Figure 10-23. Hydraulic gradient and profile of 120-mile-long pipeline.

Figure 10-24. System head curve for 15,000 to 30,000 BPD production.
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Example of Pipeline Pump Selection

As described earlier, pipeline pumps must be capable of adapting to
change in pipeline throughput. The following exercise illustrates the
pump selection process for a crude oil pipeline, where condition changes
necessitate impeller changeouts, destaging, and volute chipping.

Pumps are required to transport crude oil from a developing oil field
through a trunk line to a tank farm 120 miles away. Routing, pipe size,
and pipe rating have been determined. A profile with hydraulic gradients
and typical system curves has been developed, and the field is expected
to produce 15,000 to 30,000 BPD (Figures 10-23 and 10-24). Note Mile-
post 085 (Figure 10-23) becomes a "control point." At least 1,200-ft sta-
tion head is needed to overcome the elevation and to insure 50 psi posi-
tive pressure at this high point. The projected future rate is 35,000 BPD,,
resulting in the following pipeline design conditions:

Initial J^iHH
Capacity (BPD) 15,000-30,000 35,000
Capacity (GPM) 437-875 1,021
Differential head (ft) 1,800-3,700 4,650
Differential head (psi) 694-1,246 1,792

A booster pump has been sized to provide adequate NPSH to the mainline
pumps. In this example, the head developed by the booster pump will be
disregarded.

First consideration is the "future" condition. With 0.89 specific grav-
ity and an estimated 76% pump efficiency, the total brake horsepower
required is approximately 1,400. The most economical energy source is a
local electric company. Starting current restrictions at the station site
limit motor horsepower size. To satisfy this restriction and to gain flexi-
bility of operation as well as partial capacity with one pump out of ser-
vice, two pumps driven by 700 HP motors operating in series are pre-
ferred. The ratings for each pump to meet future conditions, will then be
1,021 GPM at 2,325 ft.

A good selection would be a 4-in. pump with 5 stages and 103/8-in.
diameter impellers (pattern 2008-H), for 465 ft per stage (Figure 10-25).
With 80% efficiency, the brake horsepower is 667. Performance curves
for single-pump operation and two pumps in series are plotted against the
system head curves (Figure 10-26). Operating points will be at intersec-
tions of pump curves and system curves. Lower capacities will require
throttling at the station discharge control valve, which, in effect,
produces a steeper system head curve. In this example, when flow is re-
duced to 885 GPM, the differential head developed by two pumps is
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Figure 10-25. Performance for one stage of multi-stage pipeline pump selected
for "future" condition.

Figure 10-26. Performance of pump from Figure 10-25 for single pump opera-
tion and two pumps in series plotted against system head curves.
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Figure 10-27. Performance from Figure 10-25 modified by installation of low-ca-
pacity impellers for "initial" condition,

4,850 ft. The system requires only 3,750 ft, therefore 1,000 ft is lost to
friction (head) across the control valve. Note with one pump operating
and no throttling, the capacity will be 630 GPM and pump efficiency will
be 72%. For reduced rates, throttling and wasting of energy will be
avoided by running one pump as much time as possible and making up by
running two only as necessary.

Having determined size and configuration for the mainline units, let's
consider how operation and efficiency can be improved in the initial 437
to 875 GPM capacity range. Figure 10-27 shows performance of the
pump selected with impellers changed to pattern #2010-H (low capacity).
This impeller, which peaks at 800 GPM, is more efficient at capacities
below 760 GPM and would be a good choice for initial operation. One of
the five-stage pumps, say the #1 unit, can be furnished destaged to four
stages. By operating with four, five, or nine stages, various rates can be
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Figure 10-28. Performance of pump from Figure 10-27 in four, five, nine, and
ten stages plotted against system head curve.

attained without throttling (Figure 10-28). When rates exceed 830 GPM,
the #1 unit can be upstaged. At this point, throughput is approaching the
35,OCX) BPD future design rate and it is time to consider changing impel-
lers to pattern #2008-H (high capacity).

Let's now assume after many years' operation there is a need to further
increase capacity to 45,000 BPD (1,312 GPM). With 6,800 ft (2,620 psi)
differential head, two stations are required to stay within the pipe pres-
sure rating. The intermediate station is located near midpoint for hydrau-
lic balance. Differential head required at each station is then half the total
or 3,400 ft.

A new station system curve is developed (Figure 10-29). At 1,312
GPM and 3,400 ft with 76% efficiency, the station BMP would be 1,319.
With two pumps in series, head required of each pump would be 1,700
feet, and 660 BHP per unit would be within horsepower rating of existing
drivers. In this instance, volutes can be chipped to provide a throat area
equivalent to volute pattern #2204-A. Without changing impellers, the
higher capacity performance can be attained (Figure 10-30).
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Figure 10-29. System head curve for 45,000 BPD production,

Figure 10-30. Performance from Figure 10-25 with volutes chipped to increase
pipeline throughput to 45,000 BPD.
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Figure 10-31. Performance of pump from Figure 10-30 in four-stage single
pump operation and two pumps in series plotted against system head curve

To get 1,700 ft, we have two choices: The impellers of the 5-stage
pumps can be trimmed to about a 93/4-in. diameter for 340 ft/stage. Al-
ternatively, the pumps can be destaged to 4 stages and at 425 ft/stage will
not require impeller trimming. Refer to iso-curve (Figure 10-30) and
note how trimming affects efficiency at capacities approaching and be-
yond peak. At 1,319 GPM, destaging is obviously preferred. Figure 10-
31 shows performance with one or two pumps operating.

Series vs. Parallel

A flat head-capacity curve is desirable for pipeline pumps installed in
series. When station capacity is being controlled by throttling, less horse-
power is lost than would be with a steep head-capacity curve. Capacity
control of individual pumps does not present a problem since pumps op-
erating in series will have the same flow rate.

Where pipeline pumps are to be installed in parallel, identical pumps
with constantly rising head-capacity curves are usually called for. Load is
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Figure 10-32. Performance of two half-capacity full head pumps installed in par-
allel plotted against system head curve.

shared equally, and there is less chance of a pump operating at less than
minimum continuous stable flow. Figure 10-32 shows our system curve
and two half-capacity full head pumps installed in parallel. In this partic-
ular system, parallel configuration is a poor choice. When only one
pump is running, it is necessary to throttle to stay within operating range.

Parallel configuration should be considered in systems where a sub-
stantial portion of the head is static. When pump configuration is not
clear cut, it is wise to plot each station curve along with pump curves and
carefully analyze parallel versus series operation.

Waterflood Pumps

Many types of pumps are used to extend the life of declining oil fields
by injecting displacing fluids at pressures ranging from 2,OCX) psi to
8,000 psi. In waterflooding applications (secondary recovery), centrifu-
gals are preferred when injection capacities exceed 10,000 BPD. Typical
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Figure 10-33. Performance coverage for typical waterflood applications.
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pump conditions range in capacity up to 5,000 GPM and heads up to
11,000 feet (Figure 10-33). Pumps are normally multi-stage with hori-
zontal-split or double-case construction. As many applications use corro-
sive formation water as the pump fluid, special precautions must be taken
in material selection. Among the major factors that must be considered in
liquid analysis are:

• Salinity.
» Aeration.
» Particulate matter.
» Hydrogen sulfide (sour gas) content.
»Inhibiting additives.
« pH.
• Continuous or intermittent service.
• Composition of attached piping.

Some materials used successfully in waterflood applications are shown
in Table 10-1. The groupings are listed in order of increasing corrosion
resistance,

CO2 Pumps

When waterflood production is no longer effective, injection of CO2

and other gases (enhanced recovery) can recover up to 70% of the re-
maining oil. CO2 can be transported as a gas, using compressors or as a
liquid using centrifugal pumps.

Due to the questionable lubricating properties of liquid CO2, special
precautions must be taken where the possibility of internal metal-to-

Table 10-1
Materials for Waterflood Service

Pressure Wear
Group Casing Impeller Shaft Parts

1 Steel CA-6NM* 410 SS* 410 hardened
2 CA-6NM* CA-6NM* 410 SS* 410 hardened
3 316SS 316SS Monel 316LWith

or K-500 stellite
17-4 PH or overlay

17-4PH
4 Duplex Duplex Monel Duplex alloy

SS SS K-500 with stellite
overlay

• When #ZS & present or suspected, hardness shall not exceed R<22 (240HB),
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Figure 10-34. Bronze impregnated graphite inserts for dry running applications,

metal contact exists. One approach used successfully is to install bronze-
impregnated graphite inserts into all stationary wear rings (Figure 10-
34). Rings of this type have operated with no damage during dry running
tests on multi-stage pumps where dynamic deflection permitted internal
contact with rotating and stationary rings.

Mechanical Seals

A number of solutions in the sealing of CO2 are offered by the various
seal manufacturers who in their selection process must consider the poor
lubrication quality, the possibility of icing at the faces, and the typical
high-suction pressure. The CO2 pipeline pump shown in Figure 10-35
had a pumping rate of 16,000 GPM and a maximum suction pressure of
1,800 psia. In this application, double seals were chosen using a compati-
ble buffer fluid with adequate lubrication properties.
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Figure 10-35. CO2 pipeline pump (courtesy BW/IP internal, Inc. Pump Division,
manufacturer of Byron Jackson/United1" Pumps).

Horsepower Considerations

As liquid CO2 is compressible, special consideration during the pump
selection process must be given to horsepower requirements. Gas horse-
power (GHP) and brake horsepower (BHP) should be calculated, and it is
recommended that pump shaft and driver be sized to accommodate the
larger of the two. Depending on the thermodynamic properties, GHP can
be greater or less than BHP. To calculate GHP, it is necessary to predict
the behavior of the liquid across the pump. This can be done either from
interpolation of thermodynamic tables (assuming pure CO2) or by com-
puter calculations using the new equation of state for the actual composi-
tion (see Starling 1973). This method has been widely applied to predict
the behavior of any mixture of hydrocarbons. While it is recommended
that final pump design be based on computer calculations, preliminary
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pump selection can be based on thermodynamic tables. For a constant
throughput in units of standard cubic feet per day (SCFD), the inlet and
outlet pump capacity in GPM will change with change in specific volume
(Figure 10-36).

Calculation Procedure

The following example assumes the use of appropriate Thermody-
namie Tables.

Given

Step L Find Inlet Conditions

A. From Pt, and Tj, find HI, V}, and Si from tables

B. Calculate 7,, SGb Q,, and H

C. Select Pump
Select pump for 5220 GPM and total pump head of 693 ft
Note, pump efficiency in this example is 85%.

D. Calculate BHP
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Step 2. Find Outlet Conditions

A, Assume constant entropy Si = S2

B. From P2 = 1650 psia and S2 = 0,7877 Btu/lb °R interpolate
tables to find H2, V2 and T2

C. Calculate AH, and AH!

Step 3, Correct Outlet Conditions For Pump Efficiency

A. With P2 remaining same calculate Hc

B. From HC and P2 interpolate tables to find Vc, Sc, and Tc

C. Calculate yc and Q2
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Step 4. Calculate GHP

Step 5. Size Driver and Pump Shaft for 896 BHP

Figure tO-36. Performance curve for COg pump.
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Notations

BHP Brake horsepower
FR Flow rate (SCFD)

f Blade passing frequency = N x vane no.760
f i Acoustic frequency == velocity of pulsation (ft/sec)/wave length 1

(ft)
GHP Gas horsepower

H Total pump head (ft)
HI Inlet enthalpy (Btu/lb)
H2 Outlet enthalpy (Btu/lb)
Hc Outlet enthalpy corrected (Btu/lb)

AH Differential enthalpy (Btu/lb)
AH1 Differential enthalpy corrected (Btu/lb)

M Mass flow rate (Ibs/hr)
N Speed (RPM)
PI Inlet pressure (psi)
P2 Outlet pressure (psi)
Qi Pump capacity at inlet (GPM)
Q2 Pump capacity at outlet (GPM)
S, Specific entropy at inlet (Btu/lb °R)
S2 Specific entropy at outlet (Btu/lb °R)
Sc Specific entropy at outlet corrected (Btu/lb °R)

SGi Specific gravity inlet
T, Temperature at inlet (°F)
T2 Temperature at outlet (°F)
Tc Temperature at outlet corrected (°F)
Vj Specific volume at inlet (ft3/lb)
V2 Specific volume at outlet (fWlb)
Vc Specific volume at outlet corrected (ft3/lb)
ji Density inlet (lb/ft3)
7c Density corrected (lb/ft3)
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By Edward Gravelle
Sundstrand Fluid Handling Division

The trend toward higher process pressures, which has developed over
the past half century or so, has provided impetus to exploit the advan-
tages of high speed to better provide high head capability in centrifugal
pumps. High head centrifugal design may be provided by using high ro-
tating speed, by series multi-staging, or by a combination of both.

The advantages of high-speed design are several. Fewer and smaller
stages are required to meet a given head objective, and not infrequently,
single-stage designs can provide capability that would otherwise require
multi-staging. Smaller, more compact design tends toward shorter shaft
spans that can result in lowered shaft deflection and improved shaft dy-
namics. Compactness, involving fewer and smaller components, is eco-
nomical of materials, which becomes increasingly important when ex-
pensive materials are required for handling severe process fluids.
Minimal spares inventory and relatively quick and easy maintenance are
attributes of high speed, which are often very attractive to users, to
whom pump availability is central to the viability of their businesses.
Lightened pump weight can translate into smaller and less expensive
mounting foundations.

Conversely, other considerations are involved in a movement toward
higher speeds. About 95% of all pumps in industry are driven by electric
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motors in a world built around 50 and 60 Hz electric systems, or 3,000
and 3,600 RPM speed limits with two pole motors. This introduces the
need for speed-increasing gear systems, which must be justified in ex-
change for high-speed pump advantages. NPSHR increases with increas-
ing speed, placing limits on speed for a given NPSHA. Need arises to
improve suction performance as much as possible to extend speed limits.
Material capabilities must be recognized to keep stress levels within pru-
dent design limits. Modern seal technology is required to meet the de-
mands of combined high speeds and high pressures. Bearing design so-
phistication is frequently required to ensure reliable operation, and
recognition of the influence of bearings on shaft dynamics is often neces-
sary. Increased noise generation can occur with high-speed equipment
due to high power densities and lightweight construction.

Industrial acceptance of high-speed pump technology is illustrated by
Karassik, who has indicated that the introduction of high-speed boiler
feed pumps in 1954 was followed by the steadily increasing use of these
machines, culminating in total abandonment of the older 3,550 RPM
equipment by 1971.

This chapter will deal primarily with an unconventional pump type
particularly suited for operation at high to very high speeds to produce
typically very high heads at low to moderate flow rates. Although this
pump type has enjoyed wide acceptance in industry, comparatively little
on this design has appeared in the literature.

An early commercial application of this design began in 1959 for an
aircraft service. The pump was used in the Boeing 707 for takeoff thrust
augmentation in jet engines, at a time when engine power was relatively
low and the world had not caught up with the generally longer runstrip
requirements for jet aviation. This pump rotated at 11,000 RPM and de-
livered 80 GPM of water to the combustors at 400 psi (well above com-
bustor pressure to allow atomization), to increase the engine mass flow
rate and increase thrust by 15% for takeoff. The unit weighed only 8 ¥2
pounds, including step-up gearing from the 6,500 RPM power takeoff
pad to pump speed. Some 250 units were produced for this service.

In 1962, an industrial version of the new pump type rated to 100 HP
and 6,000 feet of head in a single stage was introduced to the petrochemi-
cal industry. In the past two decades, this concept has grown into a family
of products ranging from 1 to 2,500 HP, direct drive to 25,000 RPM and
heads to 12,000 feet. Most commonly these products consist of a single
high-speed stage, but as required, employ two or three stages to satisfy
need for extreme heads or the combination of high head and low
NPSHA. Over the past two decades many thousand machines of this type
have been placed in service around the world.
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History and Description of an Unconventional Pump Type

Developmental work on the pump type central to the discussions in this
chapter was initiated in Germany prior to World War II to meet urgent
wartime requirements and after 1947 continued in Britain. Need for a
simple, lightweight, and easily manufactured pump suited to produce
high heads at low flow rates existed in connection with aircraft and
rocket propulsion systems. An unorthodox high-speed centrifugal pump
concept resulted and was described by Barske in papers published in
1955 and 1960.

This pump is described as an open impeller type and is exemplified as
highly unorthodox by Barske himself who states: "To a skilled designer
the pump which forms the subject of this paper will, at first glance, ap-
pear most unfavorable and may well be regarded as an offense against
present views of hydrodynamics." Reasons exist, however, to break with
conventional design practice to meet objectives which would otherwise
be difficult to achieve. Intentionally flaunting the rules, in fact, provides
a pump design that can equal or exceed the performance of conventional
pumps in the head-flow design range for which it is intended and for
which it is best suited.

Typical Barske-type pump construction is illustrated by the sketch in
Figure 11-1. The salient features of the design start with a simple open
impeller, which rotates within a case bored concentrically with the impel-
ler centerline. A single emission throat with a conical diffuser section is
oriented tangentially to the case bore. Conical difftisers provide high re-
covery efficiency because of their minimal wetted area. A cone angle of
10° is commonly used, providing good recovery potential and reasonable
cone length requirements.

Radical departure from conventional design practice exists in the ex-
ceptionally tall blade geometry used, with the impeller tip height, b2, set
equal to or moderately greater than the emission throat diameter, dj.
Blade angle, 8, is unimportant except that the flow area in the impeller
eye must at least equal the area of the suction passage. Further obvious
deviation from normal practice is the use of plain radial blades, with no
attempt made to match inlet flow streamlines.

Performance trends of the Barske pump are generally as indicated in
Figure 11 -2A. The head at zero flow, or shutoff, is about equal to the
design head, with a head peak a few percent higher than design in the
neighborhood of half design flow. This curve shape is referred to as an
unstable curve and is often viewed as undesirable, as described in Chap-
ter 1. A stable curve is one in which the head rises continuously as flow
is reduced from design to shutoff. Head drops rapidly for flows above
design, and zero head or cutoff normally occurs around 130% of design



Figure 11-1. open impeller centrifugal pump.
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Figure 11-2. (A) Typical performance trends for Barske pump; (B) typical head
coefficient vs. flow coefficient for Barske pump.
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flow. Very high suction pressures move the cutoff point to higher flow
rates.

Figure 11-2B shows the typical head coefficient and flow coefficient
characteristics of Barske, which is simply a reflection of the head-flow
curve. The tall radial blade impeller geometry produces relatively high
head coefficients typically in the range of ^ = .7 to .75.

The Barske pump does not require close operating clearances to pro-
vide good performance. Open impellers present a leakage path from the
impeller tip back to the eye through the impeller front side clearance, but
only low sensitivity to this clearance has been found. Clearances nor-
mally used in commercial pump sizes range typically from .03 to .05 in.,
which simplifies manufacture and maintenance. The open impeller con-
cept frees the pump from performance decay which can occur with wear
ring construction when erosion or rubbing contact increases the ring
clearance.

Hardware is physically small and geometrically simple allowing pro-
duction by straightforward machining operations. Surface finishes typi-
cal of ordinary shop practice are adequate to avoid excessive losses,
which would be likely to exist with relatively rough cast surfaces. Very
little or no benefit is available through polishing the case surfaces. Impel-
lers are usually made from castings which are trimmed to match the case
geometry. Surface finish on the impellers is unimportant due to the use of
tall impeller blades, which results in low radial flow velocities.

Terminology

The Barske pump design deviates from that of higher specific speed
designs, which are generally referred to as fall emission (RE.) radial or
Francis types. Francis-type pumps are generally suited for relatively high
flow rates and moderate head rise, and meet these objectives with the
highest attainable efficiency of any centrifugal pump type. Full emission
designs almost universally use backswept impellers configured accord-
ing to refined hydraulic practices so as to provide constant meridianal
velocity, to avoid design-point flow separation, to avoid incidence losses
and so forth. These designs are characterized by flow which exits uni-
formly through the full impeller periphery, hence the description: full
emission. But these design procedures become less beneficial with high
stage head and low flow design objectives, i.e., in low specific speed
designs. This occurs because flow passages are being decreased in size
simultaneously with increasing impeller diameter, with an attendant dis-
proportionate increase in friction losses and lowered efficiency.

It has been established through experience that high-flow machines can
be made to work relatively well at low flow rates by simply plugging
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some portion of the exit flow path; for example, plugging some of the
diffiiser passages in a vaned diffuser. This, of course, results in impeller
passages that are oversized for the lower flow rates according to conven-
tional design practice, but in fact can produce efficiencies superior to
those attainable with the very narrow passages that would result in EE,
design procedures. The term partial emission (P.E.) arose to describe
such pump geometry, apparently coined by Balje.

The Barske pump is correctly classified as a partial emission type,
since the emission throat area is much smaller than the impeller emission
area. More to the point, net through-flow in the Barske pump can occur
only in a path extending generally from the inlet eye to the vicinity of the
emission throat. This is true for the simple reason that the remainder of
the case cavity is concentric with the impeller and is filled with incom-
pressible fluid, precluding any possibility of a radial flow component.
High circumferential fluid velocities exist in the forced vortex created by
the impeller, which are superimposed on the through-flow stream ex-
tending from eye to throat. Through-flow is then in essence a fluid mi-
gration, where a given element of fluid makes a number of circuits within
the forced vortex and moves to successively higher orbits in the eye-to-
throat flow region.

Alternatively, the Barske pump can be referred to generically and
geometrically as a concentric bowl P.E. pump or simply a concentric
bowl pump. This is convenient for easier differentiation of the original
pump type from its evolutionary offshoots to be described later.

Partial Emission Formulae

Use of tall, radial-bladed impellers in P.E. pumps results in flow con-
ditions that must be described as disorderly. No attempt is made to match
inlet geometry to the flow streamlines. Very low mean radial flow veloc-
ities combined with high tip speeds reduce the discharge vector diagram
to essentially the tangential tip speed vector, U2. Calculation procedures
for P.E. pumps then are based on simple algebraic expressions involving
impeller tip speed rather than on the vector diagrams used in EE. design.

Barske starts with the assumption that the fluid within the case rotates
as a solid body or forced vortex, and neglects the negligibly low radial
component, resulting in a theoretical head of:

The first term represents the vortex or static head and the second term
represents the velocity head or dynamic head. Even within the Barske
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paper, question arose as to whether inclusion of the Ui2/2g term in the
static head expression recognizing the blade inlet diameter is appropriate.
Low through flow and a strong forced vortex might well combine to ex-
tend rotation to the impeller center!ine, i.e., might introduce prerotation
of inlet flow. Measurements indicating that static pressure at the tip is
close to u2

2/2g reinforce this view. Also, inlet prerotation is indicated by
quite respectable suction performance despite radial blade inlet geome-
try. Thus, the theoretical head normally used in practice simplifies to

When the subscript is dropped, u is taken to indicate the impeller tip
speed. Actual head for P.E. pumps is then stated as:

To further understand the workings of the RE. pump, a somewhat sim-
plistic exercise involving a mixture of theory and experience is put forth
to establish how actual head is generated. As has been indicated, tall
blade geometry produces a strong forced vortex resulting in a static head
coefficient near unity, so the actual static head produced by the impeller
is simply u2/2g. Tests have shown that diffusion efficiency is nearly flat
through much of the flow range, so we state that *?d = .8. Diffusion re-
covery potential is in accordance with the diffuser area ratio

And finally, the P.E. flow coefficient is in the vicinity of 0 = .8. So ac-
tual head generation may be written

Say, then, that the diffuser terminates in two throat diameters, i.e., has an
area ratio of 4, so the actual head should be



High Speed Pumps 181

This is to say that the estimated head coefficient in this breakdown is $
— .74, which falls within the ^ = .70 to .75 range typically occurring in
test experience.

No pretense exists about the theoretical elegance of the actual head ex-
ercise, but it does provide some insight into the workings of the pump. It
is clear that roughly 2/3 of the total head is provided by the forced vortex
in the bowl and that the remaining lb comes from diffusion recovery. Or,
for example, assume that it would be possible to improve difraser effi-
ciency to 90% as is attainable in the relatively idealized case of a venturi
meter, thus increasing the head coefficient to \j/ — .77. Using this result,
we go to the following expression relating head coefficient to efficiency:

Then, assuming an original pump efficiency of 60%, the improved diffu-
sion recovery would increase the pump efficiency to 62.4%. A dramatic
(and probably unachievable) 10% improvement in diffusion recovery
would dilute to 2.4% improvement in the overall pump efficiency. Simi-
larly, truncation of the diffuser cone from an area ratio of 4 to an area
ratio of 3 would reduce the overall efficiency only from 60% to 59%.

It is useful to express head in convenient terms. Non-homogeneous
units are used in this chapter as is commonly done in everyday practice,
so constants in the main result from unit conversions. Impeller tip speed
is:

Specific Speed

To those familiar with algebra, but unfamiliar with pump technology, it
would appear that specific speed, described in Chapter 2, can be altered
by simply changing the rotational speed. Not so. To illustrate this, we
note from the affinity laws (also described in Chapter 2) that flow is pro-
portional to speed and head is proportional to the square of speed. Start
with a given pump with a specific speed of:
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Then, if the rotational speed is changed by some factor x, we have:

So we see that specific speed is unchanged with change in rotational
speed; head and flow change in such a way as to keep specific speed con-
stant,

Mathematically, the specific speed expression is seen to vary from zero
at zero flow or shutoff, to infinity at zero head or cutoff. By definition,
specific speed has meaning only at the best efficiency point or flow rate
at which maximum efficiency occurs. Then, the head expression can be
expanded to read

Flow is proportional to the product of tip speed and discharge throat area
according to the following expression

In the flow expression, it is seen that the flow coefficient, $, is simply
the ratio of discharge throat velocity to impeller tip speed. It is at first
surprising to note that <£ = 1.3 at cutoff indicates that throat velocity is
outrunning the impeller tip speed by 30%. This is in reality the case, and
is explained by conversion of the bowl static head into velocity head so
that total head, less losses, appears as velocity head in the discharge
throat.

Further perception of the meaning of specific speed for RE. pumps is
desirable. To provide this insight, we simply insert the head and flow
expressions of Equations 11-7 and 11-8 involving impeller diameter,
throat diameter and speed into the specific speed expression

which yields an alternate expression for specific speed:
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This expression may be described as the geometric form of specific speed
and shows first that specific speed is independent of rotational speed, and
secondly that specific speed is basically defined by the ratio of emission
throat diameter to impeller diameter, i.e., is related to the ratio of flow
capacity to head capacity of the pump stage. Since the head and flow co-
efficients of the P.E. pump do not range broadly, the specific speed of a
given P.E. pump geometry is expressed approximately as:

Accumulated experience reflecting the efficiency potential of well-de-
signed pumps versus specific speed are shown in Chapter 2. Impeller ge-
ometry trends toward relatively large diameters and small flow passage-
ways as specific speed decreases.

A first observation is that pumps with the highest efficiency potential
have a specific speed in the neighborhood of 2,000, and that efficiency
starts to drop substantially for specific speeds below 1,000. The funda-
mental reason for lowered efficiency potential at low specific speed lies
in the disproportionate losses incurred in low specific speed design, par-
ticularly disk friction and flow losses. Disc friction, neglecting a modest
Reynold's number modifier, is well known to vary as the cube of speed
and the fifth power of diameter. Pump power is proportional to the prod-
uct of pump head and flow or the cube of impeller diameter and speed,
(DN)3. Then, without pretense of mathematical completeness, the impact
of disk friction on efficiency can be expressed as follows:

This expression illustrates the disproportionate influence of disk friction
on efficiency for low specific speed pumps which tend toward large di-
ameter impellers. Further, for a given head objective, design choices are
such that the product of DN is a constant, so indicating the general advan-
tage inherent in selection of high speed in return for a smaller impeller
diameter,

A second observation is at first disappointing in that a family of dimen-
sional parametric curves indicative of pump size appear on the otherwise
dimensionless Ns—1? plot. Small pumps are always less efficient than hy-
draulically similar large pumps. The prime reason for this scale or size
effect is mostly easily explained by a pipe flow analogy: skin friction
arises from the inner circumference of the pipe and so is proportional to
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the diameter, while flow or throughput is proportional to the cross-sec-
tional area and so is proportional to the square of the diameter. Small
pipes thus experience relatively higher flow loss than do large pipes. In
fact, pipe friction data provide excellent corollary with the Ns—^ data for
pumps in that pipe diameters commonly appear as parameters on a di-
mensionless plot of friction factor versus Reynolds Number.

With specific speed as well as head and flow expressions having been
defined for P.E. pumps, convenient expressions for impeller and throat
size may be derived

The concentric bowl pump has been unjustly criticized as having only
low efficiency potential, probably because this pump type is frequently
designed for very low specific speed where only low efficiency potential
exists. Barske states that efficiency was of secondary importance in his
development efforts, yet reports an efficiency island of 57% in the vicin-
ity of H = 1,000, Q = 40, N = 28,000 (N, = 1,000). This is seen to
be representative of good pump performance as indicated by the general
pump population data discussed in Chapter 2.

Because partial emission pumps range so widely in speed, it is sensible
to use impeller diameters for scale or size parameters on NS-T| maps,
rather than the flow parameters widely used for the higher specific speed
types. Direct comparison of P.E. and RE. efficiency potentials from
these data is a little elusive since these maps define explicitly only two of
the four parameters involved in the specific speed expression. But by
making the quite reasonable assumption that the low specific speed data
collected by Karassik derived from pumps at 3,600 RPM, direct compar-
ison can be made as shown in Figure 11-3. The dotted curves reflect the
Karassik data and the solid curves represent P.E. performance at 3,600
RPM. Distinct P.E. efficiency superiority is seen to exist at low specific
speeds and low to medium flow rates.
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Figure 11-3. Partial emission efficiency comparison.

Concentric bowl pump peak efficiency occurs at about Ns = 800, and
declines in efficiency at higher specific speeds as shown. This character-
istic of RE. pumps exists in general because with high specific speeds the
inlet and discharge passages enlarge toward overlap causing declining
head coefficients and efficiency reduction. This characteristic establishes
a boundary region delineating the suitability of P.E. and RE. pump types.

Although very low specific speed design must inherently entail effi-
ciency sacrifice, such design can have overall attraction. Efficiency is
not the sole consideration in pump selection, and can be overridden by
factors such as simplicity, low initial cost, and quick, easy maintenance.
These alternative considerations tend toward dominance at modest power
levels and for intermittent or low-usage services.

Suction Specific Speed

Another dimensionless parameter highly important in pump design is
known as suction specific speed involving a parametric group nearly
identical to the pump specific speed expression. This subject is discussed
in detail in Chapters 2 and 8.
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Suction specific speed ranges typically from Ss = 7,500 to 10,000 for
P.E, pumps, which is in about the same range as for higher specific speed
pumps of single suction, overhung impeller design. High Ss values trans-
late into low NPSHR, or good suction performance. The range men-
tioned varies with flow rate where high Ss values are associated with low
flow rates.

Solving the specific speed equation for NPSHR yields a suction expres-
sion in terms of speed and flow, which can alternately be converted into
terms of head and specific speed:

Contrary to what might be expected, the inlet radial blade geometry used
in P.E. pumps achieves suction specific speed parity with the higher spe-
cific speed pumps utilizing more sophisticated inlet shapes. It is appar-
ent, however, that high speed pumps will be demanding from the stand-
point of NPSHR. The bracketed term in the latter expression is known as
the Thoma cavitation parameter, usually designated by sigma:

The Thoma parameter, then, states NPSHR as a fraction of pump head
and is a function of the ratio of specific speed to suction specific speed.
Low specific speed thus offsets to a degree the higher NPSHR associated
with high speeds.

The inlet eye size in the prior expressions is assumed to be generously
sized, as is generally done so that only small NPSHR impact exists. The
NPSHR expression expanded to include inlet eye size effect becomes:

Inlet eye size has been found to have an influence on the efficiency po-
tential of the pump, which as we have just seen, affects NPSHR. Avail-
ability of efficiency advantage via eye sizing then in reality hinges on
NPSHA in the application. More will be said on this subject in the section
"Partial Emission Design Evolution."
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As an aside, pump users should be aware that overly conservative
statements of NPSHA in an application can work to their disadvantage.
The pump manufacturer must meet the stated NPSHA, so understated
suction conditions can force the design toward lower speed or more and
larger stages, which can result in an efficiency penalty or higher initial
cost.

Inducers

Need to improve suction performance becomes quickly apparent in the
move toward exploitation of high speed advantage. Inducer development
began more than 50 years ago to provide this improvement. An inducer is
basically a high specific speed, axial flow, pumping device roughly in the
range of Ns = 4,000 to 9,000 that is series mounted preceding a radial
stage to provide overall system suction advantage. Inducers are charac-
terized by relatively few blades, shallow inlet blade angles, and generally
sophisticated hydraulic design.

The inducer must put up enough head to satisfy the needs of the radial
impeller stage but in itself has a suction level requirement that establishes
a new lower NPSHR for the system. Inducers are an important element
in high speed pump design, and so have been and continue to be the sub-
ject of considerable interest and developmental work. Inducer design
should be such that maximum suction performance is achieved, and such
that cavitation erosion in the inducer itself is avoided in long-term opera-
tion.

Inducer performance is generally taken as the suction specific speed
which corresponds to 3% pump head depression as NPSH is decreased.
Theory exists establishing optimum suction performance in an expres-
sion known as the Brumfield criterion. A form of the Brumfield criterion
developed in a comprehensive document on inducer design developed by
NASA is as follows:

Where 4> is the inlet flow coefficient or the ratio of meridianal flow ve-
locity to inducer tip speed:

A plot of the Brumfield criterion is shown in Figure 11-4. It should be
emphasized that this expression is theoretical but tempered by practical
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Figure 11-4. Brumfield performance criterion,

design considerations and that many details of inducer design are not ad-
dressed. The angle /3 is the fluid angle at inlet and differs from the blade
angle, ft, by a positive incidence angle, a. Prerotation is assumed to be
zero, and other considerations such as blade shape, blockage, hub geom-
etry, and leakage are simply ignored. The intent here is primarily to show
the fundamental influence of the inlet blade angle on suction perfor-
mance potential.

Optimal inducer design is distinctly a high-tech endeavor which must
conform to hard-earned design guidelines and hydraulic disciplines. A
well-designed inducer should possess a "sharp" breakdown characteris-
tic as illustrated by the solid curve in Figure 11-5, rather than the "gen-
tle" curve shown in broken line. The NPSHR disadvantage with gentle
breakdown is evidenced by the NPSHR differential which exists at the
3% head depression level. It should not go unnoticed that the 3% head
depression level refers to the inducer-pump combination, so the level of
the 3% line on the inducer headrise curve will vary according to the head
of the pump to which the inducer is coupled. Lower head units will suffer
an NPSHR disadvantage with a gentle breakdown inducer compared to
high head units equipped with the same inducer.
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Figure 11-5. Inducer characteristics curves.

Commercial inducers have tended to result in performance suction spe-
cific speeds on the order of Ss = 20,000 to 24,000. This level of perfor-
mance entails some compromise from the standpoint of consideration of
inducer cavitation but provides respectable inducer design, though per-
haps not ultimate design. These suction specific speeds generally
produce dramatic improvement in suction performance, frequently pro-
viding up to 80% NPSHR reduction over uninduced pumps.

Freedom from long-term cavitation erosion to the inducer itself is pro-
vided by observing experimentally established cavitation limitations in
the inducer design. The cavitation limitation is related to tip speed, fluid
specific gravity, and the inducer material as follows:

where K is an experimentally established constant which varies with the
inducer hydraulics and material of construction.

Commonly used 316 stainless steel is considered to possess "good" re-
sistance to cavitation erosion, but exploitation of materials with superior
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cavitation resistance and a given level of hydraulic sophistication may
well pay dividends in excess of their added cost.

The trends associated with the performance and cavitation criteria for
inducers are shown in Figure 11-6. The ideal inducer size lies at the in-
tersection of the curves, where maximized performance is provided
within cavitation limitations. By limiting consideration to flow coeffi-
cients of $ < .2 and combining the Brumfield and cavitation limit crite-
ria, the following expression results, providing means of estimating the
optimum inducer diameter

Exact parity between the performance and cavitation criteria is, of
course, not essential in each inducer application. The challenge in de-
signing a family of inducers is to provide the most useful combinations of
characteristics within a reasonable family size.

This section has presented a superficial overview of a complex subject:
inducer design and application. A few closing remarks are in order,
Brumfield does not represent an ideal inducer such as with paper thin

Figure 11-6. Trends of performance vs. inducer diameter.
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Figure 11-7. Inducer family for partial emission pumps (courtesy Sundstrand)

blades, razor sharp edges, etc., but rather a useful "optimum" relating
reasonable suction performance expectation to the inlet flow coefficient.
The Brumfield suction performance can be exceeded with well-designed
inducers. Tradeoff or compromise is not always required in performance
and cavitation considerations, because modest speed, small inducers, or
low specific gravity fluids can result in operating regimes far removed
from cavitation concern. Substantial effort has been devoted to inducer
development and will undoubtedly continue in the future, since inducers
are a key element in extending the frontiers of high-speed pump technol-
ogy-

A family of inducers for RE. pumps is shown in Figure 11-7 which
range from 1.25 to 3.5 inches in diameter and provide coverage from Q/
N = .0005 to .1.

Partial Emission Design Evolution

Beyond the very substantial NPSHR improvement provided by indu-
cers, improvement of the concentric bowl pump has been pursued in
other areas including efficiency, curve shape, and noise reduction. Posi-
tive results have been achieved in all three of these areas as summarized
below.

Areas exist where the concentric bowl pump is wanting by a few effi-
ciency points to be more fully competitive with other pump types. A clue
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Figure 11-8. Diagram of concentric bowl static pressures and flows.

to a basic hydraulic "fault" in the concentric bowl pump exists in the eye-
to-throat flow path described in the section "Terminology." The sketch in
Figure 11-8 illustrates a concentric bowl pump, where the dashed line
represents a polar plot of static pressure within the bowl. The static pres-
sure is depressed in the vicinity of pump discharge, and this depression
increases with increasing flow rate. This indicates unfavorable exchange
of static head for velocity head in the area of discharge, which must be
reconverted to static head in the diffuser. Furthermore, fluid approaches
the discharge throat in the direction indicated by vector c, the vector sum
of U2 and vr, detracting from the diffuser recovery potential.

These adversities can be eliminated by abandoning the concentric bowl
geometry in favor of a volute collector geometry. This modification has
been shown to improve efficiency by about 6 points with specific speeds
in the range of Ns = 800 to 1,000, but this advantage fades to parity with
the concentric bowl configuration at specific speeds of about Ns = 300
to 400.

Radial side load results from standing pressure variations around the
impeller periphery. These hydraulically imposed radial loads are propor-
tional to the product of pump head times the projected area of the impel-
ler, and must be reckoned with from the standpoint of bearing loads. Side
load trends vary dramatically with the pump design geometry as indi-
cated in Figure 11-9, where magnitudes are shown in the upper plot and
vector direction trends are shown by the polar plots within the lower fig-
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Figure 11-9. Radial load trends.

ures along with the letters S, D, and C, indicating shutoff, design, and
cutoff flow rates. The concentric bowl side load increases continuously
with flow and is always oriented in the general direction of the discharge
throat. The volute radial load virtually vanishes at design flow, but
undergoes about a 180° reversal in direction over the full flow range.
These considerations are significant when fluid film bearings are used
and the lube feed spreader groove location must not encroach into the
bearing load zones.
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Change to a volute collector raises the question of terminology, since
fluid exists via the full impeller periphery and it may be asked whether or
not the description "partial emission" should be abandoned. On balance,
tall radial blade geometry is carried over from the concentric bowl de
sign, so the impeller emission area remains much larger than the dis-
charge throat area. Disorderly flow conditions similar to those in concen-
tric bowl design prevail due both to retention of tall blades and the radial
inlet geometry. The volute modification perhaps is most accurately
viewed as a P.E./F.E. transitional design, but we will choose here to re-
main with the P.E. classification, in part because this modification stems
from the original concentric bowl concept to which the P.E. designation
clearly applies.

Further efficiency improvement is possible through optimization of the
inlet eye diameter. By analytic means, this optimum has been established
as:

Test experience has shown that optimum eye sizing can improve effi-
ciency by about four points over that attainable with large eye diameters
on the order of twice the optimum diameter, which are often used in the
interest of minimizing NPSHR. Equation 11-17 shows that eye size influ-
ences NPSHR as a fourth power function of diameter, so freedom to ex-
ploit the eye size efficiency advantage often does not exist. For inducer-
less design and ample NPSHA, near-optimum eye sizing should always
be used. This situation nearly always exists, for example, in stage 2 of
series-staged machines.

Curve shape improvement and noise reduction have been achieved
through use of high-solidity impellers, i.e., by adding more impeller
blades, which increases the ratio of blade cord length to blade spacing.
High-solidity impellers tend toward minimizing flow stratification and
blade loading because the total power is divided between a larger blade
complement. To obtain benefit with high solidity impellers, it is neces-
sary that all blades penetrate equally into the impeller eye. Use of splitter
geometry or blades alternating in length as is often done in turboma-
chines to avoid eye crowding results in dominance of the larger blades
and provides no advantage in P.E. pumps.

A rising-to-shutoff or stable curve shape can be provided with high so-
lidity radial-bladed impellers as shown by the solid curve in Figure 11
10. This is contrary to the generally held view that backswept blade da-
sign is essential to providing a stable curve. The reason that improved
curve shape results with high-solidity impellers is believed to lie with im-
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Figure 11-10. Curve shape variation with impeller eye size.

proved pilot recovery at low flow rates. Referring back to the concentric
bowl characteristics shown in Figure 11-2, it is seen that shutoffhead is
about the same as design head. The ideal velocity head is u2/2g, and some
portion of this head may be converted to static head by either diffusion or
pitot recovery. As flow is reduced, diffusion recovery potential de-
creases while pitot recovery potential simultaneously increases. The
shutoff head coefficient would be expected to be only ^ = .5 without
pitot recovery. A stable curve shape evidently results from improved pi-
tot recovery provided by high solidity impellers.

As would be expected, increased impeller solidity results in an in-
creased head coefficient. In "Partial Emission Formulae," the impeller
blade inner diameter, DI, was said to have small effect on pump perfor-
mance, so was neglected in an illustrative exercise. But the impeller eye
choice does in fact affect curve shape and efficiency with a volute collec-
tor, so presenting a designer's choice. A rising curve characteristic is
achieved by setting Dj appreciably larger than the inducer diameter.
Choice of small DI, or deeper blade penetration into the eye, provides
higher design head and moderately higher efficiency, but results in a rela-
tively flat curve shape.
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It is interesting to note that the shutoff head remains unchanged with DI
variation, so the characteristic curves "hinge" about the shutoff point.
Although a rising curve is generally viewed as being desirable, it should
be noted that many thousands of pumps have operated with satisfaction
through the years despite an unstable curve characteristic.

Pump Noise

Noise generation becomes a subject of increasing concern with the in-
creased power densities associated with sometimes very compact high-
speed pumps. Investigation has shown that noise generation traces to hy-
draulic origins, and more specifically is at blade pass frequency in RE.
pumps. The underlying noise generating mechanism lies with pro-
nounced flow stratification within the impeller, so that flow jets issue
from the pressure side of each blade at the impeller exit. These jets im-
pinge on the geometric anomalies in the discharge vicinity and produce
pressure pulses which set the container walls in motion, which in turn
broadcast airborne noise. Noise also propagates through metallic and
fluid paths making noise control by means of lagging or enclosures ex-
tremely unattractive because the entire pumping system must be treated,
including the pump, driver, base, and piping system.

High-solidity impellers have provided noise reduction typically on the
order of 10 dbA, which viewed in different contexts translates into 90%
sound power reduction but is perceived by the human ear as being half as
loud. Roughly 5 dbA additional noise reduction is available by increasing
the case size relative to the impeller size with virtually no sacrifice in
efficiency. Industrial and governmental noise standards can always be
met or exceeded with high-solidity impellers, whereas their low-solidity
counterparts are sometimes marginal in this regard.

It should be noted that proper volute sizing is a prerequisite to achiev-
ing either the efficiency gains available with volute collectors or the noise
and curve shape advantages associated with high-solidity impellers. Ex-
perience has taught that the cross-sectional area swept by the volute
should be about 15% to 20% greater than the discharge throat area.

The photograph of Figure 11-11 compares low- and high-solidity par-
tial emission pump impellers equipped with inducers. Advantages associ-
ated with the high-solidity impellers will result in this type supplanting in
large measure their low solidity counterparts.

Design Configuration Options

High-speed partial emission pumps are well suited to provide high to
very high heads. Inducers have augmented suction performance so that a
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Figure 11-11. Comparison of high and low solidity impellers with inducers
(courtesy Sundstrand).

majority of requirements can be satisfied by machines with single-stage
simplicity. More difficult requirements can be met by staging arrange-
ments that provide extremely high heads or very low suction require-
ments or a combination of both.

Samples of a family of pump designs that have been evolved to provide
wide coverage and flexibility are illustrated in the collage shown in Fig-
ure 11-12 A-E, briefly described as follows:

A. Single-stage or two-stage HP to 1,500 and 2,500. Single-stage to
H = 6,000, Q = 400. Series staging to H = 12,000, Q = 400.
Parallel staging to H = 6000, Q - 800.

B. Three-stage same as Pump A with boost stage to provide extreme
heads combined with low NPSHR.

C. Two-stage, two-speed. HP to 400 and 750. To H = 6000 with low
NPSHR or H = 12,000 ft with ample NPSHR. Q to 400.

D. In-line vertical. HP to 50, 200 and 400. H = 6000 and Q = 400,
Direct drive versions available to 75 HP.

E. Integral flange motor. HP from 1 to 200 in 3 size versions. H to
3500, Q to 400. Frame mounts optional.

As is readily apparent, a great deal of design capability and flexibility
is available in this family of machines. The suction constraints associated
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Figure 11-12. Examples of partial emission high speed pumps: (A) single- or
two-stage pump; (B) three-stage pump; (C) two-stage, two-speed pump; (0) in-
line vertical pump; (E) integral flange motor pump.
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with high-speed pumps can be virtually eliminated without efficiency
sacrifice via inducer and staging options. It is interesting to note that a
two-stage machine with equal head split optimizes at 60% of single-stage
speed, which can reduce NPSHR up to about 70%,

Other High Speed Considerations

Aside from hydraulics, a number of other considerations exist in high-
speed design. Several of these design facets are touched upon in the fol-
lowing sections. Each is broad in scope so can only be briefly highlighted
here,

Stress and Deflection. Commercial availability of stage heads up to
about 3,000 feet has been indicated by Karassik for full-emission, high-
speed pump types. As has been indicated, partial-emission design allows
heads to 6,000 feet per stage even with relatively low-strength 316 stain-
less steel material, this potential accruing from rugged blade impeller de-
sign. Simple impeller geometry allows easy extension of this head limit,
if such need arises, through use of high strength-to-weight materials such
as 17-4 PH stainless steel or titanium alloys.

Size reduction associated with high-speed design is dramatically illus-
trated in Figure 11-13 showing high- and low-speed multi-stage rotors
with equivalent pumping capabilities. Fewer high-speed rotors and the
exponential relationships of span and shaft diameter combine to allow
geometries with lower shaft deflection in the high-speed design,

Gears. Speed-increasing gearboxes are generally required for pump
drive speeds above electric motor limits. Integral gear systems are fre-
quently used with single overhung impeller design, where the gearbox
high-speed shaft doubles to support the pump impeller. Multi-stage ma-
chines are usually designed with straddle-mounted rotors and free-stand-
ing gearboxes, so requiring strict attention to alignment and high-speed
coupling design.

The single most important attribute of high-speed, high-pitch line-ve-
locity gearing is precision. Hardened and ground gearing is attractive be-
cause modern gear grinding equipment provides very high precision ca-
pability, along with substantial size reduction over soft gearing.
Hardened gearing does not undergo geometric change during break-in,
so the required gear and mounting precision must exist at assembly.

Industrial gearing is generally designed in accordance with American
Gear Manufacturers Association (AGMA) specifications in which com-
plete design guidelines are presented. Gears corresponding to AGMA
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Figure 11-13. Multi-stage high and low speed rotor comparison (courtesy
Worthington Division, McGraw Edison Company).

precision class 10 to 12 are commonly used in moderate- to high-pitch
line-velocity gearing. The American Petroleum Institute (API) also
publishes gearing specifications that are derived from AGMA, but de-
mand more design conservatism. AGMA ratings compare to API ratings
roughly in a ratio of 5:3.

Gear design considers ratings from two standpoints: strength and en-
durance. Strength rating is based upon evaluation of the gear tooth as a
cantilever beam, and dominates in lower-speed, high-torque situations.
Control of the case depth is important in hardened gear design to avoid
through-hardening, or brittle teeth. Endurance rating evaluates gear de-
sign from the standpoint of wear resistance and becomes increasingly
dominant with increasing pitch line-velocities. The lesser of the strength
and endurance ratings at a given operating condition establishes the gear-
ing rating. Best balance between strength and endurance results from
coarse tooth selections for the lower operating speeds to fine-tooth selec-
tion in the high-speed ranges.

A tendency has existed to select spur gears for moderate power trans-
mission and helicals for the higher power ranges. Spur gear geometry
forces design with a contact ratio between 1 and 2, that is to say that the
load is alternately carried by a single tooth or shared by a pair of teeth.
Rating, then, is based upon single-tooth contact. Helical gears provide
smooth meshing and continuous multi-tooth contact, and so in theory
provide substantial increased capacity within a given envelope. This heli-
cal advantage, however, is highly dependent on gear precision, and is
usually assumed to provide added design margin rather than increased
capacity rating.
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Helical gears introduce thrust which must be reacted by the bearing
system. Thrust can be eliminated by use of herringbone gear design, but
this option loses some packaging attraction with ground gears in that a
wide central groove must be provided between the gear working halves
for grinding wheel runout. Piecing helical gears back to back to provide a
herringbone design detracts from already stringent precision require-
ments. Helical gears are generally (but not universally) believed by gear
authorities to offer the advantage of lower noise, but here again precision
looms more important than the spur-versus-helical choice per se. In any
event, hydraulic noise in high-speed pumps has been found usually to
overwhelm gear noise, divorcing noise consideration as a factor in gear-
type selection.

For RE. pumps, where speed is always tailored to a given application,
desired speed is provided by simple gear size selection of standardized
gears to fit within standardized gearboxes. Rarely do power and speed
combine to require the maximum gearbox rating, so most often an added
design margin exists at the rated power in a given application.
Bearings. Ball bearings have evolved to a high state of perfection and are
attractive from the standpoints of low friction loss and modest lube sys-
tem demands. Roller bearings have higher capacity than ball bearings,
but are not well suited for high speeds due to a tendency of the rollers to
skew in operation.

In general industrial equipment, the API guidelines are sometimes
viewed as being unnecessarily conservative, and are modified in the in-
terest of simplicity and low cost. Life projections should be tempered by
foil realization that only contact stress is considered, and that the quality
of lubrication and many other practical aspects of bearing application are
not addressed. In any event, high-speed/high-power design imposes
bearing demands which soon outrun any realistic expectations of design
adequacy with rolling contact bearings.

Hydrodynamic bearings possess capability to operate for indefinite pe-
riods at high load levels and high speed. This bearing type is self-acting
with a film of lubricant separating the bearing elements in steady-state
operation, precluding metallic contact and thus providing zero wear. The
term "thick film" is used to describe these bearings, but this description
must be taken in context since "thick" usually implies film heights of
only a few ten-thousandths of an inch. Metallic contact cannot be toler-
ated in high-speed bearings, so the need for precise alignment is obvious.
Materials selection is important largely because boundary lubrication or
rubbing contact exists during start-stop cycles where full fluid-film sepa-
ration cannot be achieved.

Plain journal bearings have excellent capacity and are nearly always
suitable at pump speeds. For extreme speeds and powers, tilting pad jour-
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nal bearings are sometimes used to take advantage of their excellent sta-
bility characteristics. Plain thrust bearings are inexpensive, and are gen-
erally used up to their load limits of 100 to 150 psi. More severe thrust
loads require use of tilting pad thrust bearings with about 500 psi unit
load capacity.

Bearings are obviously important elements in high-speed design, but
the temptation to oversize bearings in the interest of unwarranted design
conservatism should be suppressed because hydrodynamic bearing para-
sitic losses are not negligible.

Lube Systems. In small units equipped with ball bearings, lubrication
needs can often be met with simple splash systems. Higher power units
equipped with hydrodynamic bearings generally require a pressure lube
system, including a lube pump, over-pressure relief valve, filter, and
heat exchanger.

Free-standing lube pumps are sometimes used, but a pump driven from
the gearbox input shaft is preferable, because lubricant is supplied during
coastdown from high speed in the event of a power failure. Auxiliary
lube pumps are sometimes required when start-up demands are severe.
An example of this is an application with very high suction pressure act-
ing over the shaft seal area producing high thrust at start-up. The thrust
bearing must be copiously lubricated at start-up in order to survive the
short-term boundary lubrication conditions existing until sufficient speed
is achieved to provide lift-off to full film separation. Large machines and
machines with very high stand-by suction pressure are often equipped
with auxiliary lube pumps to provide full lubricant flow and start-up.

Shaft Dynamics. Shaft dynamics is a rather complex discipline that has
evolved substantially over the years to ever higher levels of sophistica-
tion along with other engineering sciences. The advent of modern com-
puter technology has raised analytic prowess to heights which would be
otherwise impractical if not impossible.

The dynamic behavior of a shaft is strongly influenced by the charac-
teristics of the bearings upon which it is invariably mounted; the impor-
tant bearing characteristics being the spring rate and the damping coeffi-
cient. Rolling contact bearings have high, but finite, spring rates as
opposed to relatively low spring rates in fluid-film bearings. Critical
shaft speeds decrease with decreasing bearing spring rates. The high
spring rates of rolling contact bearings usually vary over only a narrow
range, so past experimental spring rate information generally suffices in
shaft dynamics analyses. For hydrodynamic bearings, the relationship
between load and film height are well established, and the spring rate is
calculated by taking the first derivative of the W/h relationship, dW/dh.
It must be recognized that the hydrodynamic spring rate will vary with
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load, so the ranges associated with gear loading and impeller hydraulic
loads must be considered in detailed analyses.

All this appears a bit intimidating at first glance, but in practice shaft
dynamics has generally shown itself to present neither incessant nor in-
surmountable problems. It should be pointed out that critical speed oper-
ation is not always destructive. Cases exist where a shaft can be made to
run continuously at its critical for long periods, but needless to say, com-
fortable margin should always be provided between critical and design
speed. With a new product family, thorough critical speed analysis is
used in the design phase, and the analysis is confirmed by test experience
in the hardware phase. Need for a fall-blown analysis for each minor
pump variation is alleviated. Normally, each production pump is tested at
foil rated capacity so any dynamic distress can be detected and corrected
prior to shipment. Single-speed machines offer advantage in this regard
since change of shaft stiffness, bearing stiffness, rotating mass, or a com-
bination of all three can often cure a problem with modest hardware al-
teration.

Field problems with shaft dynamics are by far the exception rather than
the rule. Such exception has an increased chance of occurring when full
field operating conditions cannot be duplicated in the manufacturer's test
facility. For example, water is the universally used test fluid, so pumps
designed for low gravity fluids must often be operated at off-design con-
ditions to simulate their full-power or Mi-speed operating characteris-
tics. Or, a pump can interact differently with a user's system or founda-
tion than it does in the laboratory. The computer has proven to be an
invaluable aid in such occasional situations when a problem occurs.

Instrumentation is readily available to continuously monitor machine
health if so desired. Noncontacting probes can directly observe high-
speed shaft motion and can be arranged to provide display, alarm, or
shut-down in the event of trouble. But this option is generally reserved
for large and costly equipment. It is probably safe to say that this instru-
mentation is seldom opted for in machines under a few hundred horse-
power. Experience has shown that the reliability and endurance of high-
speed machines can be assumed to match that of their lower-speed
counterparts, so similar ground rules on protective instrumentation
should apply.
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by Erik S. Fiske
BW/IP international, Inc.
Pump Division

Double-case pumps are also known as double-casing, barrel-case, or
barrel-type pumps. They are used for temperatures and pressures above
the range of single-case horizontally split, or diffuser-type multi-stage
pumps, and pressures above the capabilities of radially split process
pumps. The following are typical temperature and pressure limitations
for centrifugal pumps. Horizontally split multi-stage pumps, such as
those illustrated in Figures 6-1 and 10-13 are limited to operating temper-
atures of 400°F [1]. They can be designed for discharge pressures up to
4,000 psi, but often are limited to lower pressures by user specifications.
Radially split process pumps are suitable for temperatures up to 800 °F
Radially split double-suction, single-stage process pumps cover operat-
ing conditions up to 500 psi discharge pressure. Two-stage process
pumps cover conditions to 1,000 psi. Double-case pumps are typically
applied for operating conditions above these limits.

Configurations

Pump Casing

Double-case pumps got their name from being constructed with two
cases: an inner case assembly that contains the complex shape of the sta-
tionary hydraulic passages and an outer case (barrel) that acts as the pres-
sure boundary for the pumped fluid. The inner case assembly is sub-
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jected to external differential pressure, so any bolting required to hold it
together is minimal. The outer barrel is designed as an unfired pressure
vessel, and can be constructed to the requirements of well established in-
dustry codes.

Volute Casing with Opposed Impellers

Figure 12-1 illustrates the volute-type opposed-impeller configuration,
The inner case assembly is horizontally split and consists of two identical
halves, cast from the same pattern. The double-volute construction pro-
vides radial hydraulic balance. The opposed impeller arrangement mini-
mizes resultant axial thrust, providing inherent axial thrust balance,

Figure 12-1. Volute-type opposed-impeller double-case pump (courtesy BW/IP
International, Inc. Pump Division, manufacturer of Byron Jackson/United™
Pumps).
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Diffuser Casings with Balance Drum

Diffuser-type pumps have all impellers facing in one direction, result-
ing in high axial thrust forces. Figure 12-2 shows a diftuser-type pump
with a balance drum to carry the axial thrust forces. The inner case as-
sembly is vertically split, and the symmetry of the diffusers provides ra-
dial hydraulic balance.

Diffuser Casings with Balance Disk

Figure 12-3 shows the diffiiser-type configuration with a balance disk
that carries the axial forces. Except for the axial balancing device, the
construction is similar to the previous diffuser-type design. Balance disk
construction is used for clean services such as boiler feed because of its
ability to completely balance axial thrust at all operating flow rates.

Figure 12-2. Diffuser-type in-line impeller, double-case pump with balance drum
(courtesy Dresser Pump Division, Dresser Industries, Inc.).

Applications

Common applications for double-case pumps are:

« Boiler feed pumps in central station and large industrial fossil-fueled
power plants.

• High pressure and/or high temperature pumps in oil refineries or
chemical plants.
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Figure 12-3. Diffuser-type in-line impeller, double-case pump with balance disk
(courtesy Ingersoll-Rand Company).

• High pressure oil field water injection and offshore hydrocarbon eon-
densate reinjection pumps.

* Pipeline pumps for unusually high pressures, very high vapor pressure
hydrocarbons (typically above 200 psi), or offshore hydrocarbon con-
densate.

Boiler Feed Pumps

The most common application for double-case pumps is for boiler feed
service in fossil-fueled power plants. These pumps must combine high
efficiency with maximum reliability. Feedwater pump outages were esti-
mated to have cost more than $408 million in replacement power alone in
the United States in 1981 [3]. Several multi-million dollar efforts to re-
duce this cost have been implemented by users and manufacturers world-
wide. These efforts have resulted in increased product knowledge that
now can be applied to high-energy pumps, system design, and operation.
Research in this area is continuing.

Charge Pumps

Oil refinery charge pumps handle liquids that are flammable and often
toxic, at very high temperatures and pressures. Wide variations in vis-
cosity of the feed stock or the presence of abrasives may add to pump
design problems. In spite of inherent application problems, these pumps
must combine maximum reliability with good efficiency.
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Waterflood Pumps

Oil field water injection pumps operate at capacities to 5,000 gpm.
Double-case pumps provide differential heads to 11,000 feet and dis-
charge pressures to 8,000 psi from two pumps operating in series. This
application is covered in more detail in Chapter 10.

Pipeline Pumps

The vast majority of pipeline pumps are of the horizontally split, multi-
stage design, covered in Chapter 10. Double-case pumps are used only
when unusually high pressures are required or when handling hydrocar-
bons near their supercritical condition.

Design Features

Removable Inner Case Subassembly

Modern double-case pumps have a fully separate inner case subas-
sembly (including rotor). The inner case subassembly for a volute-type
pump is shown in Figure 12-4. This subassembly can be removed, after
disassembling the outboard cover, without disturbing the suction piping,
discharge piping or the driver. It is common practice to have a spare sub-
assembly available for replacement, thereby reducing maintenance turn-
around time or the downtime caused by unscheduled outages.

If the pumped fluid is hot, time is needed to lower the temperature of
the components before maintenance work can begin. Time to cool by am-
bient air is extended because the pump is normally well insulated. Forced
liquid cooling can be helpful, but must be preplanned to avoid subjecting
the pump to unacceptable thermal gradients.

In some designs the inner case subassembly includes the radial and
thrust bearings. This feature further reduces downtime because the re-
placement rotor is aligned before the outage. A boiler feedwater pump of
this construction, called "cartridge," "full cartridge," "pullout," or
"cartridge pullout" design, is shown in Figure 12-5.

A saltwater injection pump with full cartridge pullout is shown in Fig-
ure 12-6. The configuration shown is said to save at least 40 manhours of
labor, compared to conventional construction, each time the inner-case
subassembly is replaced. This design features a springplate on the high
pressure end to preload the internal gasket between the inner volute case
and the outer barrel. This gasket seals the full differential pressure. The
springplate design compensates for manufacturing tolerances to assure
interchangeability among spare inner assemblies and also compensates
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Figure 12-4. Inner case subassembly for a volute-type pump (courtesy BW/IP
international, Inc. Pump Division, manufacturer of Byron Jackson/United™
Pumps).

Figure 12-5. Boiler feedwater pump of cartridge puliout design to reduce main-
tenance turnaround time (courtesy Suizer Bingham Pumps Inc.).
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Figure 12-6. Water injection pump with full cartridge puliout, featuring a
springplate on the high pressure end to preload the internal gasket that seals full
differential pressure (courtesy BW/IP International, Inc. Pump Division, manufac-
turer of Byron Jackson/United™ Pumps).

for differential thermal expansion. Finite element analysis of the spring-
plate assures that all design goals are achieved. This mechanical design,
with the proper materials of construction, is also suitable for boiler-feed
service.

The cartridge puliout design is especially advantageous when the
pumps are located in an unfavorable environment, such as an offshore oil
production platform. All critical assembly operations are performed in a
service shop where high quality mechanical work is more easily
achieved,

Auxiliary Take-off Nozzles

As shown in Figure 12-3, double-case boiler feed pumps are well
suited for incorporating auxiliary take-off nozzles that are necessary
when reheat and superheat attemperation sprays are required.

Double-Suction First-Stage Impellers

Figures 12-1 and 12-3 show double-case pumps with double-suction
first-stage impellers to reduce NPSH requirements. In some installations,
this feature eliminates the need for a separate booster pump.

Mounting of the Impellers

Impellers are assembled on the shaft with a shrink fit to prevent me-
chanical looseness under all operating conditions and are positioned axi-
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ally by split rings on the suction side of each impeller hub. This is the
preferred mounting.

An alternative mounting employs a stack with sliding fits along the
shaft. A spacer sleeve is fit snugly between each pair of impellers and an
outside locknut is used to secure the impellers and sleeves. Great care is
required to assure that all spacer sleeve and impeller faces are parallel to
each other, perpendicular to the shaft, and smooth. Small errors in paral-
lelism or perpendicularity will misalign the stack,

Impeller Wear Rings

Impeller wear rings are generally specified for refinery pumps [1], but
must be secured with great care on high-speed, high-pressure pumps. Be-
cause boiler feedwater is a relatively clean liquid and rapid wear or sei-
zure is unusual, impeller wear rings are seldom used in large, high-speed
double-case boiler feed pumps. These boiler feed pump impellers are de-
signed with extra stock on the wearing surfaces. When worn, impellers
are skim cut true, and the pump then fitted with case wear rings that are
undersized to match the impeller wearing surfaces,

Shaft Seals

Shaft seal failure is the most common cause of unscheduled outage for
double-case pumps. Selection of a shaft seal system designed for the ap-
plication is therefore critical to reliable pump operation.

Face-Type Mechanical Seals. Oil refinery pumps almost universally use
mechanical seals. Reliable seals for high temperature oil and light hydrocar-
bons now exist. New federal air quality laws limiting hydrocarbon emissions
encourage the use of tandem-type seal systems. Figure 12-7 shows a tandem
seal assembly with bellows-type seals for hot oil service.

In the United States, only small to medium-size (up to 7,000 hp and
5,000 rpm) boiler feed pumps use mechanical seals. In Europe, they are
also used in medium to large boiler feed pumps. A typical boiler feed
pump seal is shown in Figure 12-8.

Most waterflood pumps have mechanical seals, operating at ambient
temperatures, but in corrosive liquid.

Mechanical seals are described in detail in Chapter 17.

Throttle Bushings. The most reliable shaft sealing system for large
boiler-feed pumps consists of throttle bushings with a custom designed,
cold (90°-120°F) condensate injection system. Pumps have operated for
40 years or more with their original throttle bushings.
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Figure 12-7. Tandem seal assembly for hot oil service (courtesy BW/IP interna-
tional, Inc. Seal Division, manufacturer of BW Seals).

Figure 12-8. Shaft seal for boiler feed pump service (courtesy BW/IP Interna-
tional, Inc. Seal Division, manufacturer of BW Seals).
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The throttle bushing bore, the shaft under the bushing, or both should
be grooved. To obtain the desired effect, the following design parameters
are varied: the groove cross section, the number of groove starts, the
"hand" of the grooves, and the length of the grooved section. The
grooves reduce leakage for a given running clearance and increase toler-
ance to solid particles in the feedwater. They also reduce the possibility
of seizure if the pump is subjected to severe operating transients, such as
flashing. Shaft sleeves under the throttle bushings are undesirable. They
reduce the ability to resist seizure during severe temperature transients,

There are at least five types of condensate injection control systems
[2]. The type of control is normally recommended by the pump manufac-
turer based on the purchaser's feedwater system design. A simple pres-
sure-controlled system is shown in Figure 12-9. Temperature-controlled
systems are more common. A drain-temperature control system is shown
in Figure 12-10.

Two waterflood pumps such as the one shown in Figure 12-11 operate
in series. The downstream pump has 4,(XX) psi suction pressure and
8,(MX) psi discharge pressure. Mechanical seals would not be practical for
these pressures. Therefore the pumps are fitted with long throttle bush-
ings that discharge into collection chambers with suitable drain connec-
tions. The cold leakage is expendable, and no re-injection system Is
needed.

Figure 12-0. Pressure-controHed throttle bushing injection system (from Ashton
I2l).
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Figure 12-10. Drain-temperature controlled throttle bushing injection system
(from Ashton I2J).

Floating-Ring Seals. Boiler feed pumps with floating-ring seals were
common in the 1970s, but proved to fall short in reliability. A survey of
boiler feed pumps in 1977 found 748 seal failures in 730 pumps with
floating-ring or mechanical seals vs. 32 seal failures in more than 300
pumps with throttle bushings [5]. Specifications of most major architect/
engineers in the United States no longer allow floating-ring type shaft
seals [3J.

Radial Bearings

Bali Bearings. Ball bearings can be used in smaller double-case pumps
below 4,000 rpm, but generally are not favored.

Sleeve-type Bearings. Plain sleeve-type bearings are satisfactory for
shaft diameters up to 3.50 inches in diameter at 3,600 rpm. They can be
lubricated with oil rings.

Anti-oil-whip Bearings. Rotor instabilities, typically taking place at
higher speeds, can be caused by lightly loaded hydrodynamic bearings. If
oil whirl (half-speed whirl) is to be avoided, a bearing design that is more
stable at lower loads is required (see Chapter 19). Pressure dam bearings
have been used successfully for shaft diameters up to 6.75 inches at



Figure 12-11. pump for 4,000 psi Inc.
Division, manufacturer of Byron Jackson/United™1 Pumps).
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5,400 rpm. For larger shafts and higher speeds, tilting pad radial bear-
ings are favored. These bearings require force-feed lubricating oil sys-
tems.

Thrust Bearings

Ring-oiled sleeve-type radial bearings generally use anti-friction thrust
bearings. When force-feed lubricated radial bearings are used, thrust
bearings should be of the tilting pad type.

Baseplates and Foundations

Baseplates and foundations must be designed so that misalignment be-
tween the pump, the driver, and other drive-train elements (such as gear-
boxes or variable-speed devices) is within allowable limits and so that
they provide optimum dynamic support to minimize vibration. The tradi-
tional solution is to make the baseplate very stiff and to secure it rigidly
to the foundation by bolting and grouting. A variation of this design tech-
nique is the use of sole plates under the pump and driver that are rigidly
attached to the foundation and the use of very stiff concrete pedestals for
the centerline mounted pump.

An alternative solution is to mount a fully rigid baseplate on springs or
other flexible members to isolate the pumping unit from the foundation.
This system has been used for many years in installations that include
very large boiler feed pumps, and the experience gained is now being
used to isolate pumping units from the potentially large motions of flexi-
ble offshore oil production platforms. Because weight is critical, honey-
comb structures that are very light and stiff have been used for such base-
plates. A sophisticated three-point mounting system can make the
rotating equipment almost insensitive to large motions of the platform be-
cause no in-plane bending or torsion is generated by the deck motions.

In either case, large or high-speed pumping systems should be sub-
jected to modal analysis and detailed finite element dynamic analysis to
avoid mechanical and fluid (acoustic) resonances. Such analyses are es-
pecially important for variable-speed units. Some of the analysis methods
used are described in Chapter 19.

Mounting of the Barrel

Double-case pumps for hot service are mounted at the pump centerline
and the barrel is restrained from horizontal movement. This will assure
that the horizontal and vertical position of the shaft axis is maintained
during unit heatup and cooldown. The barrel is secured on the baseplate
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so that the thermal expansion is away from the coupling. This maintains
the axial gap at the pump-to-driver coupling.

Design Features for Pumping Hot Oil with Abrasives

One of the most difficult double-case pump applications is the pumping
of hot oil (500°F and above) with substantial quantities (2% or more) of
entrained abrasive solids.

Surface Coating. The key to prolonged periods of operation without
maintenance is the application of a hard surface coating, which may ex-
tend service life by a factor of 4 or more. The coating should have a mini-
mum hardness of 60 Rockwell C. It should be applied to all wear sur-
faces, to all accessible hydraulic passages in impellers and inner cases,
and to the outside of the impeller shrouds. The coating is typically ap-
plied with a high-velocity spray process that produces a strong mechani-
cal bond. High coating density and proper coating thickness are critical,

Impeller and Case Wear Rings. Impellers designed with extra stock on
the integral wear ring surfaces are generally preferable to replaceable im-
peller wear rings. Worn impeller wear ring surfaces can be re-coated and
ground to size. They run against case wear rings that are coated in the
bores and on the ends, and are sized to match the impeller running sur-
faces.

Key ways. Unless special design precautions are observed, rapid erosion
occurs in keyways that are subjected to more than one stage of differen-
tial pressure. The two center stage impellers of opposed-impeller type
pumps should be welded together at the hubs, and the key (or keys) ter-
minated blind in a relief. A shrink-fit land is provided between the impel-
ler bore and the shaft at the high-pressure end to seal against leakage and
prevent erosion. Similar construction should be used for the sleeve under
the throttle bushing of an opposed-impeller pump, or under the balancing
drum of a pump with inline impellers.

Double-Case Pump Rotordynamic Analysis

The rotordynamic analysis requirements for a double-case pump de-
pend on the size, rotational speed, and horsepower of the specific pump.
Dry and wet critical speed analyses are adequate for small and medium-
size pumps running at 5,500 rpm and below. This type of analysis is de-
scribed in Chapter 19. Most current specifications only require critical
speed analyses, and a full scale test with specified vibration limits.
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Requirements of new supercritical power plants, new oil refinery pro-
cesses, and high pressure oil field water injection facilities have in-
creased the demand for predictably reliable, high speed, high horsepower
double-case pumps. In addition to critical speed analyses, these pumps
should be subjected to a rotor stability analysis as part of the design pro-
cess. They also may be subjected to a rotor response analysis. At the
present time, computer programs for rotor response analysis are avail-
able [7]. Response analysis includes consideration of excitation forces
from both mechanical and hydraulic origins. Mechanical excitation
forces from sources such as dynamic unbalance, misalignment, and shaft
bow are well known. Hydraulic excitation forces are generated at the
wear rings, long annular seals (such as balance drums or throttle bush-
ings), and impellers. The magnitudes of hydraulic excitation forces (es-
pecially those generated by impellers) are less well known, but are be-
lieved to be much greater than mechanical excitation forces in large
double-case pumps (which are precision manufactured to minimize me-
chanical forces). Some cutting edge research on hydraulic excitation
forces has been conducted and is ongoing [7],

The Effect of Stage Arrangement on Rotordynamics

The opposed-impeller stage arrangement of volute-type pumps offers
greater rotordynamic stability than the inline arrangement with all impel-
lers facing in the same direction, which is common to difftiser-type
pumps. This has been shown for a number of years [4] by critical speed
analyses. A recent comparison, based on the stability analysis of an
8,000 rpm pump [6], is given in Table 12-1. Here an analysis of a pump
with opposed-impellers is compared with the analysis of an "equivalent"
inline impeller arrangement. Identical impeller forces and annular seal
coefficients were used. With design clearances and smooth (not grooved)
annular seals, the analyses showed stable operation and no subsynchro-
nous whirling up to 14,000 rpm for opposed impellers, but only up to
8,000 rpm for inline impellers. The difference is attributed to the extra
center bushing in the opposed-impeller design, where a strongly stabiliz-
ing Lomakin effect is generated. This advantage is reduced as the inter-
nal annular seals wear and clearances increase.

The Effect of Impeller Growth from Centrifugal Forces

Radial growth of high-speed pump impellers caused by centrifugal
forces is significant [6]. The unsymmetrical impeller deformation caused
by centrifugal forces, pressure loading, and shrink fit to the shaft for a
four-stage, 8,000-rpm boiler feed pump is shown in Figure 12-12.
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Figure 12-12. High-speed impeller deformation caused by centrifugal forces,
pressure loading, and shrink fit (from Verhoeven [6]).
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Reduced Annular Seal Clearance. Of particular interest is the growth
of the impeller eye seal diameter. As pump speed increases, the decrease
in annular seal clearance reduces leakage loss as a percentage of input
power and improves pump efficiency. Mechanical friction losses and im-
peller disk friction losses also are reduced, but the reduced leakage loss is
dominant. These effects are most noticeable in pumps of low specific
speed. Factory testing of a 1,010 specific speed pump at 2,950 rpm and
7,000 rpm demonstrated an increase of six points of efficiency (from
49% to 55%) at the higher speed. Low speed pumps are less affected.
The difference in efficiency between 1,800 rpm and 3,600 rpm operation
for most pumps is negligible.

Comparison of Diffuser Casings with Volute Casings

Both diffuser-casing construction with inline impellers and stacked in-
ner case assembly, and volute-casing construction with opposed impel-
lers and horizontally split inner case assembly can be applied with suc-
cess to critical centrifugal pump applications. There are, however,
significant differences. A comparison of these differences follows,

Diffuser Casings
Lower Cost. The diffuser-casing construction with inline impellers re-
sults in lower manufacturing cost. Additionally, if damage occurs, a sin-
gle casing segment can be replaced instead of a complete volute case. All
series impellers and series casings can be of the same design and any
number of stages can be stacked to produce the required head. Opposed-
impeller construction requires right-hand and left-hand impellers and
right-hand and left-hand volutes. Major pattern changes or separate pat-
terns are required to produce inner casings with the desired number of
stages needed to produce the full range of head requirements.

Precision Diff users. The critical portions of the diffuser passages (those
in which high fluid velocity is converted to pressure) can be investment-
cast or machined, thus manufactured with less roughness and more preci-
sion than the typically sand-cast inner volute cases.

More Compact. The inline impeller configuration is more compact. All
else being equal, the result is a shorter rotor and a shorter pump, and
because the inline impeller design has no crossover, the inner casing and
barrel diameters also become smaller than those of the opposed impeller
construction.

Simple to Destage. If the pump differential head requirement is re-
duced, it is very easy to remove one or more stages from a pump with
inline impellers. Pumps with opposed impellers can be destaged, but the
process is more complex.



Doubte-Case Pumps 223

Volute Casings

Rotordynamic Stability. As illustrated in Table 12-1, the opposed-impel-
ler configuration has better rotordynamic stability. Swirl brakes are not
required except to solve very unusual application problems.

Dynamic Balance. Because the volute casings are horizontally split, the
folly assembled rotating element is dynamically balanced in its final

Table 12-1
Subsynchronous Whirl and Stability Threshold Speeds

of Inline and Opposed Impeller Arrangements
for Different Conditions

Opposed Impeller Equivalent Inline
Condilion_ Arrangement Impeller Arrangement

Grooved Smooth Grooved Smooth
Annular Seals Annular Seals Annular Seals Annular Seals

T o o % s s w s s w s s w s s w ~
design 8,000 rpm, 14,000 rpm, 5,500 rpm, 8,000 rpm,
clearance Unstable Unstable Unstable Unstable

9,000 rpm 15,000 rpm 6,500 rpm 10,000 rpm

200% SSW SSW
design 9,250 rpm, 6,600 rpm,
clearance Unstable Unstable

^ 10,000 rpm LfPJLSEL

300% SSW SSW
design 7,700 rpm, 5,500 rpm,
clearance Unstable Unstable

8,500 rpm 6,300 rpm

400% SSW SSW
design 5,150 rpm, 5,000 rpm,
clearance Unstable Unstable

5,900 rpm MPJ^rjEL.

100% SSW SSW
design 12,000 rpm 9,000 rpm
clearance Unstable Unstable
with 13,500 rpm 10,500 rpm
swirl
brakes

SSW — Subsynchronous Whirling
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form. This is not possible with the diffuser-casing construction. The lat-
ter requires alternate assembly of impellers and diffuser casings and
therefore dismantling and reassembly of the impellers on the shaft after
dynamic balance. Exact restoration of dynamic balance after the rotor
has been dismantled cannot be assured.

Sag Bore. The double-volute design lends itself to machining of the
equivalent natural deflection of the rotating element into the bottom vo-
lute case half. The result is that all running clearances remain concentric
because the shaft will operate in its deflected position. This is especially
important when operating on turning gear in hot-standby condition. This
refinement, known as sag bore, cannot readily be effected with the diffu-
ser design with its multiplicity of concentric fits.

Running Clearance Check with Feeler Gauge. By placing the rotating
element, including all rotating and stationary wear parts, into the bottom
volute case half, all running clearances can be checked with a feeler
gauge to verify that a reconditioned rotor has proper clearances, or to
determine if wear has taken place in a used rotor.

Easier Rotor Replacement. A rotating element can be quickly removed
from its volute case and a spare one installed. Stocking of a spare inner
volute is optional because it is not considered a wearing part. Many users
stock a spare rotating element only. In order to expedite disassembly and
assembly time with a diffuser design, the user must purchase a complete
inner case assembly because field assembly of the rotor and diffuser
cases is a time-consuming procedure.
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by George Wilson
Goulds Pumps, Inc.

There are various types of centrifugal slurry pumps, which are identi-
fied by their capability to handle solids ranging in size, hardness, concen-
tration, and velocity. An understanding of these important factors will
lead to an optimum choice of pump design where the materials of con-
struction and rotational speed are ideally matched to the process system,

Slurry Abrasivity

The abrasiveness of slurries is difficult to define due to the number of
variables involved. It is dependent on the nature of the slurry being
pumped and the materials of construction of the pump liquid end compo-
nents.

Wear increases with increasing particle size. For example, the rate of
erosion wear when pumping a silica sand slurry is approximately propor-
tional to the average particle size raised to the power of 1.4.

Wear increases with concentration; the relationship is linear up to about
10% by volume. At higher concentrations, the rate of wear will level out
due to the cushioning effect of the particles as they collide.

Wear increases rapidly when the particle hardness exceeds that of the
metal surface being abraded. The effective wear resistance of a metal
will depend on the relative hardness of the metal to that of the particle.

226
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Slurry Pumps
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An approximate comparison of hardness values of common ores and
minerals is given in Figure 13-1.

Wherever possible, the hardness of the pump liquid end metal compo-
nents should exceed the particle hardness. It should be noted that the
measurement of hardness is not the only criteria and that the structure of
the metal material itself has to be considered. An example of this is the

Figure 13-1. Approximate comparison of hardness values of common ores and
minerals.
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large degree of very hard chromium carbide (1800 Knoop hardness) pre-
cipitation that can be achieved in high chrome iron. Wear increases:

• When the particles are angular.

» With particle density.
• With increasing particle velocity such that the rate of wear is directly

proportional to Vm where m can vary from 2,5 to 4.

Parts life can be significantly extended if the system head requirements
are reduced and a lower-rotational-speed pump is selected.

Where pumps are applied to a slurry that is both corrosive and abrasive
the predominant factor causing wear should be identified and the materi-
als of construction selected accordingly.

To make the correct pump selection the following factors must be spe-
cified:

• Particle size distribution—From which can be determined the average
particle size.

• Particle shape—State whatever particles are angular or smooth.

• Solids concentration—For convenience a nomograph relationship of
concentration to specific gravity of aqueous slurries is given in Figure
13-2,

« Article hardness—Given in terms of Mohs or Knoop scale.

• Particle specific gravity—The mixture specific gravity can be deter-
mined from Figure 13-2 if the concentration is known. Note the pump
BMP is directly proportional to the mixture specific gravity.

» Conveying liquid—State viscosity, temperature, and corrosiveness.
« System requirements—Total head and capacity. It may be necessary to

correct the pump performance for the effects of the solids in the liquid,

Pump Materials to Resist Abrasive Wear

Tough materials are used to resist gouging abrasion (caused by the im-
pingment of large dense particles). Toughness is the amount of plastic
deformation a material can withstand without fracture. Generally the
larger the difference is between the yield and tensile strength, the tougher
the material will be.
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Figure 13-2. Nomograph of the relationship of concentration to the specific
gravity in aqueous slurries.
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Austenitic manganese steel, which work-hardens under impact, is used
in very slow-speed, dredge-type pumps when handling large dense sol-
ids.

Hard metal materials are used to resist erosion abrasion (caused by the
combined effects of cutting wear parallel to the surface and to a lesser
extent deformation wear). Depending on the nature of the slurry, a wide
selection of materials are available. (Note: Values listed in Table 13-1 are
average.) A tabulation of alloys for abrasion resistance is given in Table
13-2.

It is the ability of elastomeric materials to deform elastically under im-
pact that makes them ideally suited to resist erosion wear. Natural rubber
will far outlast metal provided it is compatible with the liquid being

^ Table 13-1

Average
Material ASTM No. Brinnell Characteristics and

Name_ Casting Hardness Typical Applications
Ni-Hard 1 A-532 550 2.5% chrome, 4% nickel, 3,3%

Class 1 carbon. Good resistance to cut-
ting-type erosion, it is not rec-
ommended for acids but can be
used for mildly alkaline slurries.

Ni-Hard 4 A-532 575 8% chrome, 6% nickel, 3.3%
Class 1 carbon. Compared to Ni-Hard 1,

it has a higher tensile strength
and is more resistant to both cor-
rosion and erosion.

High chrome alloy A-532 650 26% chrome, 2.8% carbon. Su-
Class B perior erosion resistance and bet-

ter corrosion resistance down to
5 pH. This material can be ma-
chined by conventional means in
its annealed state then hardened
and tempered with minimum dis-
tortion.

*PACE™ 400 27% chrome, 2% nickel, 2%
moly, 1.6% carbon.
The most suitable alloy for ero-
sive, corrosive slurries in the
range 1 to 11 pH. However its
erosion resistance is inferior to
high chrome iron.

* Registered trademark ofAbex Corporation
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Table 13-2
Alloys for Abrasion Resistance

(Properties Sensitive to Carbon Content Structure)

Alloy
Tungsten carbide
composites
High-chromium
irons
Martensitic iron

Cobalt base alloys

Nickel base alloys

Martensitic steels

Pearlistic steels

Austenitic steels
Stainless steels
Manganese steel

Properties
Maximum abrasion resistance.
Worn surfaces become rough.
Excellent erosion resistance.
Oxidation resistance.
Excellent abrasion resistance.
High compressive strength.
Oxidation resistance.
Corrosion resistance.
Hot strength and creep resistance.
Corrosion resistance. May have
oxidation and creep resistance.
Good combination of abrasion and
impact resistance.
Inexpensive. Fair abrasion and im-
pact resistance.
Work hardening.
Corrosion resistance.
Maximum toughness with fair
abrasion resistance. Good metal-
to-metal wear resistance under im-
pact.

pumped and the particle size is limited to fines below 7 mesh in size. At
velocities above 35 ft/sec the rubber may not have sufficient time to flex
and absorbs all the impact, and as result, wear will increase. Natural rub-
ber is limited in temperature to 150°F or less.

Where oils are present, a synthetic rubber such as neoprene should be
used; however the addition of fillers will have a detrimental effect on
wear resistance.

Elastomer materials generally have good corrosion resistance, but care
must be exercised to prevent the slurries from penetrating behind the cas-
ing and causing corrosive damage.

Natural rubber-lined pumps with a durometer hardness of 40 shore A
are usually limited to about 120 feet total head. Higher heads can be gen-
erated if fillers are added to increase hardness.
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Castable urethanes in the 90 shore A hardness range exhibit good tear
strength and elongation properties and in certain applications have out
performed both rubber and metal.

Ceramic materials in castable form have excellent resistance to cutting
erosion but because of their brittle nature are unsuitable for direct im-
pact. Silicone carbide refrax liners and impellers in the 9,5 original Moris
hardness range are commonly used for pumping fines where the impeller
tip velocity is limited to less than 100 ft/sec.

Slurry Pump Types

There is no specific demarcation point where one pump design ceases
to be effective and another takes over. Figure 13-3 shows a classification
of pumps and materials according to particle size. It is important to note
that the selection of the pump type and its materials of construction de-
pend also on the abrasivity of the slurry and the total head to be gener-
ated.

The abrasivity of slurries can be divided into five distinct classifica-
tions to which limits on pump selection can be applied, lable 13-3 shows
a pump selection guide for wear resistance.

Specific Speed and Wear

The majority of centrifugal pumps are conventionally designed to
achieve the desired hydraulic performance at the highest efficiency and
lowest cost when handling clear fluids in reasonably clean environments.
Manufacturing limitations are not imposed on the configuration of the
pump, since conventional materials such as cast iron, bronze, and stain-
less steel are used. Since wear is not a major consideration, the highest
possible specific speed is chosen.

When a centrifugal pump is designed for a slurry service, the factors
that predominantly influence the pump design are wear and materials of
construction; efficiency is of lesser importance. To achieve these objec-
tives the pump has to operate at a lower rotational speed and the impeller
is typically a radial-flow type. This suggests that the pump must be of a
low specific speed design in the range 600 to 1,800. Specific speed is
defined in Chapter 2.

Since wear is a function of velocity it can be shown that for a given
head and capacity, wear will increase with increased Ns.
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Figure 13-3. Classification of pumps according to solid size.
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Table 13-3
Pump Selection Guide for Wear Resistance

Abrasion Class
Mildly abrasive

Abrasive

Severely abrasive

Primary circuit

Dredge

Nature of Slurry
Concentrations of relatively
soft solids or very low con-
centrations (measured as
ppm) of hard silt-sized par-
ticles.

Low concentrations of hard
fines or high concentrations
of soft material.

High concentrations of hard
fines or lower concentra-
tions of coarse material.

Maximum concentrations of
fines or coarse material up
to 10 mm usually.

Large concentrations of
boulder-sized solids.

Selection
Cast iron construction usually
satisfactory, but hard- faced
impeller rings and special at-
tention to stuffing box area is
justified. Consider stainless
steel impeller. No limits on
pump speed.
Slurry pump design required
with Ni-hard, chrome iron, or
rubber construction. Open im-
pellers are acceptable. Al-
though no limits are placed on
pump speed, discretion is ad-
vised.
Slurry pump design required
with chrome iron construc-
tion. Restrictions are placed
on allowable pump speed and
total head.
Severe-duty slurry pump de-
sign required with chrome
iron construction. Large re-
strictions placed on allowable
pump speed and total head.
Parts life is measured in
months.
Dredge type design required
with manganese steel con-
struction to resist impact, \fery
low rotational speed required,

Areas of Wear
Casing

The rate of wear and the hydraulic forces within the pump will be re-
duced if concentric-type casing volutes are adopted over conventional
spiral volutes. At "off" design point operation, the static pressure around
the impeller's outside diameter will be relatively uniform, and turbulence
in the vicinity of the cutwater will be effectively reduced as will the
slurry velocity entering the casing throat. Recirculation flows from the
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volute back to the suction will also be more uniform resulting in a reduc-
tion in localized wear in the vicinity of the casing near the impeller eye.

The degree of casing concentricity must be reconciled with the pump
specific speed and efficiency. For example, a 12-in. slurry pump (Ns =
1,350) with a conventional volute could have a 82% peak efficiency,
whereas the same pump with a semi-concentric casing will have an effi-
ciency of 80.5%. Concentric casing designs produce flat efficiency
curves that are sustained at a high level over a wide range of flows mak-
ing it more amenable to off-design point operation.

Up to 1,200 Ns fully concentric casings could be adopted without too
much sacrifice in efficiency (Figure 13~4a).

From 1,200 to 1,800 Ns the casings should be semi-concentric, pro-
gressing towards a spiral-volute configuration at the high end of specific-
speed. A compromise is therefore reached between efficiency and rate of
wear (Figure 13-4b).

Above 1,800 Ns the pump should only be applied to mildly abrasive
services and a spiral-volute casing will be utilized in the interests of
higher peak efficiency (Figure 13-4c).

Impeller

Open impellers are used where the abrasion is not too severe as they
have good air handling capabilities and are cheaper to produce. However,
performance deteriorates when the front clearance opens up due to wear.

Closed impellers are preferred over open impellers for severe abrasive
slurries since those impellers are more robust and will last longer. Also
closed impellers are not nearly so sensitive to fall off in performance
when the front clearance increases.

The requirement for extra thick impeller vanes can cause restrictions at
the impeller eye and inlets. Three to five vanes are normal, depending on
the pump specific speed and solids handling capability.

Pump out vanes are normally provided on the rear shroud. These vanes
have the effect of minimizing the pressure at the pump stuffing box and
reducing the axial hydraulic unbalance. The power absorbed by these
vanes is not all wasted since it helps to generate head. A small drop in
efficiency can be expected.

Wear Plates

Suction-side wear plates should always be provided on metal slurry
pumps, and if the service is severe, the plate should extend into the suc-
tion nozzle. The suction-side wear plate is usually the part which needs
replacement most often.
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There is little to be gained by fitting a rear wear plate, provided the
rear of the hard metal casing extends to the stuffing box. Experience has
shown that the rate of wear in this area is not any greater than in the cas-
ing itself.

Bearing Frames

Usually the bearings are oil lubricated with a calculated life of over
50,000 hours. Slurry pumps are installed in dirty dust-laden atmo-
spheres, and extra precautions have to be taken to seal the bearing covers
and prevent the ingress of liquid and dust. In severe services, taconite
seals are provided (i.e. double-lip type seals with grease cavities).

Sealing

Slurry pumps are often subjected to severe shock loading and shaft
whip due to the presence of solids and system upsets. For these reasons
soft compression packing is still favored as a means of sealing at the
stuffing box.

The preferred method for packing a slurry pump is the "flush" seal
shown in Figure 13-5a. Here the lantern ring is positioned in front of the
packing rings and a copious supply of clean liquid is injected at a pressure
higher than the prevailing slurry pressure in the stuffing box. The clean
liquid acts as a barrier and prevents the ingress of abrasive particles that
cause packing and sleeve wear. The disadvantage of this system is that
large amounts of flushing water are required and the pumped product
will be diluted. This system is recommended for severe abrasive ser-
vices.

Figure 13-5. (A) Typical "flush-type" slurry pump stuffing box. Barrier flush pre-
vents abrasive wear. (B) Typical "weep-type" stuffing box. It uses considerably
less gland water but is much more susceptible to abrasive wear.
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Figure 13-6. Approximation of
flushing water requirements for
"flush-type" slurry pump stuffing
boxes where flush pressure is 15
psi above slurry pressure at the
box. "Weep-type" stuffing boxes
use about 5% of the water that
"flush-types" use.

An alternative method for sealing is shown on Figure 13-5b. Here the
lantern ring is positioned between packing rings. This configuration is
called a "weep" seal. Again, clean liquid should be injected at a pressure
higher than the prevailing slurry pressure near the stuffing box. Product
dilution is significantly reduced compared to the "flush" seal design.
However, the barrier so created is not very effective, causing abrasive
particles to penetrate and cause wear. If the service is only mildly abra-
sive, then grease can be used in lieu of liquid.

An approximation of flushing requirements for a "flush" type packing
arrangement for conventional throat restriction devices where no attempt
has been made to curtail the use of flushing water and where the pressure
differential is 15 psi is displayed in Figure 13-6. Such a restriction will
have an annular radial clearance in the order of .007 times the sleeve di-
ameter. The length of the throat bush will be about the same as the width
of one turn of packing.

It is impossible to predict the exact amount of flushing water required
when the packing is "weep" type, since this is dependent on shaft deflec-
tion and gland maintenance. However, under normal operating condi-
tions, weepage would be in the order of 5% of the values stated in Figure
13-6 for "flush" packing arrangement.

In most cases, seals and flush requirements are provided in ignorance
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of the real pressure prevailing at the stuffing box, which results in exces-
sive use of gland water and increased maintenance.

Built into some slurry pump designs are methods to reduce pumped
pressure at the stuffing box by hydrodynamic means. (For example, see
Figures 13-7 and 13-8 for diagrams of pump out vanes on impellers and
expellers.) The side-suction-pump configuration is subjected only to
suction pressure and has an advantage over end-suction pumps, one not
fully recognized by users. By proper application of impeller pump out
vanes and expellers, the pressure at the box can be reduced to almost
zero. This is called a dry box arrangement. In these cases, weep-type
seal is satisfactory, with either water or grease being injected into the
cavity formed by the lantern ring.

Sump Design

Many slurry pump problems will be eliminated if proper attention is
given to the sump design. Design considerations are:

• The suction feed box should be placed as close to the pump as possible.
• The slurry level in the feed box above the pump center line should be at

least seven times the pump suction nozzle size.
• The feed box should always have a hopper bottom sloping to the pump

suction as shown. See Figure 13-9.
» The suction pipe should always have a minimum slope of at least 30°;

this particularly important when handling settling-type slurries.
• The feed box should be sized so there is a minimum retention volume

of slurry equal to or greater than two minutes of pump flow. If the
slurry is frothy, then a greater retention time is required (e.g. eight
minutes of pump flow).

• A dump gate should be provided at the bottom of the feed box.
« Turbulence near the feed box walls should be avoided to prevent exces-

sive wear.

Pump Drive

Generally slurry pumps are belt driven because it is almost impossible
to match the pump to the system by trimming the diameter of rubber and
hard metal impellers, due to their design and materials of construction.

Traditionally slurry pumps are driven by V-belts so that pump perfor-
mance can be adjusted to meet actual conditions of service in the field,
thereby saving power and reducing wear. As wear increases, pump out-
put is reduced. This can be easily and inexpensively rectified by increas-
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Figure 13-9. Typical suction box.
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ing the pump speed by changing the sheave ratios. Three to five percent
should be added to the motor BMP to compensate for belt losses. It is
always good practice to add one more belt than is normally calculated to
cover upset conditions and belt breakage.

Motors must be rated with an adequate margin to cover upset condi-
tions such as high flow due to lower-than-expected system losses, higher
concentrations, and start-up. At start-up, the concentration is often
higher, and if the pump was not flushed out during the previous shut-
down, the pump could be plugged with solids requiring high breakaway
torques to get the impeller rotating. This undesirable condition happens
all too frequently and can cause pump damage, excessive wear, and mo-
tor overload.

Under well-controlled systems, free from upset, the motor could be
rated at 20% above the motor shaft BMP; however, this percentage could

Figure 13-10. Typical belt-driven, overhead-motor-mounted slurry pump.
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Figure 13-11. (A) Typical performance characteristic of nonsettling slurries; |B)
typical performance characteristic of settling slurries.

go over 100% in badly controlled systems. For this reason large margins
are built into the design of slurry pumps and motors. Usually the motor is
mounted above the pump on an adjustable frame (belt adjustment) to save
space and to safeguard against flooding. (Refer to Figure 13-10.)

The Effect of Slurries on Pump Performance

When centrifugal pumps are required to handle slurries, it is standard
practice to publish pump performance curves based on clear water per-
formance. Therefore, to predict the performance of pumps handling slur-
ries of different characteristics, correction factors are applied.

When handling slurries, the pump performance is mainly affected by
the solid particle diameter, specific gravity, and concentration. Very fine
particles in a slurry can be "nonsettling" and cause it to behave as a ho-
mogeneous Newtonian liquid with an "apparent" viscosity. Slurries with
very fine solids in suspension (usually less than 100 microns) will retain
liquid-like characteristics at volumetric concentrations very near to the
limiting voidage, and limits are related only to the effects of high viscos-
ity. Figure 13-1 la shows typical nonsettling slurry pump characteristics.
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Where there exists a density difference between the conveying liquid
and the solid particles, the particles will tend to settle. Usually slurries
with a distribution of larger particles will be "settling," and the particles
and the liquid will exhibit their own characteristics. As the liquid passes
over the particles, energy is dissipated due to the liquid "drag" that re-
duces pump head and efficiency.

Actual tests indicate that for practical purposes, the amount of head
derate will be the same as the efficiency derate. A typical pump perfor-
mance characteristic for slurry mixture with coarse particles is shown in
Figure 13-lib.

Performance correction factors for slurries are usually based on pre-
vious test data. In the absence of such data, reference should be made to
the pump manufacturer.
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The potential for power recovery from high-pressure liquid-streams
exists any time a liquid flows from a higher pressure to a lower pressure
in such a manner that throttling occurs. As in pumping, this throttling can
exhibit a hydraulic horsepower (HHP) and a brake horsepower (BHP),
except that in throttling, these horsepowers are available rather than con-
sumed. Hydraulic power recovery turbines (HPRT's) are used instead of
throttling valves to recover liquid power.

The two main types of HPRT's are:

1. Reaction—Reverse running pumps and turbomachines in single-
and multi-stage configurations with radial flow, (Francis), mixed
flow, and axial flow (Kaplan) type runners. They come with fixed
and variable guide vanes. The axial flow Kaplan propeller has ad-
justable runner blades.

2. Impulse—Most prominent is the Pelton wheel, usually specified for
relatively high differential pressures and low to medium liquid
flows.

This chapter will discuss reaction-type HPRT's; namely, the reverse-run-
ning pump (Figure 14-1) and machines specifically designed to run as
HPRT's.

Basically all centrifugal pumps, from low to high specific speed and
whether single- or multi-stage, radially or axially split, and in horizontal
or vertical installations, can be operated in reverse and used as HPRT's,
The discharge nozzle of the pump becomes the inlet of the turbine; the
suction nozzle or bell of the pump becomes the outlet of the turbine, and
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Figure 14-1. Typical single-volute-type pump used as a hydraulic turbine,

the impeller of the pump, rotating in reverse direction, becomes the run-
ner of the turbine. Pumps are readily available, and many sizes are stock
items. Reverse running pumps are an excellent alternative to conven-
tional turbomachinery.

Centrifugal pumps operating as HPRT's have neglible operating costs.
The installation costs are essentially the same as for an equivalent pump,
and in terms of reliability and maintainability (R & M), they do have less
maintenance costs because of their smoother and quieter operation. Also,
since the efficiency of a pump operating as an HPRT is equal to or
slightly better than the pump efficiency, the use of reverse-running
pumps, or specially designed turbomachines, as primary or secondary
drivers becomes very attractive.

The purchase price of an HPRT is generally approximately 10%
greater than the price of a pump of equivalent design dimensions and
metallurgy. This reflects the costs of the modifications that must be made
to the impellers and volutes or diffusers, plus the complex testing that is
required to verify the hydraulic performance of the finished machine. A
single-stage HPRT may be profitable when as little as 30 BHP is recov-
ered, while a multi-stage HPRT may be justifiable above 100 BHP (Fig-
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ure 14-2), In general, many users find that HPRT's repay their capital
cost within one to two years. However, before hydraulic power recovery
can be feasible and economical, there must be sufficient flowing liquid
capacity available at the necessary differential pressure as well as accept-
able conditions of corrosion and erosion.

Selection Process

Before selecting HPRT's the following information is needed:

1. Available head range
2. Available capacity range
3. Back pressure at turbine outlet
4. Desired RPM
5. Chemical composition of the fluid
6. Temperature and specific gravity of the fluid at turbine inlet
7. Compressibility of the fluid
8. Gas entrapment
9. Preferable materials

10. Installation configuration
11. Vibration and noise level
12. Control equipment

Figure 14*2. HPRT application range chart (from McCIaskey and Lundquist).
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The following criteria should be considered since they will help in
specifying and classifying the HPRT.

Specific Speed

HPRT's are classified by their specific speed (Ns) which is a dirnen-
sionless quantity that governs the selection of the type of runner best
suited for a given operating condition.

where N = Revolutions per minute
BMP = Developed power in horsepower

H = Total dynamic head in feet across turbine at best effi-
ciency point (BEP)

The physical meaning of specific speed is: Revolutions per minute at
which a unit will run if the runner diameter is such that running at 1-ft
head it will develop 1 BMP.

The customary specific speed form used for pumps for classification of
impeller-type characteristics is also applicable for HPRT (basically for
reverse running pumps). The values will be similar to those for pumps.

The impulse Pelton wheels have very low specific speeds as compared
to propellers (Kaplan) having high specific speeds. Francis-type runners
cover the Ns range between the impulse and propeller types (Figure
14-3).

Net Positive Discharge Head

Net positive discharge head required (NPDHR) applies to an HPRT as
does NPSHR to a pump to preclude cavitation and its attendant physical
damage effects. Some literature refers to the term "total required exhaust
head" (TREH) rather than NPDHR.

Test data have indicated that the NPDHR or TREH of a machine for the
turbine mode is less than the NPSHR of the same machine for the pump
mode at the same flow rate. The available net positive discharge head
(NPDHA) or total available exhaust head (TAEH) at the installation side
of the HPRT has to be higher than or at least equal to the NPDHR or
TREH. This applies only to the reaction-type HPRT, since the impulse-
type is a free jet action and is therefore not subject to low-pressure areas.
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Figure 14-3. Turbine-type vs. specific speed. The ratio between NS,Q and Ng)BHp
is approximate only, since NS,BHP is a function of turbine efficiency.

Power Output and Affinity Laws

Power output is the rotational energy developed by the HPRT. Its value
in BMP is calculated in a similar manner as for pumps except for the effi-
ciency term.

where Q = Capacity GPM
H = Total head in feet

sp gr = Specific gravity
Et = Overall Efficiency at the turbine mode

Variations in capacity, head, and BHP due to RPM (N) changes can be
determined within reasonable limits by using the affinity laws, which
normally are used for pumps but also apply to HPRT's (described in
Chapter 2).
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Configuration

The configuration of an HPRT is a function of the Ns, NPDHA or
TAEH, BMP, RPM, installation requirements, and preferable vibration
and noise levels. Similar to pumps, the specific speed, Ns, controls the
number of stages for a given head capacity and RPM. The specific speed
also specifies either single- or multi-stage HPRT's, which can be either
the horizontal or vertical configurations.

The available net positive discharge head or total available exhaust
head of the system for a given capacity will limit the RPM of the HPRT
and determine whether the runner will be the single- or double-eye con-
struction. Space requirements will specify the length of a horizontal unit
or will call for the vertical installation. Energy-level requirements will
limit the BMP per stage and may result in use of multi-stage units,

Turbine Performance Prediction

Prediction by Approximation

The performance characteristics of centrifugal pumps operating as hy-
draulic turbines may be approximated from pump performance charac-
teristics. Typically, the capacity and head at the best efficiency point
(BEP) will be greater for the turbine operation than for operation as a
pump. The amount of shift from pump performance generally varies ac-
cording to the specific speed. From tests, curves are developed that give
ratios versus specific speed that are used to give the percent shift from
pump to turbine performance.

Another procedure that is used to estimate the turbine performance
from known pump performance characteristics is to simply divide the
pump capacity and head values at the BEP by the pump efficiency at that
point. This will give a rough approximation of the turbine head and ca-
pacity at the turbine BEP. Since there can be considerable error using
these estimating procedures, they should only be used for preliminary se-
lection of candidates for a particular application.

Prediction by Analysis

The performance characteristics of centrifugal pumps operating as hy-
draulic turbines and other turbomachines used exclusively as hydraulic
turbines can be readily predicted with reasonable accuracy by use of a
relatively simple analysis procedure. Only minor adjustments are to be
expected to obtain the required performance on actual tests compared to
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the predicted performance by analysis. A modern computer program
may be used to perform the calculations, print out the results, and also
plot the performance curve.

The prediction procedure generally consists of accounting for the vari-
ous components that compose the total head characteristics. These are
friction losses, absorbed head, shock loss, and outlet loss. Power losses
due to internal leakage, disc friction, and mechanical losses are also cal-
culated or estimated as appropriate. The calculations are made using the
required turbine speed, flow capacities, viscosity, specific gravity of the
fluid, and various combinations of mechanical data required for certain
multi-stage turbines. There are many publications that cover basic theory
and design of pumps that show how to calculate the head and loss compo-
nents for pumps. These also apply to hydraulic turbines.

Friction losses. Certain components of the total dynamic head are attrib-
uted to friction losses. These are due to flow through the cases, volute
nozzles, diffusers, guide vanes, and runners (impellers) as appropriate,
These losses may be simply calculated as the resistance to the incompres-
sible flow of fluid in a pipe, using appropriate friction factors, length to
diameter (or hydraulic radius) ratios, and the velocity head.

Absorbed head. The absorbed head is derived from the well-known
Euler's equations and velocity triangles, which have general validity for
all conditions of flow through turbomachines. Refer to Figure 14-4 for
illustration. In practice, the true velocities of flow and direction are
never known. The idealized velocity triangles of the Euler head equation
assume perfect guidance of the flow by the vanes. It is known that there
is a deviation of the fluid from the vane direction, which is the phenome-
non called "slip." This is a consequence of the nonuniform velocity dis-
tribution across the runner channels, boundary-layer accumulation, and
any separation.

Actual prediction of "slip" cannot be predetermined in a practical
manner. However, it has been found that "slip" factors used for pump
design applied to the turbine outlet vectors produce good results. The ab-
solute velocity at the runner inlet (Cj) is the average velocity of the liquid
at the nozzles with a free vortex correction applied to account for the dis-
tance from the nozzles to the runner. The nozzles are the highest velocity
throat areas of the volute cases, diffusers, or guide vanes as appropriate
for the turbine construction.

Shock loss. The shock loss component of the total dynamic head is cal-
culated as the velocity head (Vs

2/2g) due to the mismatch of the absolute
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C » Absolute Velocity of Flow (Ft/Sec)

U e Peripheral Velocity of Runner (Ft/Sec)

W « Relative Velocity of Flow (Ft/Sec)

8 * vane Angle

V « Shock Velocity (Ft/Sec)
O

q = Acceleration Gravity

SG « Specific Gravity of Liquid

E = Overall Efficiency

Q = Total Flow (GPM)

H « Total Dynamic Head (Ft)

HPT «= Horsepower Losses (Leakage, Disc, Mechanical)L

Figure 14-4. Turbine theory.
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inlet velocity (Ci) and the runner inlet vane angle (01). Refer to Figure
14-4 for illustration.

Outlet loss. The outlet loss component of the total dynamic head is calcu-
lated as the velocity head due to the absolute outlet velocity (€2) times an
appropriate loss coefficient (KC22/2g). The loss coefficient may be
taken as unity for many designs without serious error. Refer to Figure
14-4 for illustration.

Power loss. The power losses due to internal leakage, disc friction,
bearings, and shaft seals applicable to pumps are also applicable to hy
draulic turbines.

Turbine performance characteristics. The total dynamic head is the
sum of the individual heads due to the friction losses, absorbed head,
shock loss, and outlet loss. The hydraulic power is based on the total
available energy to the turbine. The turbine output power is the absorbed
head minus the power losses due to internal leakage, disc friction, bear-
ings, and shaft seals. The turbine overall efficiency is the ratio of the
output power to the hydraulic power. Refer to Figure 14-4 for illustration
of terms,

Predicted performance vs. test results. Figure 14-5 shows a typical
comparison of the turbine performance characteristics determined by the
preceding calculation procedure and the results obtained by actual test.
Identical nozzle sizes were used.

Turbine Performance Prediction by Factoring

The performance characteristics of a hydraulic turbine may be quite
accurately predicted by size factoring from a known performance at a
specified specific speed. The rules that apply to pumps (described in
Chapter 2) also apply to turbines.

Optimizing and Adjusting Performance Characteristics

The inlet and outlet velocity triangles as illustrated by Figure 14-4 are
used to predict, adjust, and optimize the turbine performance. These give
an instant picture of whether the turbine performance characteristics are
expected to be optimum, satisfactory, marginal, or unsatisfactory. The
optimum overall efficiency will generally be achieved when the shock
loss at the inlet to the runner is near zero and the absolute velocity (€2) at
the outlet from the runner is near a minimum value.
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INPUT DATA FILE NAME:
BOOKP

14x16x26 HT HSA
IMPELLER NO. 1 NO. OF STAGES 1
VOLUTE DRG. 6685 IMPELLER DRG. 7131
NOZZLE AREA 23.00 VORTEX DIST. 30.00
TURBINE RPM= 1170

****************************************

GPM HEAD BMP EFF.

TOTAL TURBINE PERFORMANCE

3000 163.1 -8.8 -7.1
4000 173.7 38.6 22.0
6000 211.2 198.9 62.1
8000 270.7 446.0 81.5
10000 352.0 779.5 87.7
11000 400.9 978.5 87.9
11500 427.4 1086.0 87.5
12000 455.3 1198.9 86.9
13000 515.1 1440.6 85.2

Figure 14-5. A computed-vs.-test HPRT performance (courtesy of Bingham-Wif-
lamette Company).
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The inlet velocity (Q), which depends on the nozzle size, is critical to
the turbine performance characteristics. It can produce a significant
change to the turbine performance by its effect on the shock loss and the
absorbed head. Therefore, the nozzle size is usually the main control for
adjusting the turbine performance characteristics. A smaller-size nozzle
area will generally shift the best efficiency point (BEP) to lower capaci-
ties and the larger size to higher capacities. The runner diameter controls
the peripheral velocity (UO, which theoretically could be adjusted to
change the performance characteristics. Usually, however, only minor
adjustments to the runner diameter can be made without distorting the
hydraulic relationships.

Not all pump designs will make a good performing turbine without
some modifications. Quite often the existing pump impeller vane angles
at the outside diameter (runner inlet) and at the eye (runner outlet) are not
a good combination for best performance. Also existing nozzle sizes and
stationary passages may be too large or too small, which would require
an alteration.

A pump operating as a hydraulic turbine will usually have an overall
efficiency equal to or greater than the same machine operating as a
pump, provided that the internal hydraulic parameters for turbine opera-
tion are good. This depends to a great extent on the runner vane angles
and nozzle velocity considerations.

The overall efficiency of a turbine at capacities near the best efficiency
point usually is improved by shaping the inlet ends of the runner vanes to
a bullet-nose-type configuration and slightly rounding the inlet edges of
the runner shrouds. The improvement is 1% to 2% at BEP capacity
(100% capacity) and still achievable at ±20% of BEP capacity (80% to
120% capacity). The reason is the reduced turbulence of the runner inlet.
The effect of surface finish on friction losses and the effect of leakage
losses may be readily evaluated by the turbine performance prediction
procedure.

Design Features (Hydraulic and Mechanical)

Reverse-Running Pump

Most centrifugal pumps in the low- to medium-specific speed range
(N,,Q - 600 to 5,000 or NS,BHP = 9 to 75 (see Figure 14-3)) are suit-
able and capable of operating as HPRT's. Because of the reverse rotation,
one has to check that the bearing lubrication system and threaded shaft
components, such as impeller locking devices, cannot loosen. However,
most pumps nowadays are designed to withstand reverse rotation.
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Figure 14-6. Rework of pump impeller for operation as an HPRT runner,

Trimming the runner (impeller) diameter, as is done for pumps, to shift
the performance characteristics is not normally done for hydraulic tur-
bines. The turbine runner diameter is selected for optimum running
clearance.

The inlet ends of the turbine runner vanes are ground to a bullet-nose
shape and the inlet edges of the runner shrouds are rounded slightly to
preclude excessive turbulence for efficiency considerations (Figure 14-
6). But before operating a pump as an HPRT at the same speed, one has
to remember the change in performance characteristics. A comparison is
shown in Figure 14-7.
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Figure 14-7. Comparison of pump and turbine characteristics at constant
speed. Characteristics are the percent of pump best efficiency values taken as
100%.

Because of the higher capacity throughput and higher differential pres-
sure, the HPRT power output is greater than the power requirements of
the pump. Subsequently, the higher shaft stresses result in speed limita-
tion unless the allowable stress or diameter of the shaft has been in-
creased.

If a multi-stage pump is selected to operate as an HPRT, a heavier shaft
can be installed, since most pump manufacturers build their multi-stage
pump line with standard and heavy-duty shafts because of a larger num-
ber of stages, higher specific gravities, or high-speed applications. Sin-
gle-case pumps are limited to the maximum pressure they can withstand.
For high-pressure HPRT applications, either the allowable maximum
working pressure of the pump case has to be increased or a double, or
"barrel-type," case has to be selected. Barrel-type cases are also used for
high-energy and low-specific-gravity-type HPRT's.

Another important check is evaluating the adequacy of the bearing de-
sign. Depending on specific speed, some pumps when operating as
HPRT's at the same speed will have twice the differential pressure and
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Figure 14-8. A typical double-volute-type pump used as a hydraulic turbine.

radial force across the impeller or runner. This results in increased radial
loading of the bearing and could present a problem with end-suction
pumps; especially, if the case is of the single-volute design. Stronger
bearings will increase the bearing life; however, the resulting greater
shaft deflection at the impeller wear rings and seal faces could decrease
wear ring and seal life and increase the vibration level. A pump case in
double-volute design (Figure 14-8), which results in radial balance, will
solve these problems. Besides an increase in radial load there will be a
change in axial thrust. If required, a change in wear-ring or balancing-
device diameter will reduce the axial thrust to an acceptable level.

In general, pumps are built to customer specifications such as API 610.
Therefore it is natural that the same specifications will apply to pumps
operating as HPRT's, These customer requirements cover: running clear-
ances, limitations for horizontal split-case pumps in relationship to oper-
ating temperature and specific gravity, nondestructive examination
(NDE), shaft sealing and seal flushing, bearing life, lubrication and cool-
ing system, baseplate design, material selection for corrosion and erosion
protection as well as nozzle loading, and noise and vibration level to
name a few. With all these considerations in mind, a well-designed pump
will operate smoothly, quietly, and reliably as an HPRT.



Figure 14-9. A single-stage double-eye Francis-type HPRT.
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Figure 14-10. HPRT construct Jon using singJe-volute-type case, turbine runner,
and guide vanes.

Turbine Design with Fixed Guide Vanes

Most pump manufacturers offer, in addition, different lines of turbo-
machines designed specifically to be applied as HPRT's. They are basi-
cally developed to cover a range of performance generally not available
with a reverse-running pump. One of these HPRT's is shown in Figure
14-9,

This HPRT features an axial-split single-volute-type scroll case, a sin-
gle-stage double-eye Francis-type runner, and a removable guide vane
component (Figure 14-10), that controls the inlet flow to the runner.

This type of HPRT has a fixed performance characteristic. However,
the design can accommodate seasonal or "plant turn-down" flow-capac-
ity conditions by changing to a different guide vane assembly or by using
an adjustable guide vane assembly for optimum performance. The run-
ners used in this type of HPRT are quite different from the conventional
pump impeller in that it has a greater number of vanes and generally
larger vane angles.
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The eye area at the outlet of the runner is extra large and the eye vane
angles are carefully selected to accommodate any potentially large
amounts of vapor that may evolve out of solution by expansion through
the turbine. The combination of the number of nozzles in the guide vane
assembly and the number of vanes in the runner is selected to preclude
in-phase torque pulses. For higher working pressures or temperatures or
lower specific gravities, this type of HPRT can'be supplied in a radially
split and/or centerline-mounted volute case. For most applications, how-
ever, the axial-split-type is sufficient and preferred, basically because of
the ease of maintenance and inspection of the rotating element,

The runner is essentially balanced in both radial and axial directions,
The thrust bearing in the outboard bearing housing will take the axial
thrust resulting from upset conditions such as unequal amounts of vapor
in the two eye areas of the runner. For higher-speed applications, these
HPRT's are furnished with Kingsbury thrust and sleeve radial bearings.

For higher differential pressure and lower capacity, multi-stage
HPRT's with guide vane assemblies are available. These are generally
lower-specific-speed turbomachines with single eye and narrow runners
to avoid large bearing spans. In general, the mechanical design criteria
are the same as used for centrifugal pumps running in reverse.

Turbine Design with Internally and Externally Adjustable Guide
Vanes

Specially designed HPRT's include the feature of an adjustable guide
vane assembly, which can be furnished for a single-stage or multi-stage
HPRT. The method of adjusting the guide vane assembly is made possi-
ble by an internal or external design feature. The advantage of this varia-
ble vane assembly is the capability of operating more efficiently over an
extended flow range compared to an HPRT or a reverse running pump
with fixed inlet guide vanes.

The performance characteristics of an HPRT can be varied over a con-
siderable range by changes to the velocity of the liquid passing through
the guide vane assembly. For optimum performance, this is best accom-
plished by changes to the flow-cross-section area formed by the vanes
and the side walls of the assembly when aligned at a proper angle to the
runner. A decrease in the flow-cross-section area will generally shift the
optimum efficiency to a lower flow range.

The typical performance characteristic curve for an HPRT with fixed
guide vanes is illustrated in Figure 14-11. The hydraulic turbine is essen-
tially like an orifice in a fixed-pressure-differential system. The operat-
ing point will be where the particular head, capacity, speed, and power
relationship is satisfied.
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Figure 14-11. Typical performance characteristics for an HPRT with fixed guide
vanes.

Figure 14-12. Typical performance characteristics for an HPRT with an adjust-
able guide vane assembly.

The typical performance characteristic curves for an HPRT with an ad-
justable guide vane assembly are shown in Figure 14-12. The adjustable
guide vane assembly performs, as one can see, as a variable orifice in a
large number of fixed-pressure-differential systems. The vane setting
will control the flow at a certain differential pressure.

In Figure 14-13, the best efficiency points of each vane setting or open-
ing are connected to a single line and compared with the efficiency curve
of a hydraulic turbine with fixed inlet vanes. Because the runner is de-
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Figure 14-13. Efficiency comparison between HPRT's with fixed, internally ad-
justable guide vanes and those with externally adjustable guide vanes.

signed with fixed blade angles, for the 100% capacity only, there will be
a small efficiency drop towards the higher capacities and a slightly larger
drop for the lower capacities. The slightly larger efficiency drop towards
the lower capacities is the result of the reduced specific speed of the tur-
bine.

The slightly lower efficiency at 100% capacity for the HPRT with an
externally adjustable guide vane asembly is primarily the result of the
runner vane angle and possibly the slightly higher inner leakages due to
the mechanical design.

The losses at 100% capacity for the HPRT with an internally adjustable
guide vane assembly are equal to the one with fixed guide vanes. The
internal adjusting feature is used where the capacity variations are not
frequent, since the HPRT has to be disassembled to adjust and lock the
guide vane assembly to a different configuration (Figure 14-14).

The external adjusting feature makes it possible to vary the guide vane
setting during operation of the HPRT. According to the available capac-
ity, a level controller or capacity indicator sends an air or electric signal
to the turbine-actuator, which in turn changes the setting of the guide
vane assembly until the flow through the openings equals the available
capacity and the signal stops. Continuous capacity changes will result in
continuous resetting of the guide vane assembly, thus making it possible
to operate the HPRT always at its BEP (best efficiency point), if the dif-
ferential pressure across the turbine remains about constant.

The externally adjustable guide vane assembly features are illustrated
in Figure 14-15. The design incorporates the conventional principle of



Figure 14-14. Internally adjustable guide (courtesy of Bingham- Willamette Company),



Figure 14-15. Externally adjustable guide vane assembly.
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tilting the guide vanes (Part #1) about a pivot pin (Part #4) parallel to the
runner (Part #6) shaft axis to vary the velocity of the liquid flowing
through the assembly at a proper flow orientation angle relative to the
runner. Each guide vane is held in position by the pivot pin and by a slide
pin (Part #5), which moves the guide vane by its position in the slot
through the vane.

The pivot pins are located in the two stationary vane rings or stage
pieces (Part #2) and the slide pins are assembled to the two rotatable vane
rings (Part #3). The stationary and rotatable rings establish the width of
the inlet opening. They are the side walls of the vane assembly. The oper-
ating position of the vanes and the resultant through-flow cross-section
area is dependent on the angular position of the rotatable vane ring in
relation to the stationary rings.

Between the guide vanes, the rotatable vane rings are shaped in a man-
ner to achieve the correct velocity increase for each through-flow cross-
section area.

The rotatable vane rings perform the additional function of avoiding
undesirable vane flutter, by a clamping action due to developed differen-
tial pressure. A reduction in pressure occurs in the flow passages due to
the increase in velocity of the fluid, while the pressure acting on the out™
ward side areas of the rotatable rings is essentially the same as at the en~
trance to the vane passages.

Because of the relatively large outward side areas of the rotatable
rings, the clamping force is higher than the different hydraulic forces that
act on the guide vanes and could cause vane flutter. However, the force is
not restricting the adjustment of the guide vane position during operation.

The cross-section of this HPRT is shown in Figure 14-16. The turbine
is built basically like a multi-stage pump with standard bearing housings.
The runner eyes of each stage face all in the same direction and a drum
takes care of balancing the axial thrust.

Figure 14-17 shows the crossunder in the bottom half. There are no
crossovers. The top half contains the yoke assembly, which moves up and
down and creates the rotational position of the rotatable rings and subse-
quently the resultant through-flow cross-section area of the guide vane
openings.

A crossbeam as shown in Figure 14-18 connects the yokes for synchro-
nous travel. Individual setting of through-flow areas for each stage is
possible by adjusting the nuts on the crossbeam. If required, through-
flow areas for each stage can be adjusted differently to allow for an in-
crease in the specific volume for compressible liquids, when the pressure
reduces from stage to stage. This is another feature to achieve optimum
performance. The up-and-down movement of the beam can be achieved
by an electric or pneumatic actuator that is mounted on top of the beam
cover,



Figure 14-16, of a HPRT of
Company).
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Figure 14-17. Cross section of a three-stage HPRT illustrating the guide vane
adjusting mechanism (courtesy of Bingham-Wiilamette Company).



Figyre 14-1S. A the to of Bingham-
Willamette Company),
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Operating Considerations

The product handled by a hydraulic turbine may be a single-phase liq-
uid, a multiphase liquid-gas mixture, or a slurry composition.

Hydraulic turbines have been extensively used for two-phase, liquid-
gas flow streams where there is a potential for a substantial amount of
gas released as the product passes through the turbine. There may also be
small amounts of "free" gas at the turbine inlet. With a decrease in pres-
sure, gas is subject to be released from the liquid with a resultant increase
in volumetric flow. The effects of the potential vaporization at the vari-
ous turbine stage pressures is evaluated to assure proper turbine perfor-
mance. Generally, this may be accomplished by limiting the two-phase
flow velocities at the runner (impeller) outlet eye to a reasonable value.
It is also appropriate to give consideration to the runner (impeller) design
to assure proper vane angles and eye sizes to accommodate any potential
vapor release from the fluid stream. Actual field experience known to
the author has shown that calculated two-phase flow velocities at the tur-
bine outlet runner eye up to 150 ft/sec can be accommodated with no
adverse effects. This velocity is suggested as a guideline for HPRT's
whether they be single- or multi-stage types. Using this limit, the two-
phase flow rate by volume can be at least three or four times the single-
phase flow rate for many applications.

Theoretically higher output horsepower should be achieved by gas ex-
pansion through the turbine since the increase in volume means more
work done. However, many reports have indicated that the expected ad-
ditional power has not been realized. One explanation may be that the
product passes through the turbine too fast for vapor-equilibrium to be
obtained. For example, consider the time it takes for the carbon dioxide
to escape from a bottle of carbonated beverage when the cap is removed.
It does not all escape instantly. Another reason may be the fact that as the
gas expands, the product velocity increases, and causes additional losses
to occur.

For multi-stage hydraulic turbines, the nozzles may be sized differently
from stage to stage to accommodate any theoretical increase of the volu-
metric flow as the pressure is reduced.

Performance Testing

Performance tests for hydraulic turbines may be accomplished by use
of a centrifugal pump to furnish the head and flow capacity necessary to
drive the turbine and to verify the turbine performance throughout its op-
erating range. An induction motor excited by AC power from the utility
system is used as an induction generator to absorb the output from the
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hydraulic turbine when gain over synchronous speed is achieved and to
drive the hydraulic turbine at low flow capacities where input HP Is re-
quired.

The output and input HP is determined by use of a wattmeter with effi-
ciency curves for the induction machine, A torque meter may also be
used to measure the power. A venturi meter or an orifice is used to mea-
sure the flow capacity. Dead weight testers and Bourdon-type gauges are
used to measure the head. The RPM change from synchronous speed is
counted by use of a strobotac and stop watch.

The turbine test may be performed at a reasonable reduced speed to
facilitate testing. The performance at normal speed is then determined by
applying the "affinity laws". The availability of a drive pump with suffi-
cient head and flow capacity is a determining factor for the test speed.
Cavitation tests are needed for hydraulic turbine performance character-
istics. This is best determined by reducing the turbine outlet pressure and
observing any resulting changes in the total dynamic head of the turbine,
the power, the capacity, or efficiency. Measurements of noise, pulsation,
and vibration accompanying the operation of the turbine during the cavl-
tation test should be recorded.

Applications

Any continuous process where high pressure liquid or partially gas-
saturated media is let down to a lower pressure across a reducing device
is a potential application for an HPRT. Such potentials are:

• In pipeline service on the downside of high mountain ranges to keep the
pipeline full and avoid excessive pressures.

• In bleeding products from a high-pressure point in the pipeline to stor-
age.

• In geopressured-geothermal zones where high-temperature water is at
a very high pressure. The formation pressure may exceed 10,000 psig,
while pressure at the surface may approximate 2,000 to 6,00 psig de-
pending on flow rates.

The early HPRT applications were basically in the noncorrosive and
nonerosive service. Modern plants use HPTR's nowadays in mildly se-
vere services such as:

• In hydrocracking operations, where boosting pressure of charge stocks
to the 1,500-2,000 psi operating pressures used in modern hydrocrack-
ing processes requires large quantities of energy. Effluent from the re-
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actor is still at high pressures, however, so that much of this energy can
be recovered if an HPRT is incorporated in the drive train.

• In the gas processing industry where crude gas is scrubbed by a high
pressure fluid medium such as potassium carbonate or amine in order
to remove unwanted components. For the purpose of regeneration and
recycling, the pressure has to be reduced; in other words, possible en-
ergy recovery has been made available.

The pressure can be reduced by using pressure breakdown valves;
however, the differential pressure will be converted into thermal energy,
which is either wasted or very uneconomical to recover. A relatively effi-
cient method for pressure reduction and energy recovery is by the use of
HPRT's.

HPRT's will convert the differential pressure into rotational energy,
which can be utilized in helping to drive the centrifugal pump that returns
the regenerated medium to the absorber. Both major types, namely, the
reaction and impulse types, are used in the gas processing industry. Fig-
ure 14-19 shows the operational system using a reverse-running purnp
with fixed guide vanes. Since in a recycle system the recovered energy is
smaller than the required energy to drive the pump, an electric motor or
steam turbine on the other side of the pump is used to cover the energy
difference and to maintain as a second function a constant RPM of the
entire train.

The desired flow can be obtained either by changing speed of the as-
sembly (steam turbine drive) or by throttling the pump output (motor
drive), which means loss of energy. Unfortunately, the operating behav-
ior of the standard reverse-running pump with fixed guide vanes requires
a controllable throttling inlet valve for reduced capacity and a bypass line
for increased capacity. Both represent additional energy losses (see
Curve "A" and "B" in Figure 14-20).

Figure 14-21 illustrates the system using an HPRT with variable guide
vanes.

The losses of the system in Figure 14-19 are avoided. The function of
the inlet throttling valve (reduced capacity) and the bypass (increased ca-
pacity) are served by the variable inlet guide vanes installed in the HPRT,
which satisfy the following purposes:

• Regulation of the capacity by varying the cross-section area of the
guide vanes depending on the level in the absorber.

• Feeding the medium to the runner in a definite direction.
• Complete or partial conversion of the differential pressure into kinetic

energy.
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Figure 14-20. Power vs. plant capacity.

• Tripping the HPRT in the event of failure of compressed air, oil pres-
sure, or power.

As a result of the improved supply of medium, the HPRT will still gen-
erate energy when the plant capacity drops below 40%, whereas the re-
verse running pump with fixed guide vanes will start to consume energy.
(See Curve "A" and "C" in Figure 14-20).

Installation of a Pelton-type HPRT is shown in Figure 14-22. The
pump-driver train arrangement is identical to the ones with the reaction-
type HPRT's. However, a horizontal-level controlled tank has to be
placed immediately below the turbine outlet to avoid paddling of the
wheel in fluid flowing from the wheel. Paddling of the wheel in the me-
dium results in high energy losses and strain being placed on the turbine.
The efficiency of a properly installed Pelton-type HPRT is slightly higher
at lower flows than the one of the HPRT with adjustable guide vanes,
since the effect of the lower specific speed is not as significant (see Curve
"A" and "D" in Figure 14-20).

HPRT's find many more applications such as services in hydropower
stations and cooling towers and as reversible machines for pumped stor-
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age systems. Hydraulic turbines in power recovery applications may be
used to drive a pump, compressor, or other types of rotating equipment
either as a sole driver or as a helper driver in tandem with another driver
such as an electric motor or steam turbine. Hydraulic turbines may also
be used to drive electric generators.

When the hydraulic turbine is used in tandem with another driver to
drive a pump, consideration must be given to the available starting load
requirements and operating load conditions. If the hydraulic turbine is
able to bring the pump up to a speed with a reduced flow capacity
through the pump, such as at pump minimum flow where the required
HP is less, it is possible to use a reduced size electric motor or steam
turbine driver to make up the horsepower difference required for normal
pump operating conditions. This is not usually done, however, because
plant operating conditions may cause an upset in the flow capacity to the
hydraulic turbine with a resultant potential overload on the partial-sized
drivers; the pump system would malfunction. The driver used in con-
junction with the hydraulic turbine is usually foil sized to run the pump
by itself and in addition to accommodate the low flow input horsepower
requirements for the hydraulic turbine.

On tandem-drive pump units, an over-running automatic free-wheeling
clutch is often used that will permit the hydraulic turbine to be dis-
engaged from the drive operation for simplified start-up procedures, sys-
tem operating upsets, and maintenance. The use of the over-running
clutch will also permit a lower flow capacity to the hydraulic turbine
when it is operating at minimum flow conditions.

The arrangements of the drive train components for tandem-drive units
depend on the disassembly requirements for the components.

When an electric motor is used in conjunction with a hydraulic turbine
in tandem-drive arrangements, a double-extended motor shaft with the
pump on one end and the turbine on the other end, is most common. An
over-running clutch may be used between the motor and the hydraulic
turbine when desired. The full-sized motor acts as an excellent speed
governor for the hydraulic turbine. The motor may be essentially idle or
it may even function as an electric generator with no adverse effects on
the electric utility system should the RPM reach or slightly exceed syn-
chronous speed.

When a steam turbine is used in conjunction with a hydraulic turbine in
tandem arrangements, the pump is typically installed between the steam
turbine and the hydraulic turbine since the steam turbine is usually not
available with a double extended shaft.

A steam turbine is capable of acting as a good governor for speed regu-
lation, provided the hydraulic turbine power rating does not significantly
exceed that required by the pump (or other driven equipment). Power re-
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covery may be realized by using a hydraulic turbine to drive an electric
generator of either the synchronous or induction type. For the smaller
systems, the induction-type generator is attractive for economic consid-
erations.

A squirrel-cage induction machine becomes an excellent power gener-
ator when it is excited by AC power while the shaft is rotated above syn-
chronous speed. Frequency of the generated power is that of the excita-
tion; shaft speed determines only the amount of power consumed or
delivered. If the shaft is rotated much faster than synchronous speed, the
machine can burn out. But the system tends to be self-regulating because
the shaft becomes increasingly harder to rotate as speed increases above
synchronous.

When the induction machine is excited by AC power from a utility sys-
tem, power is fed back into the power grid as the speed reaches and sur-
passes rated synchronous speed. The power grid provides the excitation
voltage needed by the induction machine for both motor and generating
action.

When an induction generator must work without a source of AC power,
excitation can be supplied by residual magnetism and capacitors con-
nected phase to phase. A storage battery can be used to provide a current
pulse through one of the windings and thus leave sufficient flux to start
generation.

Generation occurs when the capacitor current exceeds the excitation
current of the windings. Generation stops when the shaft speed is low-
ered to the point where capacitive reactance exceeds that of the winding
or when the load absorbs too large a portion of the capacitor current.

Operation and Control Equipment

As the flow through the HPRT increases from the no-flow condition,
the fluid velocity through the runner gradually imparts to the runner not
only enough energy to overcome internal friction but also to permit some
net power output. This point usually occurs at about 40% of design flow
or capacity. As in any turbine driver, the machine will speed up until the
load imposed on the shaft coupling equals the power developed by the
turbine. The hydraulic turbine must operate to satisfy its own head-ca-
pacity-speed-horsepower relationship within the available head and im-
posed speed limits.

Consider a power recovery turbine operating as the only driver. If
more liquid is allowed to flow to the power recovery turbine than is
needed to produce the horsepower required, the turbine will speed up and
try to handle the liquid; at the same time the driven pump or compressor
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will speed up. In speeding up, the turbine will produce more shaft horse-
power, which the driven pump or compressor must absorb at the new
speed. Finally, the horsepower will be balanced, but the speed of the
driven unit may be off design.

If speed control is necessary, throttling some of the turbine's driving
fluid across a valve bypassing the turbine allows it to satisfy the horse-
power-capacity-speed requirements of the driven unit. If the amount of
fluid available to the turbine is less than that needed for the design condi-
tions of the driven unit, the turbine will slow down and try to shed some
of the load. Here speed control can be achieved by throttling the available
pressure so that the turbine sees only that portion of the available head
needed to satisfy its head-capacity-speed relationship at the desired
speed.

When a power recovery turbine is combined with a makeup driver, ex-
cept at a single point, the recovery turbine always requires either flow
bypassing or inlet pressure throttling. The balance point is always deter-
mined by the power-speed characteristics of the driven unit. If the driven
unit can use all the generated horsepower, such as a floating electric gen-
erator would, capacity control and pressure throttling may not be needed.
When a speed-controlling, variable-horsepower helper driver such as an
electric motor or steam turbine is used it will hold the speed constant and
make up just enough horsepower to permit the power recovery pump tur-
bine to satisfy its head-capacity curve at virtually any flow rate.

Split-range liquid-level controllers are typically used to regulate the
available flow to HPRT's. The split-range liquid-level controllers and
pressure-control valves are usually furnished and installed by the pur-
chaser. The pressure-control valve is usually located at the inlet side of
the hydraulic turbine to prevent an excess pressure condition from occur-
ring at the turbine shaft seals by a closed valve. Also, the low shaft seal-
ing pressure usually results in a lower initial cost and reduced mainte-
nance. The signal from the controller is used to adjust the
pressure-control valve when too much head is available for the capacity
and speed and to bypass excess capacity from the system when more liq-
uid is available to the HPRT than needed to satisfy the relationship. When
an HPRT is provided with adjustable guide vane nozzles for performance
variation, a proportional range controller will provide the operator signal
to appropriately adjust the guide vane setting for optimum conditions.

An over-speed trip device is often furnished with the hydraulic turbine,
This device is typically used to provide a signal to operate an over-speed
alarm or to close the pressure-control valve for minimum flow turbine
operation. The sensing device may be a pneumatic or electronic transmit-
ter or a mechanical trip mechanism installed to sense the turbine shaft
speed.
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If the hydraulic turbine should operate at runaway conditions (zero
torque) due to no load, the turbine shaft speed will generally increase to
within the range of 120% to 155% of the normal design speed with 100%
normal design head. The overspeed amount depends on the specific
speed characteristics of the machine. Should an upset condition occur
where there is a large amount of vapor present with a loss of liquid level
and with full differential pressure across the turbine, a very high run-
away speed could occur. This is due to the low-density vapor producing a
high differential head and a high-volume flow.

HPRT's should be brought up to ftill operating speed as rapidly as pos-
sible, because they not only fail to generate power but actually consume
power until they attain about 40% of the design capacity.

The installation of the previously mentioned over-running automatic
free-wheeling clutch between turbine and the driven pump or compressor
is a good solution. The to-be-driven machine does not have to turn until
fluid is available to the HPRT, which is not connected to the to-be-driven
unit until it tries to run faster and puts out power. Using this arrange-
ment, the start-up sequence can be selected so that the HPRT goes from
zero speed to full operating speed along the zero torque curve,

Conclusion

In view of the significant power savings possible by use of power re-
covery turbines, energy users should take advantage of every opportu-
nity to investigate the economics involved. Justification is based on the
value of the energy saved during a projected life of the turbine versus the
projected cost of purchasing, installing, and maintaining the machine for
the same period of time.

The effects of changes to the operating conditions, such as available
flow capacities and differential pressures for the HPRT's and driven ma-
chines need to be considered. Since the most commonly used turbine
types have fixed performances, changes to the operating conditions may
cause a significant change to the power output from the turbine unless
modifications to the turbine internal nozzle sizes are made. HPRT's with
internally or externally adjustable guide vane assemblies are desirable
when changes to performance characteristics are expected.

Another consideration for selecting a hydraulic turbine as a driver in
place of an electric motor or steam turbine is the fact that the hydraulic
turbine does not have the incremental costs in energy. Experience with
HPRT's in actual operating installations shows that these machines are
very reliable, they perform the design requirements, and the operating
costs are minimal. The hydraulic and mechanical performances are read-
ily predictable.
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Current inquiries show that there is a significant potential for hydraulic
turbines during the eighties and surely beyond. Indications are that sizes
much larger than those currently in use will be needed. Also, the types in
demand will include the adjustable guide vane nozzles, diagonal flow
types, vertical types, and possibly the combination turbomachine with
the turbine and pump unit in the same case,
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by Frederic W. Buse
Ingersolf-Rand Company

Chemical pumps are designed for many processes and products that are
not normally handled by pumps designed for a single product or process
such as general water pumps, boiler feed pumps, cooling water pumps,
or petroleum industry pumps. The chemical processes vary from acids,
alkalies, toxics, reducing agents, oxides, slurries, organics, or inorgan-
ics causing corrosion, erosion, galvanic action, or leaching to occur on
the pumps and piping system and any other product in the process.

To handle this variety of conditions, the pumps employ various materi-
als such as 316 stainless steel, ductile iron, alloy 20, titanium, Hastelloy
B and C. The continuous development of nonmetallics also make these
pumps available in vinyl esters, epoxies, PVC, or with linings of teflon.
Some pumps employ carbon, ceramic, and glass bodies or linings.

ANSI Pumps

Specifications

Most chemical pumps in the United States in the past 25 years have
been developed according to the ANSI B73.1M and .2M specifications
for horizontal and vertical pumps respectively (Figures 15-1 and 15-2).
These specifications were initially developed in 1955 and were published
in 1962. The current specifications were published in 1991. Besides
safety criteria, the main objective for these specifications was to establish
dimensional standards and interchangeability of various size pumps
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Figure 15-1. ANSI overhung single-stage pump (courtesy of Ingersoll-Rand
Company).

within a given envelope (Figure 15-3A). The ANSI B73.1M specifica-
tion has a dimensional designation of AA to A120 that covers 19 various
size pumps. Its dimensional standards not only cover the pump itself, but
also cover the pumps on bedplates. ANSI B73.2M has a dimensional des-
ignation of 2015 to 6040 that covers 15 various size pumps (Figure 15
3B). This dimensional standard became an important criterion for chemi-
cal plant designers because they could rely on the pump envelopes for
dimensional accuracy when laying out the piping and foundations for the
pumps. This eliminated the need for certified drawings of the pump as-
sembly or pump bedplate combination from the pump suppliers. It also
eliminated the need for extra inventory for spare parts because spare
pumps could be purchased from various pump manufacturers with the
assurance that they would fit into an existing piping system.

The hydraulic range of these pumps at a synchronous speed of 3600
RPM is 2000 gallons per minute and over 800 feet. At 1800 synchronous
speed, the range is from 3500 gallons per minute to 250 feet (Figures
15-4 and 15-5).
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Figure 15-2. ANSI vertical in-line overhung single-stage pump with rigid cou-
pling (courtesy of ingersoll-Rand Company).

The specifications also stipulate that the pumps have centerline dis-
charge casings and should be pulled from the rear rotor design that al-
lows disassembly without disconnecting the suction or discharge nozzles.
To maximize mechanical seal life, the specifications require a .005-inch
shaft deflection limit at the impeller centerline due to dynamic deflection
and a maximum full indicator run out at the stuffing box face of .002
inches.

The specifications also require that there be a minimum bearing life of
17,500 hours due to the defined maximum imposed hydraulic loads and
that the suction and discharge flange pressure-temperature limits comply
to a minimum of ANSI B16.5 Class 150 (Figures 15-6 and 15-7).
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(Dimensions in Inches)

Dimension
Designation

AA
AB
A1Q

AA
ASQ
A60
A70

A05
A50
A60
A70
ABO

A20
A30
A40
ABO (21

A90 (2)
A100 (2)
A11Q (2)
A120 (2)

Site,
Suction x

Discharge *
Nominal
Impeller
Diameter

I'/, x ! x 6
3 x I'/, x 6
3 x 2 x 6

V/, x 1 x 8
3 x 1'/, x 8
3 x 2 x 8
4 x 3 x 8

2 x l x 10
3 x V/, x 10
3 x 2 x 10
4 x 3 x 10
6 x 4 X 10

3 x IX, x 13
3 x 2 x 13
4 x 3 x 13
8 x 4 x 13

8 x 6 x 13
10 x 8 x 13
8 x 6 x 15

10 x S x 15

CP

17V,
17V,
23V,

177,
23V,
23V,
23'/,

23 '/,
23Va

23V,
23'/,
23 '/,

23'/,
23 Y,
231/,
23'/,

33'/.
33'/,
33'/,
33V.

0

5V.

5'/,
8V,

5V.
8'/.
8V.
8V,

8V.
81/,
8V.
ay.

10

10
10
10
10

14V,
14Y,
14V,
147,

2£,

6
6
9V.

6
9V.
y/.
9V.

9V.
9'/.
9"/.
9'/«
9V.

9V.
9»/.
9y.
9V.

16
16
16
16

2£,

0
0
7V,

0

7V.
7V.
7V.

7V.
7V.
7V.
7V.
7V.

7V.
7'/.
7V.
7V.

9
9
9
9

F

7V.
7V.

12'/,

7V.
12V,
12V,
12V2

12V,

12V,

12V,

12'/,
12V,

12'/,
12'/,
12'/,
12V,

18V.
18V4

18J/.

18»/4

H

**
%
'/,

y,
*/.
y.
y.

*/•
%
y.
•/,
%

%
%
'/.
y.
y.
y.
y.
7,

o
iiy.
IT/.
16V,

11%
16V.
i?y.
19V.

16V.
16'/.
171/.
19V,
23 '/,

20V,
2 1'/,
22'/,
23V,

30V,
32V,
32'/,
33V,

UJNote (1)]

Diam-
eter

'/,

'/.
IV.

y.
1V,
V/,
17,

17.
1V.
I'/.
V/.
r/.

v/.
V/,
IV.
tv.

2%
2'/.
21/,
2'/.

Keyway

y,, x %,
y,. x 3/j»
v. x y.

%. x VM
v. x y.
v. x y.
v. x '/.

'/. x v.
y. x '/,
V. x '/.
v. x y.
X, x V,

v. x y,
v. x y.
v. x y.
v. x y.

y. x y,.
'/, x •/„
y, x «/„
"/, x y,.

V
Mini-
mum

2
2
2%

2
2%
2%
2%

2%
2%
2%
2%
2%

2%
2%
2"/,
2V,

4
4
4
4

X

6'/,
6V,
8V.

6'/,
BV,

' 9V,
11

87,
8V,
9V,

11
13V,

10V,
iv/t
12V,
13V,

16
18
18
19

r
4
4
4

4
4

4
4

4
4
4
4
4

4
4
4
4

6
6
S
6

NOTES:
(1) Umay be IV, in, diameter in A05 through A80 sizes to accommodate high torque values.
<2| Suction connection may have tapped bolt holes.

Figure 15-3A. ANSI pump dimensions (from ASME B73.1 M-1991 by permission
of the American Society of Mechanical Engineers).
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VERTICAL IN-UNE
CENTRIFUGAL PUMPS FOR CHEMICAL PROCESS

DIMENSIONS, in.

Standard
Pump

Designation1

VC, VU, VM

2015/15
2015/17
2015/19

3015/15
3015/19
3015/24

3020/17
3020/20
3020/24

4030/22
4030/25
4030/28

6040/24
6040/28
6040/30

ANSI
125, 150, 250, or 300

Flange Sizes

Suction

2
2
2

3
3
3

3
3
3

4
4
4

6
6
6

Discharge

m
I'A
m

I'A
m
j'/i
2
2
2"

3
3
3

4
4
4

SD
+0.10
-0.08

14.96
16.93
18.90

14.96
18.90
24.02

16.93
20.08
24.02

22.05
25.00
27.95

24.02
27.95
29.92

r
(maxi-
mum)

6.89

7.87

7.87

8.86

9.84

NOTE:
(1) Pump Designation: defines design, flange sues, and SD dimension (e.g., VC. VB 50-40-380).

Figure 15-3B. ANSI pump dimensions (from ASME B73.2M-1991 by permission
of the American Society of Mechanical Engineers).
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Figure 15-4. Typical 60 cycle-3600 rpm performance chart for ANSI 673,1
pumps (courtesy of Ingersoll-Rand Company).

Figure 15-5. Typical 60 cycle-1800 rpm performance chart for ANSI 873.1
pumps (courtesy of Ingersoll-Rand Company).
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Figure 15-6. Pressure versus temperature for 150 pound ANSI flange.

Material Specifications
Di
S
R
C04
HB
HC
Tl

Ductile Iron
31 6 Stainless Steel

Alloy 20
CD4MCU

Hastelloy B
Hasteiioy C

Titanium

Figure 15-7. Pressure versus temperature for 300 pound ANSI flange.
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The impellers employed by most manufacturers are semi-open even
though the specifications allow for both semi-open and closed impellers.
The specifications call for the wetted-end materials to be manufactured
from alloy steels, carbon steel, ductile iron, or cast iron. However, most
manufacturers stock ASTM A744 (similar to Type 316) or ASME A395
(cast ductile iron).

ANSI B.73.1M is for horizontal cradle pumps. Most pump manufac-
turers divide the 19 pump sizes into three groups. Many of the parts are
interchangeable.

ANSI B.73.2M covers the same hydraulic range up to the 6 in. suc-
tion x 4 in. discharge nozzle size and consists of a total of 15 pump sizes.
The vertical in-line pumps are designed so a user can obtain access to the
impeller and stuffing box area without disassembly of the pump from the
line nor disassembly of the motor. This is accomplished by use of a rigid
coupling and/or a separate bearing housing that fits between the casing
and the motor,

These pumps have the same deflection and total indicator runouts as
the horizontal pumps. When using a rigid coupling, these pumps employ
a P-face motor. This motor is called an in-line motor (NEMA MGI-
18.620). It was developed in conjunction with NEMA and employs dou-
ble-row or back-to-back deep groove thrust bearings to absorb the radial
and axial thrust developed by the pump. The construction of this motor is
such that for a radial load of 25 Ibs. at the end of the motor shaft the
radial deflection shall be no more than .001 in. with an axial load of 50
lbs,» the shaft movement is limited to .0015 in.

When a separate bearing housing design is employed for the vertical
pumps, a C-face motor is used (Figure 15-8). Because the hydraulic
thrust is absorbed by the bearing housing's bearings, the standard C-face
motors do not require special thrust bearings. A flexible coupling is used
between the bearing housing and the motor. The advantage of the bearing
housing design on the larger size impellers (over 10 in.) and the larger
size motors (used on 3 in. discharge nozzle and above) is that the pump
shaft system is more rigid and deflection is less because of the smaller
overhang. A disadvantage of the design is the problem of removing the
extra weight of the assembly from the casing and out of the support head
area without causing damage to the parts being removed.

General Construction

Impeller
Semi-open impellers develop higher axial thrust loads than do closed

impellers. However, with chemical pumps, the semi-open type impellers
are normally employed to facilitate cleaning of fibers or particles often
contained in the process liquid.
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Figure 15-8. ANSI vertical in-line overhung single-stage pump with bearing
housing (courtesy of Goulds Pumps, Inc.).
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There are three basic types of back shroud configurations. One is a
full-open impeller where the back shroud is almost completely scalloped
out to reduce the area on which the hydraulic pressure can react thereby
almost eliminating axial thrust (Figure 15-9A). The second is a semi-
open impeller that has a partially scalloped back shroud (Figure 15-9B)
that has greater axial thrust than the full-open impeller but has better effi-
ciency and head characteristics. The third is the full back shroud (Figure
15-9C) that normally has about five points higher efficiency than the
scalloped impeller but has less head than the scalloped impeller because
of the regenerative action of the scallop. Most open-impeller designs are
of the scallop or full shroud variety. Full-open impellers are rarely used
in this industry because of low efficiency and the bending loads on the
vanes. If it is found that impellers with plain back surfaces produce inad-
equate bearing life due to excess axial thrust, then pump-out vanes are
usually employed on the back of the shroud to reduce the thrust. (Refer to
Chapter 18).

Figure 15-9A. Fully scalloped open impeller.
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Figure 15-9B. Partially scalloped open impeller.

Casings

Casings for the ANSI chemical pumps have centerline discharge and
suction both in the horizontal and vertical pumps. This makes it easier for
laying out the piping in a system as well as reducing the nozzle loading.
This is because the centerline nozzle eliminates the moment arm from the
centerline of the casing to the centerline of the nozzle that exists with
tangential discharge (Figures 15-10A and 15-1 OB).

On the horizontal casing, the centerline discharge results in a cutwater
being approximately 30° off the centerline allowing the casing to be self
venting. The casings are designed so that the rotor can be removed from
the back without disturbing the suction and discharge piping. The gaskets
of the casing are atmospheric confined so that the internal pressure can-
not push the gasket out, as could occur with a Ml, flatface gasket. The
flanges are 150 ASME flatface with an option of a raised face for steel
and alloy material casings. There is the option of 300 Ib. flanges for both
the suction and the discharge on the steel and alloy casings. In the chemi-
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Figure 15-9C. Full back shroud open impeller.

cal industry, to prevent localized erosion-corrosion many customers do
not want any holes in the casings; therefore, vents and drains are offered
as options.

The running surface of the casing that is adjacent to the front face of a
semi-open impeller is designed so mat the clearance between the impeller
and case ranges from 0.010 to 0.020 inches depending on the manufac-
turer, pump size, and material. When this surface is machined on an an-
gle relative to the centerline of the pump, the surface has to be concentric
with the centerline within .0010 inches. If quality control is not adhered
to, the wear surface will have wider clearance on one side relative to the
other resulting in inconsistent performance. The surface has to be ma-
chined on an angle of plus or minus 3 minutes of a degree to maintain
performance. Instead of (Hitting this surface on an angle, some manufac-
turers machine it so it is perpendicular to the centerline of the casing.



Chemical Pumps Metallic and Nonmetallic 29S

Figure 15-10A. Casing volute with centerline discharge nozzle.

Figure 15-1 OB. Casing volute with tangential discharge nozzle.
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This makes it easier to manufacture and eliminates the problem of the
angle machining. This usually results in the back wall of the impeller be-
ing cast on an angle. Studies have been made comparing angles of 0° to
8° in the forward position relative to the back position to determine if
there was any difference in performance, efficiency, and NPSH. The in-
vestigation showed no difference in the various performance criteria.

Volute

The design of the volute for hydraulics depends upon the stiffness of
the shaft system. Most of the systems can absorb the radial thrust devel-
oped by a single volute. When the bearing loading becomes excessive, a
fall double volute can be employed. The radial thrust developed by the
double volute is about 16% that of a single volute resulting in longer
bearing life. A partial splitter, which is between a single and double vo-
lute, reduces the thrust to approximately 33% of the single volute and
results in bearing life and deflection within the parameters of ANSI spec-
ifications. The length of the splitter is dependent on the specific speed. A
partial splitter is easier to cast because its core support is not as long and
is easier to remove after pouring. On specific speeds of 500 or less, cir-
cular volutes are sometimes employed. Typical volute designs and the
method used to calculate radial load are described in Chapter 5.

Gasketing

The gasketing is usually a flat semi-confined design or an Oring de-
sign. Flat gaskets take more bolting because the bolt load must compress
the gasket as well as resist the hydraulic force. With the O-ring only the
hydraulic force acts at the centerline of the O-ring.

Fiat Gasket

The flat uncompressed gasket is l/32 inch to Vie inch in thickness and
has 27 % compression due to the bolt force. For many years it was made
from asbestos which was universal for most chemicals; however, with
the changeover to nitrile synthetic material, two different types of base
materials are required to handle the spectrum to which chemical pumps
are applied. The new material has the same compression rate and hard-
ness as the asbestos materials.

O-Rings

O-rings can be fitted radially, axially, or in a corner. Radial O-rings
require more control of the machining of the concentricity of the casing
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and the casing cover relative to the axial O-ring. Because the axial O-ring
has a greater sealing diameter, it requires additional bolting. Corner O-
rings take more tolerancing but are a good compromise between radial
and axial machining. The O-rings are made out of EP (ethylene propyl-
ene) for hot water, buna for hydrocarbons, viton for general chemicals,
and Kalrez for highly corrosive chemicals. They are usually color coded
to designate materials.

Casing Covers

Stuffing Box

The casing cover, sometimes called a stuffing box extension, encloses
the back end of the casing. The casing cover also includes the stuffing
box or seal chamber. Originally, the ANSI standards required that the
minimum stuffing box packing size be 5/ie in., 3/s in., or 7/i6 in. depend-
ing on pump size. The stuffing box was designed to handle both mechani-
cal seals and packing; however, through years of experience, it was
found that the mechanical seal's outside diameter had too small clearance
between it and the bore of the box. This limited the amount of cooling
that a seal could obtain, especially in double seals. So even though there
was cooling injection into the gland and out of the box for double me-
chanical seals, there were frequent failures at the outboard seal. As a re-
sult, the specification includes optional large bores that only accommo-
date mechanical seals. This should give adequate cooling of the box to
increase the life of the seal. If a customer requires a box for both seals
and packing, he will require a box to the original specification. The taps
into the stuffing box may be lk in. minimum, but 3/8 in. is the preferred
NPT size,

Depending on fluid temperature, the option of a cooled or heated stuff-
ing box is usually offered. The type of mechanical seals offered on these
pumps are single seals, double seals, and tandem seals. Mechanical seals
used in ANSI pump applications are discussed in detail in Chapter 17.

Frame

The frame for the horizontal pump is composed of the support head
and bearing housing. Depending on pump size, this can be one integral
component or two separate pieces. Some manufacturers refer to the bear-
ing frame housing as the bearing housing. The bearing frame or housing
consists of the housing, the shaft, bearings, bearing end cover, flinger,
and feet. On pump sizes AA and AB, the feet are usually cast integral
with the bearing housing support head combination.
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Support Head

The support head is the member that aligns and fixes the casing to the
bearing housing. ANSI requires the support head to be made of ductile
iron or carbon steel. This requirement stems from concern that a system
upset could subject the pump to excessive pressure and result in cata-
strophic failure of the cast iron support head. Support heads are also of-
fered in stainless steel as an optional feature. This is done for three rea-
sons:

• To reduce corrosion due to leakage from packing or mechanical seals.
« To reduce thermal conductivity in very high or very low temperature

applications.
• To have a material that has high impact properties for temperatures be-

low 40°F.

On vertical in-line pumps, the support heads are larger than horizontal
pumps because they must allow the rotor to be passed out of the support
head during disassembly and also must adequately support the weight of
the vertical motor. When a bearing housing vertical in-line is employed,
the support head is at least 50% higher in height than with the rigid cou-
pling design. Depending on size and motor horsepower, the support
heads are made out of cast iron, ductile iron, or fabricated steel. When
the vertical support heads are made out of ductile iron or carbon steel,
extra care has to be taken in machining the toleranced dimensions be-
cause of the release of residual stresses in these materials.

Bearing Housing

This is usually made out of cast iron. After machining, it is protected
internally with a rust preventative such as a paint or clear material to pre-
vent rust particles from forming internally in the housing during storage
or shut down. The housing is designed to hold a reservoir of oil that is
approximately a half pint on the small pumps, and 3 to 4V2 pints on the
large pumps. The housings have vents, drains, and a tap for an oiler. The
vent and drain should be a minimum of Va in. so the oil can readily flow
during filling or draining. The vent should be designed in a way that wa-
ter cannot enter into the housing. Sometimes the vent is made up of a pipe
that comes up through the bottom of the housing; other times it is com-
posed of a nipple and cap with a sixteen-hole or commercial vent. The
oiler is located so mat movement of the oil from the rotation of the shaft
does not prevent the oil from entering into the housing. Oilers are sup-
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plied with a glass or plastic bubble; glass is specified in a refinery type of
service.

Shaft

The shaft has to be designed to take the radial, axial, cyclic, and tor-
sional loads. The axial load, depending on suction pressure, can be in
either direction. Shaft diameters are rated by horsepower per 100 RPM.
The shaft material can be 1020, heat treated 4140 or 316. In each case the
material should be reviewed for imposed stresses. Refer to Chapter 16
for methods of calculations.

impeller Attachment

On chemical service pumps, impellers are usually attached with a male
or female threaded connection. Threaded connections are used between
the impeller and shaft because they can be more readily sealed than when
a key design is used, which inherently has an additional joint. Specifica-
tions do allow both types of connection.

Bearings

Specifications require that when the maximum hydraulic load from the
largest impeller at a given speed is applied to the bearings, they will have
a minimum L10 life of 17,500 hours. The designer and user should care-
fully select original or replacement bearings because the interchangeable
dimensional envelope of an AFBMA bearing does not ensure that the size
or number of balls are the same from one manufacturer to another,
thereby resulting in a possible change in the rating of the bearing. It
should also be remembered that the life of a particular design will change
with suction pressure.

Most chemical pumps use semi-open impellers, and operate with a
.010 to .020 inch gap between the impeller and casing wall. To maintain
this clearance, the bearings should have .0015 to .002 of an inch axial
input end play. Double-row bearings have an assembly end play of .002
to .003 of an inch. Back-to-back bearings have an assembly end play of
.005. However, the back-to-back bearings are more forgiving to mis-
alignment when radial loads are applied to the bearings. The life of a
back-to-back bearing is about twice that of the comparable double-row
bearing. Back-to-back bearings are usually offered as an optional feature
on chemical pumps. This applies to both horizontal and vertical pumps.
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Lubrication of the Bearings

The bearings are normally lubricated with either oil bath or grease.
The oil level is usually at mid-ball. If it is higher than mid-ball, churning
usually occurs resulting in foam in the bearing housing and an increase in
temperature. Disk flingers are used to splash oil within the housing. Roll
pins are also used on the shafts to splash oil. In this case, the initial oil
level is below the balls.

With oil lube, the temperature on the outside skin of the housing is
about 20° cooler than the temperature of the outer race. Skin temperature
of the small pumps ranges between 110°F and 130°F» and on the large
pumps between 140°F and 165°F. At skin temperatures above 185°F» the
unit should be shut down and inspected to determine the cause of high
temperature. It takes approximately 45 minutes to one hour for the tem-
perature of a cradle to stabilize. With roll pin splash, the temperature is
20°F less than the oil bath.

Grease bearings are either replacement grease or seal-for-life bearings.
The problem with the replaceable grease is that excess grease is usually
put into the bearing's cavity causing sharp increase in temperature and
drop in life.

The seal-for-life bearings come with either shields or seals. Shield
bearings are adequate for the majority of applications. In general, the
temperature of grease bearings is approximately 20°F less than the oil
lubrication. The subject of bearing lubrication is discussed in detail in
Chapter 20.

Mounting the Bearing

Finish and dimensions of the shaft should meet the bearing manufac-
turer's recommendations. Typically, the bearing is .000 to .0005 inches
tight on the inner race and ,0005 to .001 inch loose on the outer race.
Refer to the bearing manufacturer's catalog for recommended fit. The
bearings can be pressed on to the shaft, but it is usually better to heat
them to prevent excess stress. They can be heated in an oven or put in an
oil bath up to 240°F. When put in an oven, the bearings should be laid
flat and should not touch each other. For field installation, the bearing
can be set over a light bulb to expand the inner race. If the bearing is too
loose on the outer race, the race will spin within its housing. The bear-
ings are secured to the shaft with a snap ring or a bearing lock nut. The
bearing lock nut is secured with a tab washer. This is preferred to a lock
nut with a nylon type pellet. The outer race axial movement is restricted
in two ways: either within a separate end cover or by having a snap ring
in the outer race clamped between the bearing housing and the end cover.
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Clamping Between the Housing and End Cover

With this type of a mount (Figure 15-11), there are fewer tolerances
and fits to cause misalignment than when used in a separate end cover.
However, to obtain axial adjustment, the end cover has to be removed to
add additional shims to either side of the snap ring to obtain the impeller
clearance. This will require a complete shut down of the pump and disas-
sembly of the end cover.

End Cover Mount

The end cover is a separate piece that slides within the bearing housing.
The end cover has an O-ring to prevent oil leakage from the housing. The
fit between the end cover and the bearing housing bore is .001 to ,002
inches. Expertise is required in machining of the end cover with auto-
matic machines that can exert excessive jaw pressure. This will cause
distortion resulting in incorrect bearing fits. The end cover has an oil re-
turn passage line that can be either cast or machined so oil can flow back
into the reservoir.

The bearing is held in the end cover by a snap ring, a lock ring, or a
solid ring (Figure 15-12A). When using snap or spiral flex rings, care
has to be taken that the radius dn the outer race of the bearing is main-
tained within the tolerance. If this radius is too large, the axial load will
concentrate on the inner diameter of the snap or circle ring causing it to
deflect in a cantilever action reducing the clearance between the impeller
and the casing.

A solid ring is used to prevent this problem. The solid ring is either
threaded into the bearing end cover or screwed on with a series of small
bolts (Figure 15-12B). Axial adjustment of the impeller to casing is ob-
tained by two sets of three bolts. One set of bolts is threaded into the end
cover so that when they are turned they go against the bearing housing
causing the end cover to move back toward the coupling. The other set is
screwed into the bearing housing so when they are tightened and the oth-
ers are loosened the end cover goes toward the impeller.

End Sealing

Ends of the bearing housings have to be sealed to prevent external liq-
uids from entering into the housing as well as oil from leaking out. This
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Figure 15-11. Thrust bearing positioned by a snap ring in the outer race.

Figure 15-12A. Thrust bearing positioned with snap ring in the bore of an end
cover.
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Figure 15-12B. Thrust bearing positioned with a solid ring in bore of an end
cover.

is usually done with closures. Closure lips usually point out to prevent
liquid from entering the housing especially during wash down. Closures
can be supplied with garter-type springs or leaf-type springs. The garter-
type spring is usually easier to assemble with this type of design. It is
important that the finish of the shaft be within the manufacturer's recom-
mendation, usually 16 RMS or less. A light film of castor oil should be
applied to the closure for ease of assembly. There should be a 30° cham-
fer on the shaft for assembly of the closures over the shaft.

On the outer diameter of the closure, even though boring is correct and
stamped casement is correct, the pieces are not always completely round.
Therefore, it is recommended that some type of adhesive be put between
the outer diameter of the closure and the housing to prevent leakage.
When it is known that there is excess environmental water or vapor or
contamination, magnetic-type closures or labyrinth-type closures are
used. They can fit in place of the clipper-type of closure.
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Bedplates

Standard Beds

Bedplate dimensions are dictated by ANSI specifications. Various
types are used in the chemical industry, namely structural channel, bent
plate, and castings. Bedplates are generally grouted for applications
above 25 horsepower. For certain applications, drain rim channels or cast
channels are offered.

Stilt-Mounted Beds

The stilt-mounted bed is a standard bed mounted on stilts 6 in. to 8 in.
above the surface. In this way they can be washed off to obtain clean
drainage in applications such as food and paper mills. The stilts should be
a minimum of 1 inch in diameter and made of a stainless material. On
some channel beds, in order to obtain secure footing (especially on a
rough surface), three stilts are used instead of four—ending up with a
milk stool type of construction.

Spring-Mounted Beds

This is a stilt-mounted bed with springs attached to the stilts that enable
the entire assembly of pump, motor, and bed to move when external
loads are applied to the nozzles. This is done in lieu of using piping ex-
pansion joints and loops.

Noncorrosive Beds

Noncorrosive beds are used in a corrosive atmosphere where it is
known that steel beds will corrode in a short period of time. These beds
are offered in the same sizes of the ANSI beds. They are made by epoxy
coating steel beds or from nonmetallic. The nonmetallics are made from
a form using resin transfer molding or are made as a solid mass, the
thickness being that of the height of the bed. When grouting is required,
the grout hole is usually cut with a saber saw or hole saw.

FHnger

The flinger is installed on the shaft with a press fit in front of the sup-
port head or cradle wall. The f linger is usually made out of elastomer or
polymer. Its function is to prevent excess packing or seal leakage from
entering into the bearing housing.
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Other Types of Chemical Pumps

With continuous development of structural composite materials, pump
manufacturers are offering various types of nonmetallic pumps in the
ANSI envelope. ANSI specifications do not encompass nonmetallic
pumps and there are no national standards for pressure, temperature, or
limitations. These pumps can be horizontal cradle pumps, self-priming
pumps, or submersible sump pumps. The design of these pumps will be
discussed later in this chapter,

Sealless Pumps

Another type of chemical pump is referred to as a sealless pump, but
more properly should be called a vapor tight or leakproof pump. These
pumps have no mechanical seals; therefore, there are minimum risks due
to seal failure or pump liquid being exposed to the atmosphere. Some
manufacturers offer pumps up to 500 horsepower; however, the majority
of vapor tight pumps are offered below 10 horsepower. Some companies
manufacture the casing dimensional envelopes to be the same as the
B73.1.

The two popular drives are magnetic drive and canned motor pumps
(Figures 15-13 and 15-14). In both cases the normal limiting factors are
the size of particles that can be pumped through their mechanism. The
length of life of these types of designs depends on the type of bearings
that are used. Excessive wear or seizure of the bearing results in down-
time of the whole unit. Surveys of failures show that most are caused by
flashing of the bearing lubricant rather than to the presence of particles.
Bearings are sleeve journal and flat plate thrust or conical combination
for journal and thrust. Monitors indicating bearing wear can be supplied
to prevent catastrophic failures. The magnetic drive usually uses perma-
nent magnets and can operate at higher temperature limits before cooling
is required. The magnetic drive allows the use of a standard type motor to
drive the magnets.

The canned motor pump has the advantage of being one complete unit
for the pump and motor; thus, it is shorter than the magnetic drive. The
outside liner of a canned motor pump is reinforced by the stator of the
motor resulting in high allowable pressures. Maximum viscosity for this
type of pump is 150 centipoise. This value can be much less depending
on the size, torque, and speed of the equipment.

Initial capital expenditure of sealless pumps is higher than standard
horizontal pumps with mechanical seals; however, manufacturers of this
type of equipment suggest that this can be amortized in a short period
because mechanical seal maintenance cost will be eliminated.
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Figure 15-13. Overhung single-stage magnetic drive pump (courtesy of Inger-
soll-Rand Company).

Figure 15-14. Overhung single-stage close-coupled canned motor pump (cour-
tesy of Pacific Pumps Division of Dresser Industries).
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Sump Pumps

Submersible or immersible sump pumps are a line of chemical pumps
that have been derived from the combination of parts of the horizontal
and vertical pumps (Figure 15-15). These pumps fit into wet sumps that
may be 3 ft to 20 ft deep.

These pumps employ the casing and impeller of a horizontal pump and
the support head, motors, and sometimes a casing cover of the vertical
pump. To prevent critical speed frequencies, the shaft is supported by
line bearings usually having a centerline to centerline distance of 5 ft for
1750 RPM and 3 ft for 3550 RPM. The column supporting the bearings
and the discharge pipe is made of compatible material for the liquid in the
sump. The bearings are either product lube, grease lube, or external lube
which has been centrifuged or filtered. Typical applications are shown in
Table 15-1.

The depth of the pump relative to the sump is called setting. Setting
goes from the bottom of the strainer to the bottom of the mounting plate.

The sump pump is usually required at the mounting plate; therefore,
when the impeller is selected, the frictional loss through the discharge
pipe as well as the static head above the minimum liquid level has to be
added to what is required at the mounting flange. These additional hy-
draulic losses may require a motor larger than would normally be used
for the same selection as a horizontal pump. These pumps also require a
minimum submergence to prevent vortexing or entrained air from enter-
ing into the suction (Figure 15-16).

There are no standards for the location in the sump of pumps of this
type. Many users employ the suggested applications shown in the Hy-
draulic Institute Standards for sump design. The mounting plates for
these pumps are usually plain carbon steel or carbon steel with an epoxy
coating on one side. Sometimes stainless steel is used.

Sometimes it is desirable to pump the liquid to a level below the suction
of the pump. A tailpipe is used to achieve this; however, the liquid level
has to be above the impeller centerline when the pump is started (Figure
15-17). The tailpipe allows the liquid level to be pumped down to as
much as 10 ft below the end of the flange of the suction pipe. The use of a
tailpipe reduces the cost of the initial pump. The disadvantage, however,
is that air can be pulled into the back of the casing thus reducing the over-
all performance of the pump.

Self Priming

The self-priming chemical pumps are also an offshoot of the horizontal
pumps (Figure 15-18). These are usually available in 316 or ductile iron.
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Figure 15-15. Vertical nonmetallic sump pump (courtesy of Ingersoll-Rand
Company).
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Table 15-1
Vertical Metallic Sump Pump Bearings

Bearing Material

Bronze

Iron

Rubber

Carbon

Teflon grease lube
Teflon product lube

Max
Temp °F

180

180

160

350

180
350

Min
Temp °F

-20

-39

39

-65

0
-100

Liquid

Water &
compatible
liquids
Water &
compatible
liquids
Abrasive with
liquids compat-
ible to rubber
Acids, chemicals
hydrocarbons
Chemicals
Not compatible
with teflon

Shaft
Mat'!

Carbon
steel

Carbon
steel

316

316

316
316

Figure 15-16. Minimum submergence versus g.p.m. for vertical sump pumps.

Most of these pumps are designed like a horizontal pump except they
have a self-priming casing. These pumps are used in mine dewatering
(which is usually acidic), or in refinery service where a vertical immer-
sion pump may not be used because of the space limitations.

NonmetalHc Pumps

In the past 30 years, the demand for pumps with greater corrosion re-
sistance than is offered by the high alloy stainless steels and nickel-based
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Figure 15-17. Vertical sump pump with tail pipe.
(Courtesy of Ingersoll-Rand Company)

alloys has been continuously increasing. This has been evident not only
in the chemical industry, but in other industries that use chemicals in their
processes. This demand has been met with various expensive alloys such
as titanium, alloy 20, zirconium, and many types of hastelloys. Although
these materials improved corrosion resistance, they caused other prob-
lems.

• Foundries experienced difficulties in castings.
• Existing patterns did not compensate for different shrinkage,
• Machinability was reduced.
• Delivery was longer due to foundry problems.
» The alloys were more expensive.
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Figure 15-18. Self-primer overhung single-stage (courtesy of Goulds Pumps,
Inc.),

• Quality was more difficult to obtain, and it was difficult and costly to
comply with NDE (nondestructive examination) requirements.

• Alloy 20 and Hastelloy-C pump case defects exposed during hydrotest
required excessive weld repair.

The extensive efforts made to overcome these problems included:

• Creation of new patterns to satisfy metal shrinkage.
• Development of Teflon-lined pumps.
• Development of other linings, such as polypropylene, epoxy, glass,

and Kynar.

Although lining the inside of pumps solved many of the earlier prob-
lems, new ones were created because linings:

• Were difficult to produce and apply to the complicated pump casing
areas.

• Would not properly adhere to metals.
• Would buckle, cold flow, or fail for other strength reasons.

Armored Pump

To overcome the difficulties experienced with pump linings, the ar-
mored pump was developed with complete pump casing and other wetted
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parts produced from carbon, Teflon, CPVS, Kynar, Ryton, etc. These
were protected by outside metal plates to hold the required pressure. The
various resins were produced with fillers that improved moldability but
did not substantially improve strength.

Reinforced Composite Material Pumps

The next development in nonmetallic pumps led to improved manufac-
turing techniques using thermo resin without armor. Successful resins in-
clude glass-reinforced thermoset composites. These have strengths
equivalent to the metallic chemical pumps and are suitable for applica-
tions of acids, alkalies, oxidizing agents, solvents, and salts with temper-
ature ranges up to 250°F as normal with peak temperatures up to 400°F
(Figure 15-19). These pumps were originally called FRP (fiber rein-
forced polymer) pumps but the term composites has basically replaced
that label.

Proper selection of composite materials offers many combinations to
improve corrosion resistance, lightweight, flame retardation, low-cost
magnetic transparency, and complexity of art design. The terms rein-
farced plastics or composites generally include two large groups of or-
ganic compounds that differ in their make-up. These are thermosetting
polymers and thermoplastics.

How does a designer choose between thermoplastics and thermosets?
With the present state of the art, the chemical compatibility, maximum
applicable temperatures, and consistent quality are about the same for
both processes. The differences are listed in Table 15-2.

Thermosetting Polymers

Thermosetting polymers for pump use are reinforced with fiberglass or
carbon fibers. During the molding cycle, these materials undergo a
chemical change that is irreversible. The resulting material will not
soften or become pliable with heat. They have four basic chemistries;
polyesters, phenolics, vinyl esters, and epoxies. Each has its own set of
advantages, manufacturing processes, and mechanical and chemical
properties. The fibers are either continuous or short fibers and are the
key in developing the temperature range and corrosion resistance of the
final part. There are many manufacturing processes for thermosets and
they are often every bit as critical to the final part performance as the
selection of the proper polymer and reinforcement combination. Com-
pression molding, transfer molding, resin transfer molding, cold mold-
ing, and extrusions are among the most commonly used processes.
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Figure 15-19. NonmetalHc overhung single-stage pump built to ANSI dimen-
sions (courtesy of Ingerso!l-Rand Company).

Table 15*2
Comparison of Thermosets with Thermoplastics

Process Thermoset Thermoplastics

Average range of .030 to 2.0 .06 to .38
molded thickness

Weight range of 1 to 500 pounds .5 to 5 pounds
material per molded
piece

Glass content range by 50 % -60 % 30 % -40 % (glass
volume degrades when put

through the auger of
the injection machine)

Length of glass fiber .25 inch .060 inch
Strength Not uniform Basically uniform

throughout
(anisotropic)

Minimum annual 1,000 10,000
quantities for design
criteria
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Table 15-2 continued
Comparison of Thermosets with Thermoplastics

Process Thermoset Thermoplastics

Obtain additional Not necessarily Yes
strength with ribs
Tooling Depends on Generally 15% to 20%

complexity and size higher than
compression molding
but offset by volume
of quantities

Process comment Compression Injection. Cannot use
compression molding
because not enough
heat to obtain proper
melt flow

Thermoplastics

Thermoplastics do not undergo a chemical change in their processing
and will become pliable upon reheating above their yield temperature.
Thermoplastic materials are available in a wide range of strengths and
application envelopes. They can be divided into fluoropolymers (PFA-
PTFE), engineering plastics (LCP-PPS), and general plastics (ABS
acrylics, polyethylene, PVC, and polypropylene). Thermoplastic pro-
cesses such as injection molding, vacuum forming, extrusion, and blow
molding offer the design engineer many selections for optimum cost con-
siderations. Selecting a suitable composite requires a complete under
standing of the end use application as well as a familiarity with the poly-
mer's physical, chemical, and processing properties. Although direct
replacement without design changes is feasible, more often the use of a
nonmetallic is optimized by a well-informed specialist.

Table 15-3 shows a general comparison of various resins applications.

Manufacturing Techniques

Two methods used in manufacturing the casing, casing cover, and im-
peller of nonmetallic pumps are compression molding and resin transfer.

Compression Molding

This process uses matched metal dies that have cored heat transfer pas-
sages to control the temperature of the process. The base resin is mixed
with appropriate amounts of chopped glass, fillers, and chemical cata-
lysts, inhibitors, and release agents to make a batch. This batch can be set
aside in plastic containers for a shelf life of approximately 30 days.
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Table 15-3
Resin Performance

Oxidizing
Resin Strong Alkalies Agents Organics Temp.
Type Acids (Caustic) (Bleaches) (Solvents) Limit

General Purpose Polyester Very Very
(Fiberglass Boats & Bathtubs) Poor Poor Poor Poor 160°F

Isophthalic Polyester
(Structural Applications) Fair Poor Poor Fair 190°F

Anhydride Polyester Excellent Poor Poor Good 275°F

Bisphenol A Polyester Good Good Fair Poor 250 °F

Epoxy Poor Excellent Poor Excellent 190-250 °F

Conventional Vinyl Ester Good Good Fair Fair 210°F

High-Performance Vinyl Ester
Dow Derakane 470
IR GRP Materials Excellent Good Good Excellent 300°F

When a piece is to be made, a portion of the batch for the piece is mea-
sured within an ounce of what is required. If there is too little, the die
will not be completely filled; if there is too much, the piece will have an
extra thick parting line and will not meet specifications. When the por-
tion of the batch is put into the die, the die closes and compresses the
batch at a temperature of approximately >300°F for 10 minutes.

The atmospheric condition to which the whole molding machine is sub-
jected should be controlled for temperature and humidity to obtain the
proper quality of the piece. The design engineer has to work closely with
the tooling engineer to make sure there is proper flow of material and the
path of glass or reinforcement is in the proper location. Experience has
shown that reinforcing ribs on casings can be detrimental to the strength
because the glass will form a continuous path within the rib producing a
knit line. (Knit lines are a result of material coming from two directions
and meeting.) This is usually a weak point. In many cases the piece will
be stronger by eliminating ribs where it was thought they would be bene-
ficial.

The pieces made from the compression molding process are consistent
from one piece to another, both in dimensions and in quality. Poor quality
from this process can be a result of (1) a bad mix of batch, (2) batch that
is too old, (3) temperature within the die that was not controlled, (4) tem-
perature of the atmospheric conditions that were not controlled, (5) ex-
cess humidity within the atmospheric conditions, (6) too little or too
much batch, (7) time under compression that was not held as specified.
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Resin Transfer

The tooling for resin transfer can be less costly than that of compres-
sion modeling, but the number of pieces that can be obtained from the die
will be less. In this process, the two halves of the die are separated and
reinforced cloth is cut to shape and put into the upper and lower envelope
portions of the die. Core made of beeswax is then set within the die. The
die is closed and vacuumed and brought up to temperature. A valve is
then opened to allow the resin to flow into the die. When the die is filled,
it is allowed to cool from 12 to 24 hours. The piece is then removed and
set into an oven. The beeswax is then melted and is recovered. The re-
sulting cavity gives the desired shape of the core.

The disadvantage of the resin transfer pieces is that there is a knit line
where the two halves of the die meet; therefore, the way the reinforced
cloth is put into the die is extremely important to obtain the proper
strength of the piece. Pieces made from this process usually do not have
the strength of a comparable compression molded piece. Pieces also do
not have the consistency of the compression molded piece due to the hand
lay up of the cloth. This process is usually used for larger types of pieces
where the allowable tolerances are greater than with the compression
molded piece. The internal finish for hydraulic passages with this pro-
cess is not as smooth as obtained with the compression molded piece.

The problems of quality in this process are:

• The quality of tooling that is used to substantiate life of the part for
consistency.
The type of reinforcing glass.
The method in which the glass is put in the die.
The amount of glass cloth that is put in the die.
The quality of resin.
The control of vacuum to allow the resin to come into the die.
The quality of the beeswax that is reused from one piece to another.
The length of time that the piece is allowed to solidify.
The temperature that is used to melt out the core.

Design Stresses

Designers should be made aware that the stresses advertised in the
sample ASTM bars will not necessarily be equivalent to the stresses of
the molded piece. This will be verified by the molder as well as the mate-
rial supplier. When designing with metals, a designer can use the same
stress throughout the piece; however, this is not the case with nonmetailic
parts, When designing the casing, it is advisable to use different stress
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levels for the suction nozzle, discharge nozzle, volute, and the wall of the
casing. This also applies to the tensile, compression, and hoop stress.
Likewise, the modulus of elasticity that is used for the design will change
from one process to another. Experience has shown that design values of
the actual piece or structural part may be Vs to Vio.that of the test bar.
The modulus of elasticity is between 1 to 2 million.

Pressure vs. Temperature

Unlike metallic pumps, there are no standards for pressure-tempera-
ture ratings of the flanges. Presently, the ratings change from manufac-
turer to manufacturer and material to material. Good design practices
have demonstrated that the pressure reinforced vinyl ester capability at
ambient temperature of the flanges can be equivalent to that of the metal
flanges using the same dimensions as the metal flanges. The pressure-
temperature gradient is a linear factor and basically degrades above
1QO°E

Because heavy wall vinyl ester material is a good insulator, the temper-
ature gradient from the liquid side of the pump case to atmosphere is bas-
ically 100°F. This is based on tests of heat soaking the vessel for 24
hours. This allows the manufacturer to pump higher temperatures with-
out excess bearing temperatures. This is also good for the user since
there will be little loss of heat from the fluid while passing through the
pump,

NPSHR

As with metallic pumps, NPSHR is established by using 3% head loss
as a criterion. However, it should be recognized that pumps operating at
3 % drop in head or relatively close to this mode of operation in incipient
cavnation. Where damage might not be apparent on metallic pumps, it
will be observed after a period of time on nonmetallic pumps. It is sug-
gested that the NPSHR offered by the manufacturer be 3 to 5 feet higher
than metallic pumps in order to give equivalent life to the nonmetallic
counterparts.

General Construction of Nonmetallic Pumps

Most nonmetallic chemical pumps presently being offered for the same
hydraulic range as the ANSI pumps are being built to the ANSI dimen-
sional standards envelope. Consequently, most manufacturers are using
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the same support head and bearing housing construction as on the metal-
lic pumps. This allows the user to be able to interchange the bearing
housing parts from metallic pumps to nonmetallic pumps. To obtain addi-
tional strength, some manufacturers employ back-up rings that are either
separate pieces bolted to the support head or they have support heads that
include a back-up ring. The nonmetallic pumps were initially designed
with integral nozzles, but there were many molding problems. Some
manufacturers resorted to molding separate nozzles and then either
molded them to the casing or adhered them to the casing. This was found
to be a problem when applying external nozzle loads. With the advance-
ment of materials and dies, many manufacturers now mold the nozzle
integral with the casing without incurring nozzle loading problems. Be-
cause the materials have moduli that are between Vis and Vso that of stan-
dard metallic materials, it is advisable not to put excess nozzle loadings
on. composite casings.

Nozzle Loading

There are no standards for the nozzle loads on ANSI pumps, and the
manufacturer's specifications are usually referred to for the maximum
load. The criterion used by the manufacturer for maximum nozzle loads
is usually the movement on the coupling end of the shaft. This may be
.0050 to .0100 depending on the size of the pump. This deflection can be
caused by:

» The movement of the entire assembly when load is put on.
* Movement of the feet of the casing relative to the bedplate due to the

friction force between the two.
* The movement of the bearing housing relative to the bedplate.
* Internal movements causing rubbing of the impeller against the casing.
» Deflection of the bedplate surface relative to the driver shaft.

With nonmetallic pumps the allowable nozzle loads are much less than
with the metallic pumps because the casing feet move or deflect under a
much lighter load. When nonmetallic beds are employed with either a
metallic or nonmetallic pump, the movement of the top surface of the bed
is the weak member of the assembly resulting in low allowable nozzle
loads. This will occur if the bed is grouted or ungrouted, especially if the
force is along the X axis or a moment around the Z axis.
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Bolting

As threaded studs will impose tension in the composite case during as-
sembly, it is preferable to use through bolting. This leaves the casing in
compression rather than in tension. When through bolting cannot be
used, the bolts or studs are fastened into stainless steel or alloy inserts
and are molded into the piece. The inserts are gnarled and grooved on the
outside diameter to prevent twisting or pulling within the piece when
torque is applied to the fastener. The inserts are usually a class 3 fit on the
inside diameter for the fasteners. A blind end insert is used to give a posi-
tive stop for tiie studs. When inserts are used, it is best to mold them
within the piece rather than post insert them. When they are molded in
the piece they should be located at least Vs in. below the finished surface
so that when machining is being done, the cutting tool does not have an
interrupt cut against the insert resulting in weakening of the mounting of
the insert. When inserts are used, care has to be taken by the designer
that there is proper flow of the composite material to avoid a path for
leakage during hydrostatic testing.

Gaskets

With nonmetallic pumps, most main gaskets are O-rings, These can be
either round or square cross sectional O-rings. O-rings result in less bolt
loading on the main bolts. If gasket surface requires final machining,
then it is recommended that the surfaces be coated with the base resin to
prevent wicking of the pump fluid through the exposed ends of the glass
reinforcement resulting in leakage of the gasket.

Sack-up Support for Bolting

To reduce the bolt head or nut loading, it is recommended that when
washers are used their diameter should be at least three times the diame-
ter of the bolt. Casing covers usually have inserts for the gland studs as
well as inserts for jacking bolts to aid in the disassembly of casing cov-
ers. Inserts require optimum strength to absorb radial and axial forces
and must be compatible with the atmospheric conditions and in many
cases with the liquid being pumped.

Stuffing Box Area

If the glands are made of a composite material, they must be capable of
withstanding the torque that is applied without creeping. Depending
whether an inside or outside seal is used, the gland may need additional
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reinforcing with either a metallic back up or extra strength reinforcing
cloth. When designing the stuffing box area, the heat transfer of the in-
jection fluid around the seal should be considered. The larger this area,
the better the life of the mechanical seal.

The shaft sleeve can be a separate piece that is usually made by injec-
tion molding or it can be made integral with the impeller. There are ad-
vantages and disadvantages to both. When integral with the impeller, the
entire impeller sleeve mechanism needs to be replaced if something goes
wrong with the sleeve. When a separate shaft sleeve is used, there is an
additional sealing surface between the impeller and the sleeve to prevent
fluid from coming in contact with the shaft. When using nonmetallk
sleeves, mechanical seals with teflon wedges should not be employed be-
cause of the excess fretting. Also, the designer has to be concerned with
the extrusion from holding force of set screws on soft nonmetallic
sleeves. Split clamping rings using a radial type of set screw are some-
times used to prevent damage to the shaft sleeve.

Mechanical Seals

Because of the corrosive properties of the fluids being used within
nonmetallic pumps, many pumps use outside mechanical seals. As a re-
sult, the only wetted pieces are the stationary seat and the compatible ro-
tating surface. The remaining springs and secondary seals are external to
the stuffing box. However, care should be taken that if an outside seal
fails it could be catastrophic. It is recommended that a seal guard be em-
ployed when outside mechanical seals are used. This subject is discussed
in detail in Chapter 17.

Impellers

Many of the materials that have to be used for the liquids being pumped
cannot be readily adhered or mechanically attached to themselves.
Therefore, it is difficult to obtain closed impellers and consequently,
most impellers are open vane design. Another basic problem with the
nonmetallic pumps is the attachment of the impeller to the shaft. Depend-
ing on the speed and horsepower, most nonmetallic pumps use more than
one key for attachment due to the stress levels of the material. Many im-
pellers are attached by using threaded inserts that are molded within the
impeller. The problem here is that care has to be taken that excess stress
doesn't occur around the surface of the molded insert that would result in
a weak surface between the two materials. Another method of attachment
is a multi-keyed or polygon shape that does not require an internal insert
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because the stresses of the material are distributed throughout its circum-
ference relative to the shaft surface. The disadvantage of the polygon at-
tachment is that there are more surfaces that have to be sealed to prevent
external fluid from attacking the shaft.

The sealing of the impellers with either the insert or a polygon fit is
similar to that used in the metallic pumps. Most manufacturers will em-
ploy the same sealing mechanisms for the two types.

Nonmetallic Immersion Sump Pumps

Typical applications include wet pit chemical waste handling, effluent
handling, and liquid transfer operations where broad corrosion resistance
is required. These pumps are made of the same basic materials as hori-
zontal nonmetallic pumps, either vinyl ester or epoxy. The hydraulics
cover the same basic range as the horizontal pumps and in many cases,
the casing impeller, and casing cover are the same parts as used in the
horizontal pumps.

The shaft material is 316, alloy 20, Hastelloy B or C, or titanium, de-
pending on the liquid being pumped. Optional shafts of 316 coated with
various materials such as kynar are also available. The use of pultruded
nonmetallic shafts is being investigated to eliminate all metallic parts for
this type of application.

The column supporting the wet end to the mounting plate is a one-piece
construction with inserted bearings or a multi-construction of short col-
umns with flanges and the bearing support sandwiched between the
flanges of the column. The column material is usually the same base ma-
terial as the pump and impeller. The bolting of the casing and the col-
umns can be of a nonmetallic material compatible with the fluid.

Bearings are made out of teflon or carbon with spiral flutes. The lubri-
cation is either external or clean product lube. Clean liquid for lubrica-
tion is one that has less than 5 micron particle size. The lubrication to
each bearing should be at least one half GPM at 160°F temperature or
less and at a pressure of approximately 25 psig. Carbon bearings are fur-
nished when external lubrication or injection pressure is not adequate,

Figure 15-20 shows when to supply carbon or teflon bearings based on
particle size in the fluid and the flush pressure available to these bear-
ings. It also shows when cyclone separators are required and what flow
for a given flush pressure is obtainable from the separators. The lower
bearings are usually twice as long as the line bearings to absorb the radial
thrust developed by the impeller. A gap or relief hole is placed between
the throat bushing of the casing cover and the bearing itself so that dirty
liquid under pressure will be relieved of pressure and not be forced into
the bearing clearances resulting in short life.
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BEARING APPLICATION CHART - PRODUCT LUBE

Particle Six* (2)
-CIO Micron (Clean)

>• 1 0 Micron
<: 400 Mesh (Fine)

>• 400 Mesh
< 20 Mesh (Coarse)

Rush Pressure (1)

> 10 PSIG

Carbon

Carbon

Note 3

>16PSIG

Teflon

Carbon

Carbon (4|

> 25 PSIG

Teflon

Teflon

Teflon (4)

1. Discharge pressure at mounting plate. Min flow of % GPM per bearing is re-
quired. % GPM is recommended,

2. Particle sizes are as follows:
10 micron - .0004 in.
400 mesh (fine) - .0015 in.
20 mesh (coarse) * .0328 in.

3, Exttrnat flush only at 25 PSIG (Teflon bearings)
4, Cyclone separators required. Refer to chart below.

Figure 15-20. Bearing and lubrication for nonmetallic vertical sump pumps.

A lip seal or closure is installed in the mounting plate where the shaft
passes through preventing gases and vapors from escaping out of the
sump. If the sump is under pressure or has toxic fluid, a mechanical seal
is employed. Likewise, a gasket is placed between the mounting plate
and pit cover. A strainer is placed at the bottom of the casing. It is made
out of a polypropylene material, the net area of which should be three
times the entrance area of the suction nozzle.
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Driver

The pump shaft is connected directly to the motor by a rigid adjustable
coupling, and in-line motors are used to absorb the axial thrust. If a nor
mal thrust motor is used, then a separate thrust bearing is used within the
support head to absorb the axial thrust.

Level Controls

With chemical sump pumps, the level control is usually encased to pre-
vent the fluid from coming in direct contact with the switching mecha-
nism.

Stilling Tubes

If it is anticipated that swirl or vortexing will exist within the sump, the
level controls are mounted within a stilling tube that indicates the true
level of the liquid within the sump.

Mounting Plates and Pit Covers

These plates are made out of the same base material as the pumps. De-
pending on the size, the pit covers may require reinforcement of steel
angles or channels. These steel pieces are encapsulated so they are not
exposed to the atmosphere.

Processes

Chemical pumps handle a variety of liquids that could be concentrated,
diluted, or just a trace. The concentration could be from 5% to 50% or
the liquid could be in parts per million. Temperature could be hot or cold,
and a pump can be sold to handle maximum, minimum, or normal tem-
perature. The range of temperature could cause thermal shock and can
vary as much as 150°F from the cold to hot application. The rate of activ-
ity of the fluid changes approximately two to three times for each 18°F
change in temperature. The liquids could have either an alkaline or acidic
pH level. Liquids may contain solids that might cause erosion, corrosion,
or settling problems that would result in clogging. The liquid may have
entrained air that would make a reducing solution into oxidation or it
could have inhibitors to reduce corrosion or accelerators to increase cor-
rosion. The impurities could lead to something called discoloration or so-
lution breakdown.

Final pump material selection is a collective decision based on input
from the pump designer, plant operator, material supplier, and available
technical literature.



324 Centrifugal Pumps: Design and Application

Pump Corrosion

The types of corrosion encountered in a chemical environment fall into
eight typical categories.

• General uniform corrosion at a uniform rate over entire surface, either
very slow or very rapid.

« Crevice corrosion that is a localized form from small stagnant solutions
in areas such as threads, gasket surfaces, or drain holes. Crevice corro-
sion is caused by a differential in concentration of metal ions and oxy
gen added to the main body. This causes an electrical current to flow,
causing the damage.

• Pitting is localized. It is manifested as small or large holes usually pro-
duced by chlorines.

• Stress—corrosion occurs at cyclic stress on shafts.
• Intergranular corrosion—usually occurs in the presence of heat.
• Galvanic action.
• Erosion-corrosion—corrosion plus mechanical wear such as cavita-

tion.
• Selective—mat is, leaching corrosion or degraphitization usually not

found in chemical pumps.

Pump Materials

The typical material of construction to combat corrosion is either a 304
or 316 stainless steel that is superior to austenitic or ferritic steels. Other
materials would be composite plastic such as PTFE and FEE Usually fi-
ber reinforced plastic is used for strength and chemical resistance. This
includes vinyl esters, epoxies, polypropylenes, and phenolics. Ceramic
or glass is avoided because of low mechanical properties.

Some of the process liquids found in chemical plants are listed along
with pump materials used in the various environments.

Chlorine

• 65% of the chlorines are used for organic chemicals such as vinyl chlo-
ride, pesticides, fluorcarbons.

• 15% of the chlorines are used for producing pump and paper.
• 10% is for inorganic chemicals.
• The remaining 5% is for sanitation, potable water, and waste water that

are used in municipal water works and sewage plants.
• 50% of caustic soda is used for the chemical industry.
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• 15% is pulp and paper.
• The remaining is in aluminum, rayon, cellophane, petroleum, soaps,

and foods.

The elecrolytic plants produce chlorine and caustic soda using a range
of 250 to 1000 GPM and about 20 to 30 pumps. They also have 15 to 20
peripheral transfer pumps for hydrochloric acid, diluted H2SO4, and so-
dium hypochlorite. These plants use pumps of titanium, nickel alloys,
cast iron alloy 20, CD-4MCu, and nonmetallics such as vinyl ester.

Sodium-Hypochlorite

NaOCl is a byproduct of the chlorine and caustic process. It is found in
the bleach plants of paper mills with a concentration of 12% to 20%, in
commercial bleach such as household Chlorox, and OEMs for swimming
pool chlorination. The electrolysis of sea water (brine) with a concentra-
tion of 1 % to 3% is used for bleach plants, pulp mills, bleach plants for
textile mills, and municipal waste treatment to kill bacteria. These plants
use large amounts of sea water for cooling to prevent pipes from fouling
with algae. It is also used in the pretreatment of desalinization intake and
the pretreatment of secondary recovery brine in oil production. Pumps
are alloy 20, titanium, and nonmetallic.

Hydrochloric Acid—HCI

Also known as muriatic acid, it usually requires Hastelloy B or tita-
nium pumps. The primary consumption is pickling of steel for use with
oil well acidizing where acid increases the permeability of wells by dis-
solving part of the limestone and dolomite formations. High purity alu-
minum chloride produced by aluminum hydroxide and HCI is used in
pharmaceutical and cosmetic usage.

In food processing, HCI is used in the manufacture of sodium sluta-
mate and gelatin for conversion of cornstarch to syrup or adjusting the
pH value in breweries.

Sulfuric Acid—H2SO4

With a 97% concentration, cast iron pumps are used. Eighty percent or
less concentration is either alloy 20 or vinyl ester nonmetallic pumps. It
has a very high boiling point, therefore a minimum loss is incurred at
elevated temperatures. It is an excellent drying agent in the manufacture
of chlorine gas. It is used for making fertilizers and explosives.



326 Centrifugal Pumps: Design and Application

Ferrous and Ferric Chloride

This is a byproduct from acid pickling of iron and steel. It is used for
etching reagent in copper clad printed circuit boards, for electronics, or
as a chemical coagulant for water treatment on waste water. The pumps
are either titanium or vinyl ester.

Chlorinated Hydrocarbons

Chlorinated hydrocarbons are used to produce PVC, chloroform, car-
bon tetrachloride, solvents, flame retardants, insecticides, adhesives,
Pharmaceuticals, metal cleaning, and dry cleaning. The pumps are usu-
ally 316 or ductile iron.

Ethylene and Propylene Glycol

Ethylene glycol is permanent antifreeze. It is also used in alkaline res-
ins for coating in brakes, shock absorbers, and latex paints. Propylene
glycol is used in the manufacture of unsaturated polyester resins. It is
used to make cellophane, tobacco moisture retention material, brake flu*
ids, and food additives. These pumps are either 316 or ductile iron.

Synthetic Glycerine

It is used for making resins, cosmetics, cellophane, tobacco, food bev-
erages, and explosives. The pumps can be nonmetallic material.

Corn Syrup

Used in corn oil process. Usually 316 or nonmetallic materials.

Dyes

Used for such things as the ink in ball point pens and dying silk and
wools. Usually nonmetallic pumps.

Pesticides

Insecticides such as malathion for controlling insects; herbicides for
controlling plant growth. These materials are solvents and nonmetallic
pumps are usually not suitable for this application.
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Sodium Chlorite—Na CIO3

This is used for bleaches, herbacides, explosives, and rocket fuels.
Pumps can be in 316 or nonmetallic.

Pulp and Paper

Sulfite process: usually acids and bleaches. Sulfate (which is Kraft) is
used in making strong cardboard containers and wrappings. Usually use
titanium or vinyl ester pumps.

Metal Finishing

Electronic plating, cleanings such as oil, rust, and scale. Usually use
ductile iron pumps. Plating usually use nonmetallic pumps to prevent
stray currents. Waste treating of the vent plating baths are usually 316 or
eonmetallic pumps.

Carbon Steel Pickling

Sulfuric acid was replaced by hydrochloric acid to give a better finish.
Use 316, alloy 20, or nonmetallic pumps.

Stainless Steel Pickling

Nitric hydrofluoric acid solutions process is not suitable for nonmetal-
lic pump application.

Oesalinization and Water Purification

Desalinization and water purification are done through distillation or
reverse osmosis. Usually a simple plant used for marine or power plants
is used for distillation. The size of the plant can be scaled up or down. It
can tolerate a wide latitude of feeder water quality, but requires high tem-
peratures and results in more corrosion and more maintenance. It is usu-
ally only efficient using low pressure steam. The temperature is from
70° to 250°F with a vacuum as low as 25 inches of mercury. The pumps
are usually 316 or alloy 20.

The reverse osmosis process using a membrane is simple, compact,
more efficient, and uses ambient temperature. The membranes are sensi-
tive to metal pick ups. It can purify dirty well water, brackish water with
200 to 600 psi. If it is used for desalinization of salt water, the pressures
are from 800 to 1000 psi. Miscellaneous pumps can either be 316 or non-
metallic.
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Secondary Oil Recovery (Waterflood)

When no convenient surface water is available, deep well turbine
pumps are used to pump the water containing calcium sulfite to the sur-
face. This is filtered or chemically treated before reinjection to prevent
clogging of the pores in oil sand. The oil and brine mixture then comes to
the surface where it is separated. The water is a corrosive brine with hy-
drogen sulfide from the contact with oil. The brine is chemically treated
and filtered for reinjection or disposed of as waste. Chemical pumps of
316 or nonmetallic can be used to transfer the brine.

Mining—Copper Leaching and Uranium Solvent Extraction

Copper ore is normally less than 1 % copper. Flotation or leaching or
solvent extraction is used to upgrade the ore. Copper emerges as a copper
sulfate and then is pumped to an electrolytic cell where it is plated out.
Pump material, either 316 or nonmetallic, is used at ambient tempera-
ture.

For uranium, a solvent extraction is settled and filtered. The clarified
solution is mixed with kerosene and organic amines. The solution is
stripped and uranium is precipitated as uranium oxide. Nonmetallic
pumps or 316 for low head or ambient temperature are used.

Industrial Waste Treatment

These vary with great quantities due to the nature of the product and
process that they drain. The range of fluids is from a discharge of great
volumes of cooling to small but concentrated baths of inorganic or or-
ganic substances. The pump material is of ductile iron, 316, or nonmetal-
lic. Some of these waste treatments are wastes containing mineral im-
purities, steel pickling, copper bearing wastes (where very small
amounts of copper—less than 1 mg per liter—will interfere with life in a
stream or biological sewage treatment works). Wastes containing chro-
mates or cyanides are used for electroplating and electrolytic operations
where the maximum is less than 1 mg per liter. They are also used for gas
and coke plant wastes, oil-field brines (which are petroleum refinery
wastes, mining wastes, or wastes containing organic impurities). They
are also used for milk processing, meat packing, brewery and distillery,
vegetable and fruit processing, textiles (such as wool, cotton, silk, linen,
and dyes), laundries (which have soap, bleaches, dirt and grease), tanne-
ries, and paper mills (which have black, green, and white liquors). The
pumps could be ductile iron, stainless, alloy 20, titanium, or nonmetal-
lic.
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Material Selection

A selection of corrosion resistant materials is shown on Table 15-4.

Table 15-4
Thermoplastics Corrosion Resistance Guide

Key: A Acceptable Q Questionable NR Not Recommended__

My- 200°F 200°F Alu-
Phenylene 200°F 2QO°F 2QO°F My- 200°F 2(XJTMycar-316Cartx>nmiiiam

Media Sulfide Rsnton Kynar Teflon sulfone Noryl Nylon bonate SS Steel 3003
200°F
R>ly- 2QO°F 200°F Aki-

Phenytene 200°F 200°F 200°F R>ly- 200°F2(X)TB3lycar-316Cartxminmum
Media Sulfide Penton Kynar Teflon sulfone Noryl Nylon bonate SS Steel 3003

* Polyphenylene mlfide grades containing glass fiber and/or mineral fillers will be less chemical
resistant than indicated.

Information taken from Phillips Petroleum Corrosion Resistance Guide
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Shaft Design

The pump rotor assembly consists of the shaft, impellers, sleeves,
bearing or bearing surfaces, and other components such as balancing
disks, shaft nuts, and seals that rotate as a unit. The primary component
of the rotor assembly is the shaft. The pump shaft transmits driver energy
to impellers and consequently to the pumped fluid. This section will be
concerned primarily with the sizing of the pump shaft.

The pump shaft is subject to the combined effects of tension, compres-
sion, bending, and torsion. As a result of the cyclic nature of the load,
when shaft failures occur they are almost exclusively fatigue-type fail-
ures. Therefore, the first consideration in sizing the shaft is to limit
stresses to a level that will result in a satisfactory fatigue life for the
pump. The degree of detail involved in the stress analysis will be depen-
dent upon the intended application of the pump. The analysis can be a
simple evaluation of torsional shear stress at the smallest diameter of the
shaft or a comprehensive fatigue evaluation taking into consideration the
combined loads, number of cycles and stress concentration factors.

Sizing the shaft based on stress is not the only consideration. Shaft de-
flection, key stresses, fits for mounted components, and rotor dynamics
must be evaluated by the designer. The analytic tools available range
from simple hand calculations to sophisticated finite element computer
programs. The following sections are intended to present the fundamen-
tal considerations with which the designer can begin the design of the
pump shaft. In some situations, satisfying these fundamental require-
ments can be considered adequate for a complete shaft design. In other,
more critical services, further analysis is required before finalizing the
design.
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Shaft Sizing Based on Peak Torsional Stress

The stress produced in the shaft as a result of transmitting driver en-
ergy to the impellers is torsional. A simple technique for sizing pump
shafts is based on limiting the maximum torsional stress to a semi-empiri-
cal value. The limiting-stress value is based on the shaft material, operat-
ing temperature, and certain design controls on key way geometry, diam-
eter transitions, and type of application. Since only one stress value is
calculated due to one type of load, the limiting stress is obviously kept
low. Typical values range from 4,000 psi to 8,500 psi. With this method
of shaft sizing, no attempt is made to calculate the effects of stress con-
centration factors, combined stresses resulting from radial and axial
loads, or stresses due to start-up and off-design conditions.

The peak torsional stress is equal to the following;

The torque is calculated from the maximum anticipated operating
horsepower. Special attention should be given to pumps operating with
products having a low specific gravity. Shop performance testing will
generally be conducted with water as the fluid, and overloading the shaft
may occur; hence, performance testing at reduced speed may be re-
quired. The shaft diameter used for calculating the stress should be the
smallest diameter of the shaft that carries torsional load. For most cen-
trifugal pumps the shaft diameters gradually increase toward the center
of the shaft span. This is necessary to facilitate mounting the impellers.
As a result the coupling diameter tends to be the smallest diameter carry-
ing torsional load. It is a good design practice to ensure that all reliefs
and grooves are not less than the coupling diameter. On some designs,
such as single-stage overhung pumps, the smallest shaft diameter is un-
der the impeller, in which case, this diameter shall be used for calculating
shaft stress. Reliefs and groove should not be less than this diameter,

Example
Determine the minimum shaft diameter at the coupling for a 4-stage

pump operating at 3,560 RPM where the maximum horsepower at the
end of the curve is 850 bhp. Use 4140 shaft material with a limiting
stress value of 6,500 psi.

Solution
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Solving for D:

For design round up to nearest Vs-in. increment: D = 2.375.

Example

A 2-stage pump has been designed with a 25/8-in. shaft diameter at
the coupling. The maximum horsepower at 3,560 RPM is 900. What is
the maximum operating speed for a limiting stress of 7,000 psi?

Solution

Using the pump affinity laws described in Chapter 2:
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Substituting and solving for N:

Shaft Sizing Based on Fatigue Evaluation

Pump shafts are subjected to reversing or fluctuating stresses and can
fail even though the actual maximum stresses are much less than the yield
strength of the material. A pump shaft is subject to alternating or varying
stresses as a result of the static weight and radial load of impellers, pres-
sure pulses as impeller vanes pass diffuser vanes or cutwater lips, driver
start-stop cycles, flow anomalies due to pump/driver/system interaction,
driver torque variations, and other factors. In order to perform a fatigue
analysis, it is first necessary to quantify the various alternating and
steady-state loads and establish the number of cycles for the design life.
In most cases, the design life is for an infinite number of cycles; how-
ever, in the case of start-stop cycles, the design life might be 500 or 1,000
cycles depending on the application.

Once the loads have been defined and the stresses have been calcu-
lated, it is necessary to establish what the acceptable stress values are.
The use of the maximum-shear-stress theory of failure in conjunction
with the Soderberg diagram provides one of the easier methods of deter-
mining the acceptable stress level for infinite life (Peterson; Shigley;
Roark). Since the primary loads on pump shafts are generally torsion and
bending loads, the equation for acceptable loading becomes:



Shaft Design and Axial Thrust 337

Where ra and era = alternating stress components
rm and om = mean stress components

Se = fatigue endurance limit for the shaft material cor-
rected for the effects of temperature, size, surface
roughness, and stress concentration factors

Sy = yield strength for the material at the operating tem-
perature

A safety factor is generally applied to Se and Sy to account for unantici-
pated loads. Equation 16-2 is applied at the location(s) where stresses are
the highest.

There are circumstances where it is not necessary to have infinite-life
for certain loads. The designer must review all the operating modes and
possible upset conditions before a load is classified as a finite-life load.
Loads that might be placed in this category are start-stop cycles, and off-
design flow, speed, or temperature transients. If the event has an antici-
pated occurrence of less than 1,000 cycles, it can be considered as a static
load with no effect on fatigue life, providing the stresses are less than the
material yield strength. For loading conditions of more than 1,000 cy-
cles, but less than 107 cycles, the designer has the option to perform a
cumulative fatigue damage analysis.

Example

It has been determined that the maximum stresses occur at an impel-
ler-locating ring groove shown in Figure 16-1. The steady state torque
is 28,(XX) in.-lb. The bending moment due to radial hydraulic load is
10,700 in.-lb. Due to axial thrust, there is a tensile force in the shaft of
20,000 Ib. Are the stresses at the locating ring acceptable?

Solution

The steady-state loads are the torque and axial load. The alternating
bending stress is:
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Figure 16-1. Shaft section.

Yield strength of 4140 steel is 80,000 psi.
The endurance limit for 4140 steel is 52,500 psi. This limit must be
adjusted to account for the service condition (Shigley).

For 99% reliability use Kc = .814. For ground surface finish use Ka
= .9. For stress concentration due to locating ring groove radius:

where Kt is the stress concentration factor from Peterson.
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Torsional stress:

Axial stress:

Hence from Equation 16-2:

Stresses are satisfactory.
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Figure 16-2. Schematic representation of horizontal overhung pump.

Shaft Deflection

Shaft deflection calculations are usually performed on single-stage
overhung pumps to establish a relative measure of shaft stiffness. Deflec-
tion calculations are also performed on horizontal multi-stage pumps
when the potential of galling at wear ring or sleeves exists during start-up
or coastdown. The calculation for single-stage overhung pumps assumes
that the loading on the shaft consists of weight (for a horizontal pump)
and the dynamic radial thrust due to the pump hydraulics.

Figure 16-2 schematically represents a typical horizontal overhung
pump (Figure 16-3). The deflection at any point along the shaft between
the impeller and the radial bearing can be calculated from the following
equation.

This equation does not account for any support the shaft might receive
from the hydrostatic stiffness at the impeller wear rings and shaft throttle
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bushing. The deflection calculated by this formula is conservative and
should be used for relative comparisons; the actual value will be less.

The calculation of shaft deflection for a horizontal multi-stage pump is
complicated by the fact that the distributed weight of the shaft as well as
the concentrated weight of the impellers must be accounted for. A
method of approximating the shaft deflection can be found in Stepanoff.

Key Stress

A simple but important part of shaft design is calculating key stress. In
most centrifugal pumps, driver torque is transmitted across the major

Figure 16-3. Single-stage overhung pump (courtesy BW/IP international, inc.
Pump Division, manufacturer of Byron Jackson/United1" Pumps).
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component interfaces by means of a shear force applied to a key (e.g.
driver shaft to driver half coupling hub; pump half coupling hub to pump
shaft; and pump shaft to impeller). The general practice is to use a square
key which has a height equal to one-fourth of the shaft diameter. (See
ANSI-B17.1). The length of the key is determined by the strength re-
quirements and the length of the hub. The strength of the key is evaluated
by calculating the bearing and shear stress, assuming that the forces are
uniformly distributed along the length of the key.

Example

For a pump with a 27/s~in. diameter shaft at the coupling and a maxi-
mum horsepower of 1,580 at 3,560 RPM, determine the coupling key
size. Shaft material is 4140 and the coupling key is 316 stainless steel.

Solution

The mechanical properties of the key material are lower than that of
the shaft, so it will be adequate to only examine the key.

The torque to be transmitted from the driver is:

The force on the key is:
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Key section:

Using diameter divided by 4 as a rule of thumb, a 3/4-in. square key
will be used.

Shear stress:

• 316 stainless steel.
• Yield Strength = 30,000 psi.
« For shear use .5 x 30,000 = 15,000 psi.
« With a safety factor of 1.5, the design stress should be 10,000 psi.
« Key shear area = Width x Length.

Shear stress is:

Hence

Shaft Design, and Axial Thrust

Use 2%

See Figure 16-4 for a graphic illustration of the solution to this ex-
ample.

Axial Thrust

In a centrifugal pump, axial thrust loads result from internal pressures
acting on the exposed areas of the rotating element. These pressures can
be calculated; however, such values should only be considered approxi-
mate, as they are affected by many variables. These include location of
the impeller relative to the stationary walls, impeller shroud symmetry,
surface roughness of the walls, wear ring clearance, and balance hole ge-
ometry. Calculated axial thrust is therefore based on a number of as-
sumptions and should only be considered an approximation.
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Figure 16-4. Coupling key.

In the methods of calculation described in this section, it is assumed
that single- or multi-stage pumps will have ]/4-in. end play in either direc-
tion and that the impeller centerline will be located in the center of the
volute, within reasonable limits (say ± '/32 in.)- It is also assumed that
impeller profile is symmetrical and that the pressure on front and back
shroud is equal and constant from the impeller outside diameter to the
ring diameter. For simplification, parabolic reduction in pressure is ig-
nored and the axial thrust calculations shown assume an average pressure
acting on the impeller shrouds of 3/4 PD.

On critical pump applications, it is recommended that performance
testing include a thrust test. A thrust testing device mounted on the exist-
ing bearing housing will measure magnitude and direction of thrust by
means of an inboard and outboard load cell. In addition, pressure sensing
holes should be drilled through case and cover to record accurate pres-
sure readings acting on the various parts of the rotor. Should the mea-
sured thrust be unacceptable, internal diameter changes can be analyzed
and modified to reduce thrust to an acceptable level. This procedure is
also useful for field observations on pumps experiencing thrust bearing
problems and removes any doubt if in fact the problem is a result of ex-
cessive thrust.

Approximate methods of calculation for various pump configurations
are now described.
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Double-Suction Single-Stage Pumps

Theoretically double-suction pumps with double-suction impellers are
in axial balance due to the symmetrical mechanical arrangement. If the
flow approach to the impeller is also symmetrical, there is no need for
thrust bearings. However, as minor mechanical or casting variations will
cause axial unbalance, small capacity thrust bearings are normally sup-
plied,

If symmetry of this type of pump is violated by relocating the impeller
away from volute center, the developed pressure above the impeller rings
on either side of the impeller will not be the same and substantial axial
thrust will be developed. The amount of thrust will vary directly with
axial displacement.

Single-Suction Single-Stage Overhung Pumps

Single-suction closed or open impellers have different geometries on
either side of the impeller and thus develop substantial axial thrust. Cal-
culating this thrust requires analysis of the different design variations
normally used in commercial pumps.

Closed impeller with rings on both sides and balancing holes in back
shroud. Balance holes through the impeller allow liquid leaking across
the wear ring clearance to flow back to the suction side of the impeller.
This aids in reducing thrust as the pressure behind the balance holes will
be less than the pressure above the wear ring but greater than the suction
pressure. Many simplified axial thrust calculations assume the pressure
behind the balance holes to be the same as suction pressure; however,
testing on small process pumps has shown this pressure to range from 2%
to 10% pump differential pressure, depending on balance hole geometry.
The calculation method shown in Figure 16-5 assumes liberal clearance
holes with the hole area being a minimum of eight times the area between
the wear rings. In the event that jetting action of leakage behind the back
ring clearance creates a wear pattern on the back cover, it is often neces-
sary to install a hardened ring on the pump cover,

Closed impeller with front ring only. All things being symmetrical, this
impeller is axially balanced from the impeller outside diameter down to
the suction ring diameter. Below this, there is an unbalance force acting
on the area between the suction ring and the shaft sleeve. For the calcula-
tion method see Figure 16-6.
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Figure 16-5. Axial thrust on single-suction closed impellers with balance holes.

Closed Impeller with front ring and back balancing ribs. Where it is
not desirable to design the impeller with a back ring, axial thrust can be
balanced by designing integrally cast ribs on the back of the impeller
shroud. A gap between rib and cover of 0.015 in. maximum, permits the
liquid to rotate at approximately full impeller angular velocity, thus re-
ducing the pressure on the impeller back shroud over the area of the rib.
This method of balance is not very accurate or positive. If the gap is in-
creased, the pressure acting on the back shroud increases, resulting in
higher axial loads. Experience has shown that this type of impeller is less
efficient than one with a back ring. Axial thrust can be estimated as
shown in Figure 16-7.
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Figure 16-6. Axial thrust on single-suction closed impellers with no rings on
back side.

Semi-open impellers. Depending on level of thrust, semi-open impel-
lers can be designed with or without back ribs. Pumps of this type are
quite often troublesome and inefficient. The gap between the open vane
and liner must be carefully controlled at assembly, as any increase in this
gap will affect the head developed by the pump. The problem is com-
pounded when the back rib is added, as gaps on each side of the impeller
must be controlled. Methods for calculating axial thrust are shown in
Figures 16-8 and 16-9.

Multi-Stage Pumps

Axial thrust becomes more important with multi-stage pumps, because
of the higher developed pressure and combined thrust of several stages.
Impeller arrangement will normally be back to back for volute-type
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Figure 16-7. Axial thrust on single-suction closed impeller with ribs on back
side,

pumps and stacked (all impellers facing one direction) for difftiser
pumps.

Back-to-back impellers. This arrangement simplifies axial balance for
an odd or even number of stages. In this design there are two locations on
the rotating element that break down half the total pump head. One is the
center bushing between the center back-to-back impellers, and the other
is the throttle bushing in the high-pressure stuffing box. Sleeve diameters
at these locations can be sized to provide axial balance for any number of
stages.
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Figure 16-8. Axial thrust on single-suction open impellers without ribs on back
side.

It is recommended that the element maintain a small unbalance (mini-
mum 100 Ib) in one direction to lightly load the bearing and prevent
floating of the rotor. Normal wear of the original ring or bushing clear-
ance will not affect balance. It is recommended that all impeller rings be
the same size and on even-stage pumps that the center sleeve diameter be
the same as the sleeve diameters in each stuffing box. To balance an odd
number of stages, the simplest solution is to change only the diameter of
the center sleeve.
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Figure 16-9. Axial thrust on single-suction open impeller with ribs on back side.

Stacked Impellers. With all impellers facing in one direction, the area
between the last impeller and the high-pressure stuffing box is under full
discharge pressure. Pressure is broken down across a balance drum, with
the diameter of the drum sized for axial balance. Wear on the balance
drum will affect axial balance, therefore bearing rating should be sized
accordingly. On critical applications, particularly where a high rate of
erosion wear is anticipated, the permanent installation of load cells
should be considered.

The low-pressure side of the balance drum is piped back to suction, as
is the low-pressure side of the throttle bushing in the back-to-back ar-
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Figure 16-10. Increasing number of bleedoff lines reduces thrust.

rangement. This aids axial balance and subjects the inboard and outboard
mechanical seal to only suction pressure. It is essential that the bleed-off
line be adequately sized to transfer leakage back to suction without per-
mitting a pressure build-up in the stuffing box. Any such build-up of
pressure will have an adverse effect on axial thrust. If pressure build-up
is detected, or suspected, the bleed-off line should be increased in size or
additional lines added. This principle also applies to overhung process
pumps with balance holes, where the back pressure can be reduced by
increasing the size of the holes. The effect on thrust of a two-stage pump
with one and two balance lines is illustrated in Figure 16-10. Note, that
the thrust level and direction of thrust is not constant across the capacity
range of the pump. This tendency is typical of most pumps.

Notation

Shaft Design

TI Shear stress (psi)
r Torsional stress (psi)
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T Torque (Ib-in.)
r Radius of shaft (in.)
J Polar area moment of inertia (in.4)
P Power (ft-lb/sec)
w Angular velocity (rad./sec)
D

(with or
without

subscript) Diameter of shaft as indicated (in.)
N Speed (RPM)
M Bending moment due to radial hydraulic load (in.-lb)
1

(with or
without

subscript) Moment of inertia of shaft as indicated (in.4) = wD4
___

Se Endurance limit of mechanical element (psi)
S'e Endurance limit of rotating beam specimen (psi)
Ka Surface finish factor
Kc Reliability factor
Ke Stress concentration factor
A Area of shaft cross section (sq in.)

W Impeller weight plus radial thrust (Ib)
E Modulus of elasticity of shaft (psi)

A2 Distance from centeriine of impeller to centerline of
inboard bearing (in.)

B Bearing span centerline to centerline (in.)
X Distance from centerline of impeller to location on shaft

where deflection is to be calculated (in.)
bhp Brake horsepower

AI Key shear area (sq in.)
Y Deflection at any point on shaft (in.)
F Force (Ib)
L Useful key length (in.)

Wj Key width (in.)

Axial Thrust

A
(with

subscript) Area of cross section as indicated by subscript (sq in.)
= irD2/4.



Shaft Design and Axial Thrust 353

D
(with

subscript) Diameter of cross section as indicated by subscript (in.).
PD Differential pressure (psi).
Ps Suction pressure (psi).
T Net axial thrust (Ib).
T

(with
subscript) Axial thrust in direction as indicated by subscript. (Ib)

U
(with

subscript) Peripheral velocity at diameter indicated by subscript
(ft/sec) = D X RPM/229.

sp gr Specific gravity.
g 32.2 ft/sec2 (constant used in calculation for Figures 16-14

and 16-16)
7 Fluid density of water lb/ft3 (constant used in calculation

for Figures 16-14 and 16-16.
Fx Thrust due to momentum change (Ib)

= (Q2 x sp gr)/AE X 722
Q GPM
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by James P. Netze!
John Crane Inc.

The most common way to seal a centrifugal pump is with a mechanical
seal. The basic components of a mechanical seal are the primary and
mating rings. When in contact they form the dynamic sealing surfaces
that are perpendicular to the shaft. The primary ring is flexibly mounted
in the seal head assembly, which usually rotates with the shaft. The mat-
ing ring with a static seal, forms another assembly that is usually fixed to
the pump gland plate (Figure 17-1). Each of the sealing planes on the
primary and mating rings is lapped flat to eliminate any visible leakage.
There are three points of sealing common to all mechanical seal installa-
tions:

• At the mating surfaces of the primary and mating rings.
• Between the rotating component and the shaft or sleeve.
• Between the stationary component and the gland plate.

When a seal is installed on a sleeve, there is an additional point of seal-
ing between the shaft and sleeve. Certain mating ring designs may also
require an additional seal between the gland plate and stuffing box.

Normally the mating surfaces of the seal are made of dissimilar materi-
als and held in contact with a spring. Preload from the spring pressure
holds the primary and mating rings together during shutdown or when
there is a lack of liquid pressure.

The secondary seal between the shaft or sleeve must be partially dy-
namic. As the seal faces wear, the primary ring must move slightly for-
ward. Because of vibration from the machinery, shaft runout, and ther-
mal expansion of the shaft to the pump casing, the secondary seal must
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Figure 17-1. Mechanical seal,

move along the shaft. This is not a static seal in the assembly. Flexibility
in sealing is achieved from such secondary seal forms as a bellows, O-
ring, wedge, or V-ring. Most seal designs fix the seal head to the sleeve
and provide for a positive drive to the primary ring.

Although mechanical seals may differ in various physical aspects, they
are fundamentally the same in principle. The wide variation in design is a
result of the many methods used to provide flexibility, ease of installa-
tion, and economy.

Theory of Operation

Successful operation of a seal depends upon developing a lubricating
film and controlling the ffictional heat developed at the seal faces. When-
ever relative motion occurs between the primary and mating rings, trie-
tional heat is generated. Normally, cooling of the seal faces is accom-
plished by a seal flush. Many theories have been developed to explain the
formation of the lubricating film. These theories include the types of mo-
tion transferred to the seal, thermal distortion of the sealing plane, and
surface waviness of both the primary and mating rings (Figure 17-2).
The generation of a lubricating film is particularly important if the seal is
run for a long period of time without exhibiting any appreciable wear at
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Figure 17-2. Mechanical seal waviness for different conditions of operation,

the faces or any seal leakage. Surface waviness is believed to be the pri-
mary reason for the generation of a lubricating film. Despite the fact that
both seal faces are lapped flat, a very small amount of initial waviness
remains (Figure 17-2A). For a hard seal face like tungsten carbide, the
initial surface waviness will be 2 to 8 micro-inches. Softer seal face ma-
terials like carbon graphite would be within the range of 10 to 16 micro-
inches. As sliding contact occurs between the primary and mating rings
of the seal, frictional heat develops that increases the surface waviness of
each seal face from its initial value to some operating waviness. One of
the consequences of waviness is that the changes to the sealing surfaces
are not uniform. However, continuous operation without solid contact
between the seal faces is the result of an ideal wave formation for the
operating conditions of the seal. This also results in the development of a
lubricating film and a long life for the seal installation (Figure 17-2B).

Under certain conditions non-uniform heating of the seal faces may
lead to even more concentration of friction. Portions of the sealing sur-
faces will break through the lubricating film, resulting in solid contact
and increased frictional heat in localized areas. The formation of highly
stressed hot spots on the seal face will reduce the effects of the lubricat-
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Figure 17-2B. During operation without surface instability.

ing film and these spots will grow in intensity, generating still more heat.
This intense heat may cause the liquid being sealed to flash or vaporize,
resulting in unstable operation of the seal. Hie transition from a normally
flat condition to a highly deformed surface is called thermoelastic insta-
bility (Figure 17-2C).

During the mid-seventies, many experiments were conducted to deter-
mine if mis could be present in mechanical seals. Burton et al. (1980)
demonstrated this phenomenon by running a seal configuration against a
glass plate. Hot patches or spots appeared on the surface of the metal
primary ring. These spots moved through the entire circumference of the
seal. Movement of these spots is believed to be the result of wear. Confir-
mation of hot patches or spots on conventional materials used in mechan-
ical seals was determined by Kennedy (1984). Localized hot spots from
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thermoelastic instability has been observed under both dry and liquid lu-
bricated conditions.

Surface distress at a hot spot occurs because of rapid heating in opera-
tion, followed by rapid cooling. When a liquid film at the seal faces
flashes, the seal opens for an instant, allowing cool liquid into the seal
faces. This then heats up only to flash again until the surface cracks.
These thermo cracks are attributed directly to the high thermal stresses
near the small hot spot. When the seal faces are removed from the equip-
ment, the location of the distressed hot spots may not have any particular
relationship to the final surface waviness (Figure 17-2D).

Stable operation of a seal is achieved through control on surface wavi-
ness and thermoelastic instability. This is accomplished through cooling
and seal face design. Figure 17-3 illustrates waviness traces for a set of
3.94-inch mechanical seal faces run in liquid ethane for 3,056 hours
without any visible leakage. The pressure and shaft speed were 820 Ibs
in.^2 and 3,600 revolutions min"1. The temperature was 48°~60°F. The
surface waviness of the carbon ring is 75 micro-inches peak to peak,
while the tungsten carbide surface has a waviness of approximately 12
micro-inches. These traces are typical of a good running seal.

Figure 17-2C. During operation with instability.
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Figure 17-2D. After instability when sliding system comes to rest.

Figure 17-3. Wear of mechanical seal faces after 3056 hours of operation.
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Design Fundamentals

Seal Balance. This is the ratio of hydraulic closing area to seal face area:

where b = seal balance
&c = hydraulic closing area in.2

a0 = hydraulic opening area (seal face area), in.2

Seal balance is used to reduce power loss at seal faces from sliding
contact. If the load at the seal faces is too high, the liquid film between
the seal rings could be squeezed out or vaporized. An unstable condition
from thermoelastic instability could result in a high wear rate of the seal-
ing surfaces. Seal face materials also have a bearing limit that should not
be exceeded. Seal balancing can avoid these conditions and lead to a
more efficient installation.

The pressure in any stuffing box acts equally in all directions and
forces the primary ring against the mating ring. Pressure acts only on the
annular area ac (Figure 17-4A) so that the closing force in pounds on the
seal face is:

where p = stuffing box pressure, lb/in.2

Fc = hydraulic closing force, pounds

The pressure in pounds per square inch between the primary and mating
rings is:

To relieve the pressure at the seal faces, the relationship between the
opening and closing force can be controlled. If a,, is held constant and a,,
decreased by a shoulder on a sleeve or on the seal hardware, the seal face
pressure can be lowered (Figure 17-4B). This is called seal balancing. A
seal without a shoulder in the design is an unbalanced seal. A balanced
seal is designed to operate with a shoulder. Only a metal bellows seal is a
balanced seal that does not require a shoulder. The balance diameter is
the mean area diameter of the bellows.
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Figure 17-4. Hydraulic pressure acting on the primary ring.

Seals can be balanced for pressures at the outside diameter of the seal
faces as shown in Figure 17-4B. This is typical for a seal mounted inside
the stuffing box. Seals mounted outside the stuffing box can be balanced
for pressure at the inside diameter of the seal faces. In special cases, seals
can be double balanced for pressure at both the outside and inside diame-
ters of the seal. Seal balance can range from 0.65 to 1.35, depending on
operating conditions.

Face Pressure. This is an important factor in the success or failure of a
mechanical seal. Hydraulic pressure develops within the seal faces that
tend to separate the primary and mating rings. This pressure distribution
is referred to as a pressure wedge (Figure 17-5). For most calculations it
may be considered as linear. The actual face pressure Pf in pounds per
square inch is the sum of the hydraulic pressure Ph and the spring pres-
sure Psp designed into the mechanical seal. The face pressure Pf is a far-
ther refinement of P which does not take into account the liquid film
pressure or the load of the mechanical seal:
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where Ph = AP(b - k), lb/in2

P = pressure differential across seal face, lb/in2

b = seal balance
k = pressure gradient factor

The pressure gradient factor is normally taken as 0.5 for a given instal-
lation. The mechanical pressure for a seal is:

where Fsp = seal spring load, Ib
a0 = seal face area in.2

then the actual face pressure can be expressed as:

The actual face pressure is used in the estimate of the operating pres-
sure-velocity for a given seal installation.

Figure 17-5. Pressure wedge opening force at the seal faces.
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Pressure-Velocity. The value for a seal installation may be compared
with values developed by seal manufacturers as a measure of adhesive
wear. As the primary and mating rings move relative to each other, they
are affected by the actual face pressure and rotational speed. The product
of the two, pressure times velocity, is referred to as PV and is defined as
the power N per unit area with a coefficient of friction of unity;

For seals, the equation for PV can be written as follows:

where Vm = velocity at the mean face diameter dm, ft/min

Power Consumption. The power consumption of a seal system can be
estimated using the PV value and the following equation:

where f is the coefficient of friction.
As a general rule, the power to start a seal is five times the running

value.

The coefficients of friction for various common seal face materials are
given in Table 17-1. These coefficients were developed with water as a
lubricant at an operating PV value of 100,000 lb/in.2 ft/min. Wues in oil
would be slightly higher as a result of viscous shear of the fluid film at
the seal faces.

Example:

A pump having a 3-inch diameter sleeve at the stuffing box is fitted
with a balanced seal of the same size and mean diameter. The seal oper-
ates in water at 400 lb/in.2, 3,600 rpm and ambient temperatures. The
material of construction for the primary and mating rings are carbon and
tungsten carbide. Determine the PV value and power loss of the seal.
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Temperature Control. At the seal faces, temperature control is desirable
because wear is a function of temperature. Heat at the seal faces will
cause the liquid film to vaporize, generating still more heat. Thermal dis-
tortion may also result, which will contribute to seal leakage. Therefore,
many applications will require some type of cooling.

Table 17-1
Coefficient of Friction for

Various Seal Face Materials
(Water Lubrication, PV—100,000 Lb/In. W X Ft/min. John Crane Inc.)

SLIDING MATERIALS

PPIMAPY RING MATING PING

CARBON-GRAPHITE CAST IRON
(RESIN FILLED) CERAMIC

TUNGSTEN CARBIDE

SILICON CARBIDE

SILIC3NI2ED CAR8QN

SILICON CARBIDE TUNGSTEN CARBIDE

SILICONI2ED CARBON

SILICON CARBIDE

TUN3STEN CARBIDE

COEFFICIENT
OF FRICTION

0.07

0.07

0.07

0.02

0.015

0.02

0.05

0,02

0.08
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The temperature of the seal faces is a function of the heat generated by
the seal plus the heat gained or lost to the pumpage. The heat generated at
the faces from sliding contact is the mechanical power consumption of
the seal being transferred into heat. Therefore,

where Qs = heat input from the seal Btu/h
Ct = 0,077

If the heat is removed at the same rate it is produced, the temperature
will not increase. If the amount of heat removed is less than mat gener-
ated, the seal face temperature will increase to a point where damage will
occur. Estimated values for heat input are given in Figure 17-6 and Fig-
ure .17-7.

Heat removal from a single seal is generally accomplished by a seal
flush. The seal flush is usually a bypass from the discharge line on the
pump or an injection from an external source. The flow rate for cooling
can be found by:

When handling liquids at elevated temperatures, the heat input from
the process must be considered in the calculation of coolant flow. Then

The heat load Qp from the process can be determined from Figure 17-8.

Example;

Determine the net heat input for a 3-ineh diameter balanced seal in wa-
ter at 3600 rpm. Pressure and temperature are 400 lb/in2 and 170°F.
From Figure 17-7.

Qs = (2750 Btu/h/1000 rpm) 3600 = 9900 Btu/h
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Figure 17-6. Unbalanced seal heat generation (courtesy of John Crane).

From Figure 17-8 assuming that the stuffing box will be cooled to
70°F and that the temperature difference between the stuffing box and
pumpage is 100°F

The total heat input is used to estimate the required flow of coolant to
the seal. For single seal installations, the flow of coolant or seal flush
may be achieved through the use of a bypass line from pump discharge.
Some installations may require an injection from an external source of
liquid. A bypass line can be built internal to the pump or may be con-
structed externally on the unit. External piping will allow for the installa-
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Figure 17-7. Balanced seal heat generation (courtesy of John Crane).

tion of a heat exchanger or abrasive separator when required (Figure 17-
9). Another method of supplying additional cooling to a stuffing box is
shown in Figure 17-10. This seal is equipped with a pumping ring and
heat exchanger. The pumping ring acts like a pump, causing liquid to
flow through the stuffing box. Liquid is moved out the top of the stuffing
box and through the heat exchanger, returning directly to the faces at an
inlet at the bottom of the end plate. As liquid is circulated, heat is re-
moved at the seal and stuffing box. This is an extremely efficient method
of removing heat because the coolant circulated is only in the stuffing
box and does not reduce the temperature of the liquid in the pump. A
closed loop system such as this is commonly used on hot water pumps.

For double seal installations, the heat load for each seal must be con-
sidered, as well as the heat soak from the process. The flow of coolant
can be achieved through the use of an external circuit with a small pump.
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Figure 17-8. Heat soak from the process fluid (courtesy of John Crane).

Pressures in the stuffing box should be kept above the pressure at the
inboard seal. As a rule of thumb, the stuffing box is normally 10% or a
minimum of 25 psig above the product pressure against the inboard seal.
For low pressure installations, a pressurized loop and axial flow pump-
ing ring shown in Figure 17-11 can be considered. Here, as the shaft ro-
tates, the pumping ring moves liquid to a reservoir tank where heat is
removed from the system. Liquid returns to the bottom of the stuffing
box and continues to remove heat from the seal area.
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Figure 17-9. Package mechanical seal installation with external piping.

Figure 17-10. Package mechanical seal with pumping ring and heat exchanger
closed looped for cooling (courtesy of John Crane),

On tandem seal installations, the inboard seal may be treated as a sin-
gle seal installation for cooling. However, the outboard seal is normally a
closed circuit with a pumping ring (Figure 17-16).

Positive methods for providing clean cool liquid to the seal must be
considered at all times. The use of a thermal syphon system for removing
heat on a pump application should be avoided.
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Figure 17-11. Double mechanical seal installation closed loop system with axiat
flow pumping ring (courtesy of John Crane),

Some special applications after periods of shutdown may require that
the process liquid be heated to maintain the product being pumped as a
liquid. In these instances, the stuffing box must be preheated prior to
starting the pump to avoid damage to the seal.

Seat Leakage

An estimate for seal leakage in cubic centimeters per minute can be
made from the following equation:
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where C3 = 532
h = face gap, in

P2 = pressure at face ID, lb/in.2

PI = pressure at face OD, lb/in.2

jj, = dynamic viscosity, CP
R2 — outer face radius, in,
RI = inner face radius, in.

Negative flow indicates flow from the face outer diameter to the inner
diameter. The effect of centrifugal force from one of the rotating sealing
planes is very small and can be neglected in normal pump applications.
The gap between the seal faces is a function of the materials of construc-
tion, flatness, and the liquid being sealed. The face gap can range from
20 x 10~6 to 50 x 10~6 inches. Leakage from a seal is also affected by
the parallelism of the sealing planes, angular misalignment, coning (neg-
ative face rotation), thermal distortion (positive face rotation), shaft run-
out, axial vibration, and fluctuating pressure. Further discussions of
these problem areas will be covered later in the chapter on seal installa-
tion and troubleshooting.

Seal Wear

The types of wear found in mechanical seals are adhesive, abrasive,
corrosive, pitting or fatigue, blistering, impact, and fretting. Adhesive
wear is the dominant type of wear in well designed seals. Hie other types
of wear are related to problems with the entire sealing application and
will be discussed later in seal installation and troubleshooting.

Even though the successful operation of a seal depends on the develop-
ment of a lubricating film, solid contact and wear occur during startup,
shutdown, and during periods of changing service conditions for the
equipment. For most applications, seals are designed with a carbon
graphite primary ring considered to be the wearing part in the assembly.
The primary ring runs against the mating ring that is made of a harder
material and wears to a lesser extent. In mechanical seal designs, face
loads are sufficiently low so that only a mild adhesive wear process oc-
curs. If the application is extremely abrasive, hard seal faces for both the
primary and mating rings must be considered. Abrasive applications in-
clude sand type slurries, paint, and abrasives generated at elevated tem-
peratures from carbonized products.

The PV criterion used in the design of seals is also used in the expres-
sion of the limit of mild adhesive wear. Table 17-2 gives the PV limita-
tions for frequently used seal face materials. Each limiting value has been
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Table 17-2
Frequently Used Seat Face Materials

and Their PV Limitations

developed for a wear rate that provides an equivalent seal life of two
years. A PV value for a given application may be compared with the lim-
iting value to determine satisfactory service. These values apply to aque-
ous solutions at 120°F. For lubricating liquids such as oil, values 60% or
higher can be used.

Three separate tests are performed by seal manufacturers to establish
performance and acceptability of seal face materials. PV testing is a mea-
sure of adhesive wear. Abrasive testing establishes the relative ranking of
materials in a controlled environment. Operating temperatures have a
significant influence on wear. A hot water test is used to evaluate the
behavior of seal face materials at temperatures above the atmospheric
boiling point of the liquid.
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Classification of Seals by Arrangement

Seal arrangement is used to describe the design of a particular seal in-
stallation and number of seals used on a pump. Sealing arrangements
may be classified into two groups:

• Single seal installations
* Internally mounted
* Externally mounted

• Multiple seal installations
* Double seals

• Back to back
* Opposed

* Tandem

Single seals are commonly used on most applications. This is the sim-
plest seal arrangement with the least number of parts. An installation
mounted inside the stuffing box chamber is referred to as an inside
mounted seal (Figure 17-12). Here, liquid in the stuffing box and under
pressure acts with the spring load to keep the faces in contact.

An outside mounted seal refers to a seal mounted outside the stuffing
box (Figure 17-13). Here, if the seal is not balanced for pressure at the
inside diameter of the seal face, the pressure will try to open the seal.
Outside mounted seals are considered only for low pressure applications.
The purpose of an external seal installation is to minimize the effects of
corrosion that might occur if the metal parts of the seal were directly ex-
posed to the liquid being sealed.

Multiple seals are used in applications requiring:

• A neutral liquid for lubrication
• Improved corrosion resistance
• A buffered area for plant safety

Double seals consist of two seal heads mounted back to back with the
carbon primary rings facing in opposite directions in the stuffing box
chamber (Figure 17-14). A neutral liquid with good lubricating proper-
ties, at higher pressures than the pumpage, is used to cool and lubricate
the seal faces. The inboard seal keeps the liquid being pumped from en-
tering the stuffing box. Both the inboard and outboard seals prevent the
loss of the neutral lubricating liquid. Circulation for cooling is normally
achieved with an external circulation system and smaller pump. An axial
flow pumping ring and closed system may be considered on low pressure
systems.
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Figure 17-12. Single seat mounted inside the stuffing box.

Figure 17-13. Single seal mounted outside the stuffing box. For low pressure
service.

Figure 17-14. Double seal installation.
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Double seals may be used in an opposed arrangement (Figure 17-15).
Two seals are mounted face to face with the primary sealing rings run-
ning on mating rings supported by a common end plate. The neutral liq-
uid is circulated between the seals at the inside diameter of the seal faces,
The circulation pressure is normally less than the process liquid being
sealed. The inboard seal is similar to a single inside mounted seal and
carries the full differential pressure of the pump stuffing box to the neu-
tral liquid. The outboard seal carries only the pressure of the neutral liq-
uid to atmosphere. Both inboard and outboard primary rings are balanced
to handle pressure at either the outside or inside diameter of the seal faces
without opening. The purpose of this arrangement is to fit a stuffing box
having a smaller confined space than what is possible with back-to-back
double seals. Double seals are normally applied to toxic liquids for plant
safety.

Tandem seals are an arrangement of two single seals mounted in the
same direction (Figure 17-16). The inboard seal carries the full pressure
differential of the process liquid to atmosphere. The outboard seal con-
tains a neutral liquid and creates a buffered zone between the inboard seal
and plant atmosphere. Normally the neutral lubricating liquid is main-
tained at atmospheric pressure. Developed heat at the inboard seal is re-
moved with a seal flush similar to a single seal installation. The liquid in
the outboard seal chamber should be circulated with a pumping ring to
remove unwanted seal heat. Tandem seals are used on toxic or flammable
liquids that require a buffered area or safety zone in the seal installation.

Package seals are an extension of other seal arrangements. A package
seal requires no special measurements prior to seal installation. A pack-
age seal assembly consists of a seal head assembly, mating ring assembly,
and adaptive hardware. Adaptive hardware are those structural parts that
fit a specific seal to a pump. These hardware items are a gland plate,
sleeve, and drive collar. A spacer or spacer clips are provided on most
package seals to properly set the seal faces. The spacer or spacer clips are
removed after the drive collar has been locked to the shaft and the gland
plate bolted to the pump. Examples of package seals are shown in Fig-
ures 17-9, 17-10, and 17-15.

Classification of Seals by Design

Certain design features are considered important and may be used to
describe a seal. These descriptions also form four classification groups.
A seal may be referred to as:
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Figure 17-15. Package opposed double seals.

Figure 17-16. Tandem seal installation.

• Unbalanced or balanced
• Rotating or stationary seal head
• Single spring or multiple spring construction
• Pusher or non-pusher secondary seal design

The selection of an unbalanced or balanced seal is determined by the
pressure in the pump stuffing box and the type of liquid to be sealed.
Balance is a way of controlling the contact pressure between the seal
faces and power loss at the seal. When the percentage of balance b (ratio
of hydraulic closing area to seal face area) is 100 or greater, the seal is
referred to as unbalanced. When the percentage of balance for a seal is
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less than 100, the seal is referred to as balanced. Figure 17-17 illustrates
common balanced and unbalanced seals.

The selection of a rotating or stationary seal is determined by the speed
of the pump shaft. A seal that rotates with a pump with the shaft is a
rotating seal assembly. Examples are shown in Figures 17-15 and 17-16.
When the mating ring rotates with the shaft the seal is stationary (Figure
17-18). Rotating seal heads are common in industry for normal pump
shaft speeds and where stuffing box space is limited. As a rule of thumb,
when the shaft speed exceeds 5,000 ft/min, stationary seals are required,
Higher speed applications require a rotating mating ring to keep unbal-
anced forces that may result in seal vibration to a minimum. Also, for
certain applications like vacuum tower bottom pumps, a stationary seal
allows a steam quench to be applied to the entire inside diameter of the
seal to prevent hangup. Stationary seals require a large cross section
stuffing box.

Figure 17-17. Common unbalanced and balanced seats.
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Figure 17-18. Stationary seal head rotating mating ring assembly (courtesy of
John Crane).

The selection of a single spring or multiple seal head construction is
determined by the space limits available and the liquid sealed. Single
spring construction is most often used with elastomeric bellows seals to
load the seal faces (Figure 17-19). The advantage of this type of con-
struction is that the openness of the design makes the spring a non-clog-
ging component of the seal assembly. The coils are made of a large diam-
eter spring wire and, as a result, can withstand a great degree of
corrosion.

Multiple spring seals require a shorter axial space. Face loading is ac-
complished by a combination of springs placed about the circumference
of the shaft (Figure 17-12). Most multiple spring designs are used with
assemblies having O-rings or wedges as secondary seals.

Pusher-type seals are defined as seal assemblies in which the second-
ary seal is moved along the shaft by the mechanical load of the seal and
the hydraulic pressure in the stuffing box. This designation applies to
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Figure 17-19. Full convolution elastomeric bellows with single spring construc-
tion (courtesy of John Crane).

seals that use an O-ring, wedge, or V-ring. Typical construction is illus-
trated in Figure 17-12.

Non-pusher seals are defined as seal assemblies in which the secondary
seal is not forced along the shaft by the mechanical load or hydraulic
pressure in the stuffing box. Instead, all movement is taken up by the
bellows convolution. A non-pusher design is shown in Figure 17-19.
This definition applies to those seals that use half, full, and multiple con-
volution bellows as a secondary seal.

Materials of Construction

The selection of materials of construction must be based on the operat-
ing environment for the seal. The effects of corrosion, temperature, de-
formation from pressure, and wear from sliding contact must be consid-
ered for good life. Each seal must be broken down into component parts
for material selection. The effects of corrosion must be known for the
secondary seal, primary and mating rings, as well as hardware items.
The NACE (National Association of Corrosion Engineers) corrosion
handbook is an excellent source of information for corrosion rates of var-
ious materials in a wide variety of liquids and gases. When hardware
items of a seal are exposed to a liquid and the corrosion rate is greater
than 2 mils per year, a double seal arrangement should be considered.
The metal parts in this seal arrangement can be kept out of the corrosive
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liquid. Then only the seal faces (primary and mating rings) and second-
ary seal come in contact with the pumpage and can be made of corrosion
resistant materials such as Teflon, ceramic, and carbon. Some of the
more common seal materials are shown in Table 17-3.

Temperature is another consideration in seal material selection. Both
secondary and static seals must remain flexible throughout the entire life
of the seal. If seal flexibility is lost by hardening of the elastomer from
high temperature, the seal will lose the degree of freedom necessary to
follow the mating ring. The temperature limits for common secondary
and static seal materials is given in Table 17-4. Temperature is not an
issue for a metal bellows seal. This type of secondary seal is specifically
designed for high temperature and cryogenic applications beyond the
limits of common elastomeric materials. However, this type of seal is
limited in terms of corrosion resistance and most high pressure applica-
tions due to the thin construction of the bellows.

Table 17-3
Most Common Materials of Construction

for Mechanical Seals

COMPONENT

SECONDARY SEALS

0-RING

BELLOWS

WEDGE

METAL BELLOWS

PRIMARY RING

HARDWARE

(RETAINER. DISC.

SNAP RING, SET

SCREWS. SPRINGS)

MATING RING

MATERIALS OF CONSTRUCTION

NITRILE, ETHYLENE PROPYLENE .

PLUOROELASTOMER , PERFLUOROELASTOMER .
CHLOROPRENE

NITRILE. ETHYLENE PROPYLENE,

FLUOROELASTQMER, CHLOROPRENE

FLUOROCARBON RESIN, GRAPHITE FOIL

STAINLESS STEEL, NICKEL BASE ALLOY

CARBON. METAL FILLED CARSON,

TUNGSTEN CARBIDE. SILICON CARBIDE,

SILICQNIZED CARBON

I8-8 STAINLESS STEEL,

3!6 STAINLESS STEEL,

NICKEL BASE ALLOYS, TITANIUM

CERAMIC. CAST IRON, TUNGSTEN CARBIDE,

SILICON CARBIDE
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Table 17-4
Temperature Limitations for Common Secondary

and Static Seals

An additional consideration in the selection of the primary and mating
rings is their PV limitations. As discussed in the section on seal wear, a
PV value can be determined for each application and compared to those
given in Table 17-2. A value of less than the value given in the table will
result in a seal life greater than two years. Also shown in Table 17-5 are
the physical properties of common seal face materials.

Mating Ring Designs

A complete seal installation consists of the seal head assembly and a
mating ring assembly. The mating ring assembly consists of the mating
ring and a static seal. There are five common mating ring types; a)
groove O-ring, b) square section, c) cup mounted, d) floating, and e)
clamped in (Figure 17-20). Other designs may exist but they are all varia-
tions of these common types. The purpose of a mating ring is to provide a
hard surface for the softer member of the seal face to run against. Be-
cause wear will occur at the seal faces, the mating ring must be designed
as a replaceable part in the seal installation. This is accomplished through
the use of a static seal, as shown. The material of construction of the
static seal will determine the temperature limit of the assembly.



Table 17-5
Properties of Common Seal Face Materials

PROPERTY

MODULUS OF
ELASTICITY
X IOE6 LB/IN2

TENSILE STRENGTH
X IOE3 LB/IN2

CO-EFFICIENT OF
THERMAL EXPANSION
X IOE-6 IN/IN F

THERMAL
CONDUCTIVITY
BlU.FT/H X FT2 F

DENSITY L8/IN3

HARDNESS

CAST

IRON

f3 - 16

65 - 120

6.6

23 - 29

0.259 -
0.268

NI

RESIST

10.5 -
16.9

20 - 45

6.5 - 6.8

25 - 26

0.264 -
0.268

BRINELL-"--

^!7 - 269 !31 - 183

CERAMIC

85%
(AL203)

32

20

3.9

8.5

0, 123

99%
JAL203)

50

39

4.3

14.5

0.13?

CARBIDE

TUNGSTEN
!6% N!)

90

123.25

2.66

4 ! - 4S

0.59

ROCKWELL A-

»? 8? 93

SILICON
ISI-C!

48 - 57

20.65

1 .06

4 1 - 6 0

0.104

CARBON

RESIN

2.5 - 4.0

8 - 8.6

2. 1 - 2.7

6 - 9

0.064 -
0.069

----ROCKWELL 45N---

66 - 88 8 0 - 1 0 5

BABBITT

1.04 -
4. !

8 - 8.6

2. ! - 2.7

6 - 9

0.0ft3 -
0. 1 12

BRONZE

2.9 - 4.4

7.5 - 9

2.4 - 3, 1

8 - g.5

0.083 -
0.097

- — --SHORE

6 0 - 9 5 70 - <K

SIL ICONIZED
CARBON

2 2.3

2

2.4 - 3.2

30

0.06 -
0.070

ROCKWEtL IS!

,„
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Figure 17-20. Common mating ring assemblies,

Adaptive Hardware

Structural parts of a seal installation such as shaft sleeve, gland plates,
bushings, and collars used to fit a seal to a pump are referred to as adap-
tive hardware. These items may be furnished by the pump company or
the seal manufacturer.

The success or failure of a seal installation can often be traced to the
proper selection of the gland plate and associated piping arrangement.
The purpose of the gland plate or end plate is to hold either the mating
assembly or the seal assembly, depending on the type of seal construc-
tion. The gland plate is also a pressure containing component of the as-
sembly. The alignment of one of the sealing surfaces, and possibly a
bushing, is dependent on the fit of the gland plate to the stuffing box.

For a pump manufactured to API (American Petroleum Institute) spec-
ifications, a registered fit of the gland plate is required between the inside
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or outside diameter of the stuffing box. This is an industry standard for
refinery service. In addition, the gland plate at the stuffing box must
completely confine the static seal.

There are three basic gland plate constructions, as shown in Figure
17-21.

A plain gland plate is used where seal cooling is provided internally
through the pump stuffing box and where the liquid to be sealed is not
considered to be hazardous to the plant environment and will not crystal-
lize or carbonize at the atmospheric side of the seal.

A flush gland plate is used where internal cooling is not available.
Here, coolant (liquid sealed or liquid from an external source) is directed
to the seal faces where the heat is generated.

A flush and quench gland plate is required on those applications that
need direct cooling, as well as a quench fluid at the atmosphere side of
the seal. The purpose of a quench fluid, which may be a liquid, gas, or

Figure 17-21. Basic gland plate designs.
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steam, is to prevent the buildup of any carbonized or crystallized mate-
rial along the shaft. When properly applied, a seal quench can increase
the life of a seal installation by eliminating the loss of seal flexibility due
to hangup.

A flush, vent and drain gland plate is used where seal leakage needs
to be controlled. Flammable vapor from a seal can be vented to a flair
and burned off, while non-flammable liquid leakage can be directed to a
sump.

Figure 17-22 illustrates some common restrictive devices used in the
gland when quench or vent and drain connections are used. These bush-
ings may be pressed in place, as shown in Figure 17-22A, or allowed to
float, as in figures 17-22B, C and D. Floating bushings allow for closer
running fits with the shaft because such bushings are not restricted at
their outside diameter. Floating bushings in Figures 17-22C and D, are

Figure 17-22. Common restrictive devices used with quench or vent-and-drain
gland plate.
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Flgyre 17-23. Seal face design for upstream pumping (courtesy of John Crane),

also sized to fit the diameter of the shaft. Small packing rings may also be
used for a seal quench as shown in Figure 17-22E.

Shaft sleeves should be used on all applications where the shaft must be
protected from the environment of the pumpage. Sleeves should be made
of corrosion and wear resistant materials. Sleeves must be positively se-
cured to the shaft and seal at one end. The sleeve should extend through
the gland plate.

Upstream Pumping

The concept of upstream pumping is new to the sealing industry and is
a further refinement of spiral groove technology developed for dry run-
ning gas compressor seals. Upstream pumping is defined as moving a
small quantity of liquid from the low pressure side of a seal to the high
pressure side. This is accomplished by a change in seal face geometry
and by incorporating spiral grooves, Figure 17-23.

A conventional flat seal design is only capable of preventing leakage
from a higher pressure stuffing box to atmosphere. A seal designed with
the upstream pumping feature can seal high pressure and move clean liq-
uid across the seal faces to a high pressure stuffing box. This type of
design creates a full liquid film at the faces and reduces horsepower loss.
This is also a new way to flush a seal face with just a few cc/minute
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rather than a few gpm with a conventional flush. Figure 17-24 illustrates
a seal with the upstream pumping concept at the inboard seal. Early ex-
periments demonstrated that this 1.750-inch diameter seal operating in
water at 1800 rpm can move 0.6 cc/min to a stuffing box pressure of 800
psig. This concept when applied to multiple seals would allow a plant
operator to bring a supply of water or a neutral liquid directly to the space
between the seals. The low pressure liquid can be made to flow in small
quantities to higher pressures through the pumping action of the seal
faces. This improvement in seal design has resulted in a new way to flush
a seal, which can be applied to abrasive slurry service, hot water, hazard-
ous liquids, heat transfer, and liquids with poor lubricating properties.
This is a significant development resulting in a non-contacting, non-leak-
ing seal for liquid service. The upstream pumping concept is a patented
development by John Crane Inc.

Mechanical Seals for Chemical Service

Traditionally, mechanical seals for this type of service are fitted to
pumps that meet American National Standards Institute (ANSI) Specifi-
cation B73.1. This specification defined the stuffing box cross section by
the size of the packing that could be used on a given application. Standard
sizes of cross section were 5/i6, 3/s, and 7/i6 inches. The idea behind the
specification was that if seals were used and had to be replaced they could
be replaced by packing. However, in practice when a seal is worn out or

Figure 17-24. Package symmetrical seal with upstream pumping feature (cour-
tesy of John Crane).
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failed, it was replaced by another seal. Fitting a seal to packing cross
sections was sometimes difficult, particularly when multiple seal ar
rangements were required. In addition, the smaller the space around the
seal, the warmer it would run.

Figure 17-25 shows the original stuffing box and the new revised box
that allows more than two times the clearance over the pump shaft. The
new box dimensions allow a current ANSI seal to run 25 °F cooler than
the original design. By opening up the back of the stuffing box and pro-
viding a slight taper to the bore, the stuffing box will run approximately
40°F cooler than the original design. This data was developed testing
conventional seals that are considered standard in the original stuffing
box. These include elastomeric bellows, wedge, and O-ring seals. Stuff-
ing box design plays an important part in providing a good environment
for the mechanical seal.

Figure 17-25. Basic stuffing box designs.
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Mechanical Seals for Refinery Service

Refinery services can be broken down into two primary classes based
on temperature:

• Applications below 350°F
• Applications above 350°F

For applications below 350°F elastomeric seals should be used. These
applications may also involve the sealing of high pressure as well. A typi-
cal package seal for this class of service is shown in Figure 17-26.

For applications above 350°F, a metal bellows seal should be used.
Pressure on most high temperature applications will be low and would
not present a problem for most metal bellows available to industry. A
typical package seal for this class of service is shown in Figure 17-27.
Both seals illustrated in Figures 17-26 and 17-27 meet the requirements
of American Petroleum Institute's (API) 610 Standard. This standard
does not cover the design of individual seal components. That is the re-
sponsibility of the seal manufacturer. The standard does cover the mini-
mum requirements of equipment for use in refinery services. These re-
quirements would include:

• Seal chamber and shaft sleeve considerations.
• Hardness of seal materials to be used on a pump shaft.
• Preferred use of balanced seals unless otherwise specified.
• Containment of seal face leakage by one of the following arrange-

ments:
Single seal with an auxiliary sealing device such as a floating close
clearance bushing or other suitable device.
Tandem seal arrangement with a barrier fluid maintained at a pres-
sure lower than seal chamber pressure.
Double seal arrangement with a barrier fluid maintained at a pres-
sure greater than seal chamber pressure.

• Gland plate design including register fit to the seal chamber and con-
finement of static seals.

Materials of construction are identified as well as piping plans for seal
installations. Piping plans for seal installations are so important that they
are shown in Figures 17-28A and B for easy reference. API Specification
610 represents the collective knowledge and experience of end users,
pump and seal manufacturers. This specification is updated periodically,
and anyone involved in refinery equipment should have an updated copy
of the specification from the American Petroleum Institute.
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Figure 17-26. Package seal for refinery service for temperatures below 350°F
(courtesy of John Crane, Inc.).

Figure 17-27. Package metal bellows seal (courtesy of John Crane).

Typical Applications

Mechanical seals are used to seal a wide range of liquids and gases at
various conditions of pressure, temperature, and speed. As seal technol-
ogy advances, progress is being made to move from the traditional con-
tacting seal to what is becoming known as a class of seals referred to as
non-contacting, non-leaking. Certain types of liquids will require the seal
to operate without any appreciable power loss or wear at the seal faces,

Light Hydrocarbon Service

When sealing a light hydrocarbon as a liquid, conventional flat sealing
faces can be considered when the operating conditions do not require the
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seal to work in an environment where the liquid in the seal chamber is
near its vapor pressure. As a rule of thumb, when the stuffing box pres-
sure is less than one-third of the vapor pressure, a seal face design with
hydropads should be considered. Hydropads or lubrication recesses are

Figure 17-28A. Piping plans for mechanical seals from A.P.l. Standard 610,6th
Edition. (Reproduced courtesy American Petroleum Institute.)
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an effective way of reducing the power loss of a flat sealing face by as
much as 30%. The hydropad design feature is shown in Figure 17-29. In
most applications this will permit the seal to operate in a very stable con-
dition with very low leakage to the atmosphere. Leakage rates from these

Figure 17-28B. Piping plans for mechanical seals from A.P. I. Standard 610,6th
Edition, (Reproduced courtesy American Petroleum Institute.)
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Figure 17-29. Carbon primary ring with hydropad face design (courtesy of John
Crane).

types of seals are measured in parts per million. The seal illustrated in
Figure 17-30 has been successfully applied to sealing light hydrocarbon
at the following conditions:

• Liquid sealed: ethylene, ethane, or propane
• Stuffing box pressure: 500 to 1200 psig
• Temperature: 30 to 60°F
• Specific gravity: 0.3 to 0.9
• Speed: 1500 to 3480 rpm
• Seal size: 5.375 inches

Many installations have been made and thousands of hours of seal life
have been realized. The materials of construction for the seal faces are
carbon versus tungsten carbide.

Hydropads have also been successfully applied to high temperature ap-
plications requiring a metal bellows seal. The seal shown in Figure 17-31
is a typical installation that has been in service for more than three years.
This was a difficult application for the original seals that were specified.
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Figure 17-30. Package mechanical seal installation for a pipeline pump (cour-
tesy of John Crane).

Figure 17-31. Mechanical seal for a high temperature refinery charge pump
(courtesy of John Crane).

Failure occurred due to vaporization at the seal faces. The seal shown has
been through many startups with no adverse effects. The operating con-
ditions for this application are:

• Liquid sealed: gas oil
• Stuffing box pressure: 278 psig
• Temperature: 615 °F
• Specific gravity: 0.665
• Speed: 3550 rpm
• Seal size: 3.125 inches
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The measured leakage from each end of this horizontal pump was 10 to
120 ppm. This installation is a rotating seal head with a tungsten carbide
insert running on a silicon carbide mating ring. A steam quench is being
used on the atmospheric side of the seal.

Hydropads are also used to aid the lubrication process on the refinery
application shown in Figure 17-32. The pump is used in a hydrofluoric
alkylation unit to move hydrofluoric acid. To protect the sealing system,
a clean injection of isobutane is flushed in at the seal faces. The original
seals experienced short seal life due to chemical attack from the hydro-
fluoric acid. The operating conditions for this application are:

• Liquid sealed: isobutane/hydrofluoric acid
» Stuffing box pressure: 240 psig
• Temperature: 89°F
• Specific gravity: 0,945
• Speed: llSOrpm
» Seal size: 3.5 inches

This hydropadded seal has added years to the service life of the unit,
The materials of construction for the seal faces are solid silicon carbide
running on solid silicon carbide. This material combination was selected
for its excellent corrosion resistance to hydrofluoric acid, because corro-
sion is a common cause for seal failure on these types of applications.

Hydropads or lubrication recesses when properly applied will result in
improved seal life. This design feature is the first step in the process of
advancement to non-contacting seals.

Figure 17-32. Mechanical seal installation for refinery HF Alkylation Unit (cour-
tesy John Crane).
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True non-contacting seals are being applied to pumping equipment and
will change the way a seal is viewed for a given application. When pump-
ing a light hydrocarbon near its vapor pressure, it is more efficient to
allow the liquid to flash to a gas in the stuffing box and use a dry running
seal to seal the gas. This is done with a non-contacting seal design. This
most efficient method in achieving non-contact in operation is through
the use of the spiral groove face seal. This patented concept was devel-
oped by John Crane Inc. for use in sealing high performance gas com-
pressors and is illustrated in Figure 17-33. The spiral groove pattern is a
series of logarithmic spirals recessed into the hard mating ring. The un-
grooved portion of the seal face below the spiral is called the sealing
dam. The spiral groove pattern is designed to rotate only in one direc-
tion. As the seal face begins to rotate from the outside diameter of the
seal faces to the groove diameter, gas is compressed and then expanded
across the sealing dam. This will generate sufficient opening force to
separate the seal faces by a few micro-inches. Seal balance, face width
and spiral groove diameters are all critical and determine the static and
dynamic operation of the seal during periods of startup and shutdown
when the seal faces contact. A comparison of hydropadded and spiral
groove faces is made in Figure 17-34,

Figure 17-33. Dry running face design (courtesy of John Crane).
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Figure 17-34. Comparison of seal face geometry.

A typical pump application is shown in Figure 17-35. The operating
conditions for this seal are:

• Liquid sealed: light hydrocarbon flashed to gas in the stuffing box
• Stuffing box pressure: 387 psig
• \fapor pressure at pumping temperature: 375 psig
• Temperature: 3PF
• Specific gravity: 0.4
• Speed: 1500 rpm
• Seal size: 4.687 inches
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Figure 17-35. Package gas seal (courtesy of John Crane).

A bushing is used at the bottom of the box, and the seal chamber at the
inboard seal is essentially dead ended. The only flow of hydrocarbon gas
in this area is due to the leakage across the inboard seal face. Normal leak
rates are in the range of 1.5 scfm. The space between the seal is vented to
a flair or burned as fuel. The outboard seal prevents the gas from escap-
ing to atmosphere. Since this is a non-contacting seal the life of the seal
will not be affected by wear.

Some applications still require double seals to provide a good running
environment for the seal. Figure 17-36 shows a solution to sealing high
pressure liquid carbon dioxide service. These seals are used on pumping
equipment used to inject the liquid carbon dioxide into the ground for
crude oil extraction. On this application, oil is circulated through the seal
chamber at a pressure 10% greater than the pressure at the inboard seal
from the liquid carbon dioxide. This seal is operating at the following
conditions.

• Liquid sealed: carbon dioxide
• Buffer liquid: oil
• Stuffing box pressure: 2400 psig
• Temperature: 65 °F
• Specific gravity: 0.76 (oil)
• Speed: 3550 rpm
• Seal size: 3.750 inches
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Figure 17-36. Package mechanical seal for CO2 service (courtesy of John
Crane).

The inboard seal faces are a metal alloy running against tungsten car-
bide. The choice of this material combination was to avoid blistering in a
carbon material that would be exposed to the liquid carbon dioxide. The
seal faces at the outboard position are running at a higher level of PV and
here, carbon versus tungsten carbide is being used.

Double seals are also considered and used for harsh environments in-
volving high temperature applications. Figure 17-37 shows a double-op-
posed stationary seal design. This seal is operating at the following con-
ditions:

• Liquid sealed: residual bottoms
• Vapor pressure at pumping temperature: 1.25 psia
• Viscosity: 0.6 cp
« Temperature: 700°
• Buffer liquid: gas oil
• Temperature: 150°
• Stuffing box pressure: 200 psig
• Speed: 3550 rpm
« Seal size: 3.000 inches

Seal faces are carbon versus tungsten carbide. Double seals on applica-
tions such as this have a seal life that can be 2V2 times longer than a single
seal installation.

Figure 17-38 shows another multiple installation. This seal can be used
as a double or a tandem seal, depending on pressure between the seal
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Figure 17-37. Package double opposed metal bellows seal for high temperature
(courtesy of John Crane).

Figure 17-38. Package symmetrical seal (courtesy of John Crane).

heads. If the pressure is greater than the liquid being pumped, it is operat-
ing as a double seal. If the pressure is less than the liquid being pumped,
it is operating as a tandem. This seal is designed to operate at the follow-
ing operating conditions:

* Liquid sealed: various
• Buffered liquid: oil, water, or a non-hazardous liquid compatible with

the process
• Temperature: 300°F (max)
* Speed: 3600 rpm
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This design is a package seal that includes the stuffing box as an inte-
gral part of the seal assembly. This model is built for an end suction
pump and can be removed from the pump without disassembling any
bearings. This is referred to as a Symmetrical Seal and is a patented de-
sign by John Crane Inc. This seal design is ideally suited for incorporat-
ing the upstream pumping concept that was previously discussed.

High speed pump applications offer a unique opportunity for the use of
a non-contacting, non-leaking seal. Through the use of the concept of up-
stream pumping, a stuffing box can be run dead ended. The only lubrica-
tion and cooling is achieved through the liquid being moved from the in-
side diameter of the seal face to its outside diameter. This design is
illustrated in Figure 17-39. In this tandem seal arrangement, liquid be-
tween the tandem seals at 100 psig is being moved to a high pressure of
1200 psig in the stuffing box. Shaft speed is 15,600 rpm and seal size is
1.500 inches. Flow rate from low pressure to high pressure side of the
seal is 17 cc/min. There is no measureable increase in surface tempera-
tures at the inboard seal that is handling a differential pressure of 1100
psig. Statically and dynamically, there is no leakage of the liquid being
pumped. Buffer liquid between the seals is water. Only a small amount of
circulation is required to remove the seal heat generated at the outboard
seal. Upstream pumping is a patented design by John Crane Inc. that will
begin to change the way one views a seal application. A seal can also be
used to do work in the system and reduce costly support equipment that is
sometimes required. It also allows a totally different way to flush a seal
with extremely small quantities of liquid.

Split seals are sometimes required on certain applications. Shown in
Figure 17-40 is a patented split seal by John Crane. In this case all com-
ponents are split, allowing the changing of a seal without dismantling the
entire pump. Split seals have been applied to pumps with large shafts op-
erating at speeds of 1800 rpm and pressures to 80 psig. The unique fea-
ture of the floating seal faces allows this type of seal to handle large
amounts of shaft runout.

Many standard and unique seal designs are available from seal manu-
facturers. The most efficient design for a given application can be deter-
mined by making all of the operating conditions available to the seal
manufacturer.

Mechanical Seal Installation and Troubleshooting

Long trouble-free operation of equipment includes proper seal design,
selection of materials of construction, and correct seal installation. Any
shortcuts taken during seal installation can result in the equipment being
taken out of service in a few hours, days, or even weeks from startup. A



402 Centrifugal Pumps: Design and Application

Figure 17-39. High speed application of patented upstream pump concept
(courtesy of John Crane),

Figure 17-40. Split face seal design (courtesy of John Crane).

pump must operate within the pump manufacturer's specification and
should be checked each time a seal is replaced. When a seal is removed
due to excessive leakage, a study should be made to identify the cause for
leakage. This study can yield results that can extend the life of the next
installation.

When a pump shaft begins to rotate, the seal parts also begin to move
relative to each other. Not only does sliding occur at the primary and
mating rings, but other seal parts move as well. The key to successful
seal life is to keep the types of motion transferred to a seal to a minimum.
The common types of motion that influence seal performance are angular
and axial movement. These types of motion are the result of angular mis-
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alignment, parallel misalignment, end play, and radial shaft runout (Fig-
ure 17-41). If wear has occurred between seal parts or between seal parts
and a shaft sleeve or shaft, the pump should be checked for the type of
condition illustrated and corrective measures should be taken. A pump
must operate within the pump manufacturer's tolerances.

Angular misalignment results when the mating ring is not square with
the shaft. As shaft rotation begins, the primary ring will try to follow the
surface of the mating ring. This often results in uneven wear of the softer
carbon primary ring, possible internal wear of seal parts, fretting of seal
hardware or shaft sleeve. Fretting on a shaft or shaft sleeve occurs when
the protective oxide coating is removed from the metal by rubbing mo-
tion from a secondary seal in a pusher-type seal design. A hard coating
on the shaft or shaft sleeve can be used to eliminate this type of wear. A
full convolution elastomeric bellows is designed to protect the shaft or
shaft sleeve by taking all the movement in the bellows convolution in-
stead of along the shaft. Angular misalignment may also occur from a
stuffing box that has been distorted by piping strain developed at operat-
ing temperatures. In this case, damage to the wear rings in the pump may
also be found if the stuffing box has been distorted.

Parallel misalignment results when the stuffing box is not properly
aligned with the rest of the pump. Generally, with small amounts of par-
allel misalignment, the seal will operate properly. However, with a large
amount of parallel misalignment, the shaft may strike the inside diameter
of the mating ring. If damage has occurred, there will also be damage to
any bushing located at the bottom of the stuffing box. The point of dam-
age will be in the same location as that on the mating ring.

Excessive axial end play can damage the sealing surfaces and can also
cause fretting. If the seal is continually being loaded and unloaded, abra-
sives can penetrate the seal faces and cause premature wear of the pri-
mary and mating rings. Thermal damage in the form of heat checking on
the seal faces can result if excessive end play occurs and the seal is oper-
ated below its working height.

Radial runout in excess of limits established by the pump manufacturer
will cause excessive vibration at the seal. This vibration, coupled with
small amounts of other types of motion which have been defined, can
shorten seal life. Radial runout from a bent shaft can damage the inside
diameter of a mating ring through 36X3°.

Seal installation begins with a review of the assembly instructions and
any seal layout drawings. The proper seal installation dimension or spac-
ing is required to ensure that the seal is at its proper working height (Fig-
ure 17-42). The installation reference can be determined by locating the
face of the box on the surface of the sleeve and then measuring along the
sleeve after it has been removed from the unit. It is not necessary to use
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Figure 17-41. Common types of motion that influence seal performance and
method of checking the equipment.

this procedure if a step in the sleeve or collar has been designed into the
sleeve assembly to provide for proper seal setting. Assembly of other
parts of the seal will bring the unit to its correct working height. A single
seal mounted as shown in Figure 17-42 is the most economical seal in-
stallation available to industry.

Package seals as shown in Figure 17-26 can be assembled with relative
ease because only the bolts on the gland plate and set screws in the collar
need to be fastened to the stuffing box and shaft. After the spacer is re-
moved, the pump is ready to operate, provided the piping has been re-
placed.

Because a seal has precision lapped faces and secondary seal surfaces
are critical in the assembly, installation should be kept as clean as possi-
ble. All lead edges on sleeves and gland plates should have sufficient
chamfers to facilitate installation.
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Figure 17-42. Typical installation reference dimensions.

When mechanical seals are properly applied, there should be no static
leakage under normal conditions. Dynamic leakage can range from none
to several drops per minute, depending on the operating conditions for
the unit. For estimates of static and dynamic leakage, the user should
consult the seal manufacturer. When conditions call for a vacuum, a me-
chanical seal is used to prevent air from leaking into the pump.

Seal leakage can occur in many ways. The cause of leakage may be the
result of an improper seal selection, installation, environment, or opera-
tion of the pump. Leakage may occur past static and secondary seals or
past the seal faces. Leakage may occur while the pump shaft is rotating
and stationary or just when the pump shaft is rotating. Each observation
made about the pump and its operation, as well as the condition of the
failed seal parts, plays an important role in identifying the cause for seal
leakage. Analyzing the causes for seal leakage can best be done with pic-
tures of actual seal parts.

A leakage path past secondary and static seals are usually confined to
elastomeric seals. These types of seals are more vulnerable to nicks,
scratches, and cuts. Boor handling and installation practices are the most
common causes for surface damage to these types of seal parts. Care
should always be taken to remove all sharp burrs and edges from steps
and keyways as well as previous set screw identations from prior seal
installations. Extrusion failures of secondary elastomeric seals such as
O-rings are caused by excessive pressure and can be prevented by reduc-
ing the pressure and/or temperature on the seal. This can be accom-
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pJished by using a tandem seal arrangement as previously discussed. Up-
grading the seal materials may be another solution to consider. An
example of an extrusion failure is shown in Figure 17-43, This is a corro-
sion resistant elastomer that had been in chemical service at-700 psig and
a temperature of 420°E The seal had also been subject to excessive axial
motion. The seal leakage problem was corrected by reducing the temper-
ature in the seal cavity and eliminating the excessive axial motion from
the equipment.

Secondary elastomeric seals may also be subject to excessive volumet-
ric change, either swell or shrinkage. Volumetric swell will result in the
loss of seal face flexibility. Volumetric swell of a secondary seal may
also result in seal face distortion that can also contribute to leakage.
Shrinkage of the secondary seal will result in the toss of interference be-
tween the shaft and primary ring, resulting in seal leakage. An 0-ring
subjected to shrinkage and corrosion is shown in Figure 17-44. This type
of condition was corrected by upgrading the material of construction,

Elastomeric O-rings are also subject to a condition referred to as explo-
sive decompression. This can occur when sealing some liquefied gases
such as carbon dioxide. Small amounts of gas can penetrate the O-ring at
high pressure. As long as pressure is kept on the seal, nothing will hap-
pen to the O-ring, Once the pressure in the seal cavity is reduced, the O--
ring will expand and burst at the point where the gas has been absorbed
into the O-ring. This blistered condition can be avoided by upgrading the
material used for the O-ring.

The advantages of using an O-ring as a secondary seal outweigh the
disadvantages. This type of secondary seal offers an excellent solution to
high pressure applications.

Metal bellows seals offer an excellent solution for temperatures greater
than 400°F and pressures to 500 psig. A seal fitted with a metal bellows
can be applied to those applications that are essentially non-corrosive and
where angular misalignment is not a problem. A bellows used in an envi-
ronment with a large amount of angular misalignment will fail from fa-
tigue. Cracking of a metal bellows will occur above the weld near the
inside diameter of the bellows, as shown in Figure 17-45. This type of
seal problem can be eliminated by correcting the motion from angular
misalignment.

Motion from angular misalignment, parallel misalignment, shaft run-
out or whirl, and shaft end play have an effect on seal operation. Motion
from parallel misalignment is believed to aid the lubrication process.
Motion from other types of conditions will result in larger than normal
forces on a primary seal ring. This will lead to unstable operation for the
mechanical seal. The increase in load from angular misalignment can be
many times larger than the design load of the seal. This increase in load
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Figure 17-43. Extruded O-ring from high temperature and pressure.

Figure 17-44. Condition of O-ring subject to corrosion, abrasion, and shrinkage.
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Figure 17-45. Metal bellows welds, A. Typical wefd, B. Fatigue crack.

will result in additional fractional heat that will be detrimental to the lu-
bricating film at the seal faces.

The primary ring shown in Figure 17-46 is from a 5.375-inch seal op-
erating at a surface speed of 5000 fpm in water at 180°E The stuffing
box pressure was 150 psig. Misalignment of the seal faces resulted in
wear at only one anti-rotation notch. At this point of greatest friction in
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Figure 17-46. Damage to a carbon primary ring from angular misalignment.

the drive system, edge chipping has occurred at the seal face. This impact
type of failure occurred after two months of operation. The surface wavi-
ness of this part measured 2550 micro-inches through 360°. This is an
extremely large value of surface waviness for a sealing plane and would
account for a large volume of leakage. The surface profile of this part is
irregular, alternating from convex to concave at approximately every
90°, At the chipped edge, the profile surface is 350 micro-inches convex.
The maximum concave surface is 200 micro-inches. The secondary seal
has been severely damaged due to the motion transmitted to this seal
from the misalignment problem. High surface waviness and irregular
surface profile readings appear to be typical for seals subjected to impact
type of failure from misalignment. In cases where the misalignment is
very small, cracking and edge chipping of the carbon ring would not oc-
cur; however, uneven wear of the softer seal face materials would be ex-
perienced. An alignment problem on this application was corrected to
achieve long seal life.

Leakage past the seal faces may be the result of distortion, heat check-
ing, environmental causes, and also equipment motion. Leakage past the
seal faces due to distortion can be the result of the pressure in the seal
cavity, thermal effects from the environment and mechanical causes from
gland plate loading. Leakage from pressure is the result of deflection at
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the seal faces. At higher pressure, the seal faces may deflect in a positive
direction to the shaft centerline. As the seal is operated at higher pres-
sure, no leakage occurs. At lower pressure, however, the seal will begin
to leak because the wear pattern has changed and the seal faces are now
opening to the pressure at the outside diameter. This type of leakage from
coning or positive seal face rotation can be eliminated by upgrading seal
materials or the design of the seal rings.

Leakage due to thermal distortion is just the opposite to what is ob-
served when the seal faces deflect from pressure. Here, wear occurs at
the inside diameter of the seal face. The seal face continues to expand,
opening up to the liquid in the stuffing box. As the seal opens up at higher
temperatures, leakage increases and little or no contact is observed at the
outside diameter of the seal faces. This condition is corrected by increas-
ing the cooling to the seal faces. An illustration of damage from thermal
distortion is given in Figure 17-47. Damage to this cast iron mating ring
was eliminated by providing adequate flow to the seal faces.

Mechanical distortion may result from bolt loading from the gland
plate on the pump. Illustrations of mechanical distortion are shown in
Figures 17-48, 17-49, and 17-50. In Figure 17-48 a tungsten carbide
mating ring had been installed into a unit where the bolts had been over-
tightened. This changed the complete waviness pattern at the seal faces
and resulted in two high spots 180° apart. When this condition occurs,
the separation between the mating and primary rings can result in erosion
of the softer carbon primary ring. This erosion can take two forms. If the
unit is idle with pressure in the stuffing box and the shaft is not rotated,
wire drawing can occur across the seal face. This condition is shown in
Figure 17-49. In addition to wire drawing shown on the seal faces, ero-
sion of the outside carbon shoulder can be seen. Erosion of the carbon
can be eliminated by redirecting the seal flush to the side of the faces, and
where possible, an abrasive separator should be added to the seal flush
line.

Wire brushing of a seal face can occur when abrasives are present in
the stuffing box and the seal is operated with a mechanically distorted
mating ring, Figure 17-50. In both cases, erosion to the seal faces can be
eliminated by not overtightening the gland plate bolts or by supporting
the gland plate outside the bolt circle. Distortion can also occur when the
top and bottom halves of a split case pump are not properly lined up. In
this case, a review of the application should be made to determine if an
abrasive separator should be included in the seal flush line.

Heat checking of a seal face can occur in a pattern through 360° as
shown in Figure 17-51. When this condition occurs a few minutes after
startup, it would indicate that the seal was operated below its working
height or that the seal was operated without any flush to the seal cavity,
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Figure 17-47. Damage to a mating ring surface from thermal distortion.

Figure 17-48. A form of damage from mechanical distortion to a mating ring sur-
face.
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Figure 17-49. Damaged carbon primary ring showing wire drawing across the
seal face and erosion on exterior surfaces.

Figure 17-50. A carbon primary ring with surface damage referred to as wire
brushing.
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Figure 17-51. Heat checked mating ring surface damaged through 360°

This type of failure may also occur after a longer period of time in ser-
vice if the pump had developed excessive axial end play, causing the seal
to run solid. In this case, checks should be made to determine if the seal
had been properly set at its working height and had sufficient flow to the
seal cavity.

Partial heat checking of the sealing surface through an arc less than
180° opposite the flush inlet is the result of not properly distributing the
flow of coolant in the stuffing box. In this case, a circumferential groove
may be added to the gland plate at the outside diameter of the mating ring
or an additional inlet 180° from the existing inlet should be considered.
In this particular case, it would also be a good idea to check the square-
ness of the face of the stuffing box with the shaft to be sure the alignment
is correct and that the mating ring has not been pulled to one side when
installed.

Hot localized patches of material have been previously discussed in the
theory of operation for a mechanical seal. The development of a hot spot
is illustrated in Figure 17-52. When a seal operates in an unstable condi-
tion for a short period of time, the localized hot spot will appear to be
very small. The surface distress at the hot spot occurs because of rapid
heating in operation followed by rapid cooling due to the liquid at die seal
faces changing to a gas. When the liquid at the seal faces flashes or va-
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Figure 17-52. Small hot spot on a seal face.

porizes, the seal will open, cooling the spot which results in heat check-
ing of the surface. When removed from the equipment after running for a
short period of time, the deformed surface may measure between 5 to 10
micro-inches larger than the surrounding surface. In operation, however,
due to the developed heat at the hot spot, the deformed surface will ap-
pear to be larger than the lubricating film. If this seal is allowed to run
with this type of surface condition, the liquid being sealed will continue
to flash and vaporize. Carbonized debris from the liquid being sealed
and/or carbon wear particles from the seal faces will begin to build up on
exterior surfaces of the seal parts as illustrated in Figure 17-53. The
flashing or vaporization of the liquid being sealed may be heard above
the normal equipment sounds as a spitting or sputtering sound that may
occur every few seconds to several minutes. This type of condition indi-
cates abnormal wear occurring from the damaged mating ring. If a seal is
believed to be operating in an unstable condition, it may be checked for
sound as well as for the amount of carbonized debris on the exterior sur-
faces of the gland plate. Eliminating hot patches of thermally distressed
material from instability can be achieved through increased cooling di-
rect to the seal faces. If this is not possible, then the seal manufacturer
should be contacted to determine whether or not hydropads could be in-
corporated into the seal design. Thermal distressed or heat checked seal
faces commonly occur when a seal is run in liquids that are exceptionally
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Figure 17-53. Condition of external seal parts at stuffing box. (A) Unstable oper-
ation with surface disturbance, (B) Stable operation without any surface distur-
bance.

poor lubricants. In this case, it is also a good idea to check for mechani-
cal distortion as well.

Mechanical seals are applied to an infinite number of environmental
conditions. Some of the liquids to be sealed are extremely poor lubricants
for the seal faces and can result in severe wear problems. Figure 17-54
illustrates the faces of an inboard double seal from an agitator. The mate-
rial of construction for both the primary and mating rings is tungsten car-
bide. This is the result of running in a liquid with a very low viscosity.
The seal lubricant in this case was a silicone oil. The seal life was 11
months. During that time the primary ring wore into the mating ring by
as much as 0.125 inch. This type of wear condition was overcome by
replacing the lubricant in the seal chamber. In this case, water was se-
lected as the replacement liquid. The result was a substantial increase in
seal life.

Normally, in poor lubricating medias, the liquid to be sealed cannot
develop a sufficient film to separate both the primary and mating rings.
Figure 17-55 illustrates the results of running a silicon carbide primary
ring against a tungsten carbide mating ring in a liquid with poor lubricat-
ing qualities. The tungsten carbide heat checked and the silicon carbide
wore approximately 0.030 inch into the tungsten carbide. The liquid
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Figure 17-54. Wear of hard seal faces from an environment with poor lubricant.

sealed was ethane at 1200 psig and 3600 rpm. These hard seal faces of-
fered no additional lubricant from the materials of construction. This
problem was solved by using a mechanical grade of carbon with hydro-
pads running against a tungsten carbide mating ring.

Poor lubrication can also be a problem on higher temperature applica-
tions. Figure 17-56 illustrates the results of operating a metal bellows
seal on or near its atmospheric boiling point. Note the large amount of
wear on the tungsten carbide surfaces. This also resulted in seal face vi-
bration being transferred to the bellows, causing a leak at that point. This
problem was corrected by lowering the temperature in the stuffing box to
50° below the liquid's atmospheric boiling point. Another solution is to
consider the possible use of double opposed metal bellows seals with a
good lubricant between the seals. Double seals, when properly applied,
can last 2¥2 times longer than single seals on high temperature applica-
tions.

Corrosion of seal parts can be a serious problem that will appear over a
longer period of time. Corrosion may not be isolated to just one struc-
tural part of the seal, but may be common to all parts of the assembly.
Carbon materials can become gray, appear to be porous, and lose their
hardness. Metals such as tungsten carbide, as shown in Figure 17-57, can
have their binder etched out. In this case, once the corrosion covers the
entire seal face, leakage occurs. Material selection should be made care-
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Figure 17-55. Wear of hard faces in light hydrocarbon service at high pressure
and high speed.

Figure 17-56. Wear of hard seal faces at high temperature.
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Figure 17-57. Corrosion of a mating ring surface exposed to the product being
sealed,

fully. Most seal manufacturers have a wealth of information on materials
for various services and should be contacted for their recommendations
on the best materials to be used.

Finally, when a seal has been properly selected and installed, it will
result in years of trouble-free operation. The seal shown in Figure 17-58
has been in service for 220,000 hours or just over 25 years. This 3-inch
seal was used to seal gasoline, fuel oil, and occasionally, propane. Nor-
mal operating pressure and temperature were 800 psig and 60 °F. The
shaft speed was 3560 rpm. The condition of the carbon primary ring ex-
hibits virtually no adverse wear of the sealing face or at the drive
notches, which represent the drive system on this seal. V\fear at the carbon
seal face is only 0.032 inches for this period of time. The mating ring
appears to be in good condition after running for this length of time. It is
reported that this seal had not been leaking even though some minor heat
checking had occurred. The seal aged in service; the O-ring hardness in-
creased from 70 to 90 durometer. This would eventually lead to a loss of
flexibility for the seal head.

A checklist for identifying causes of seal leakage is found in Table
17-6. Many other references on causes of seal leakage are available from
seal manufacturers. One such source is found in Identifying Causes of
Seal Leakage, Chart and Bulletin S-2031, available from John Crane Inc.
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Figure 17-58. Three-inch diameter seal after approximately 220,000 hours of
service in petroleum product,

Table 17-6
Checklist for Identifying Causes for Seal Leakage

SYMPTOM

SEAL SPITS AND
SPUTTERS ("FACE
POPPING"} IN
OPERATION

SEAL DRIPS
STEADILY

POSSIBLE CAUSES

SEAL FLUID VAPORIZING

0 FACES NOT FLAT

0 CARBON GRAPHITE FACES
BLISTERED

O SEAL FACES THERMALLY
DISTORTED

CORRECTIVE PROCEDURES

0 INCREASE COOLING OF SEAL FACES

0 ADD BY-PASS FLUSH LINE IF NOT IN
USE

0 ENLARGE BY-PASS FLUSH LINE AND/OR
ORIFICES IN GLANO PLATE

0 CHECK WITH SEAL MANUFACTURER FOR
PROPER SEAL BALANCE

0 CHECK SEAL MANUFACTURER FOR
ADDED COOLING BY USING
HYDROPADS

0 CHECK FOR INCORRECT INSTALLATION
DIMENSION

0 CHECK FOR IMPROPER MATERIALS OR
SEAL DESIGN FOR APPLICATION

0 IMPROVE COOLING FLUSH LINES

0 CHECK FOR GLAND PLATE DISTORTION
DUE TO OVER TOROUING GLANO BOLTS

0 CHECK GLANO GASKET FOR PROPER
COMPRESSION

0 CLEAN OUT FOREIGN PARTICLES
BETWEEN SEAL FACES i RELAP FACES

0 CHECK FOR CRACKS AND CHIPS AT SEAL
FACESs REPLACE IF NECESSARY

(table continued on next page)
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Table 17-6 Continued
Checklist for Identifying Causes for Seal Leakage

SYMPTOM

SEAL DRIPS
STEADILY

SEAL SQUEALS
OWING OPERATION

CARBON OUST
ACCUMULATES ON
OUTSIDE OF GLAND
PLATE

SEAL LEAKS

SHORT SEAL LIFE

POSSIBLE CAUSES

0 SECONDARY SEALS NICKED
OR SCRATCHED DURING
INSTALLATION

0 Q-RINGS OVERAGED

0 SECONDARY SEALS HARD
AND BRITTLE FROM
COMPRESSION SET

0 SECONDARY SEALS SOFT AND
STICKY FROM CHCMCIAL
ATTACK

0 SPRING FAILURE

0 HARDWARE DAMAGED BY
EROSION

0 DRIVE MECHANISMS
CORRODED

0 AMOUNT OF LIQUID
INADEQUATE TO LUBRICATE
SEAL FACES

0 AMOUNT OF LIQUID
INADEQUATE TO LUBRICATE
SEAL FACES

O LIQUID FILM EVAPORATING
BETWEEN SEAL FACES

0 NOTHING APPEARS TO BE
WRONG

0 ABRASIVE FLUID

0 ABRASIVE MATERIALS
BUILDING UP AT
ATMOSPHERIC SIDE OF SEAL

0 SEAL RUNNING TOO HOT

0 EOUIPMENT MECHANICALLY
OUT-OF-LINE

CORRECTIVE PROCEDURES

0 REPLACE SECONDARY SEALS

0 CHECK FOR PROPER LEAD IN CHAMFER i
REMOVE ANY BURRS

0 CHECK FOR PROPER SEALS WITH SEAL
MANUFACTURER

0 CHECK WITH SEAL MANUFACTURER FOR
OTHER MATERIALS

0 REPLACE PARTS

0 CHECK WITH SEAL MANUFACTURER FOR
OTHER MATERIALS

0 ADO BY -PASS FLUSH LINE

0 ENLARGE BY -PASS LI 1C ANO/OR
ORIFICES IN GLAND PLATE

0 ADO BY-PASS FLUSH LINE

0 ENLARGE BY -PASS FLUSH LINE ANO/OR
ORIFICES IN GLAND PLATE

0 IF CHAMBER PRESSURE IS HIGH, CHECK
SEAL DESIGN WITH SEAL MANUFACTURER

0 REFER TO LIST UNDER 'SEAL DRIPS
STEADILY-

0 CHECK FOR SQUARENESS OF CHAMBER
FACE TO SHAFT

0 PROPERLY ALIGN SHAFT, IMPELLER.
GEARING ETC. TO PREVENT SHAFT
VIBRATION ANO/OR DISTORTION AT
GLAND PLATE ANO MATING RING

0 PREVENT ABRASIVES FROM
ACCUMULATING AT SEAL FACES

0 ADO BY-PASS FLUSH LINE

0 USE ABRASIVE SEPARATOR

0 ADD A LIQUID OR STEAM QUENCH

0 INCREASE COOLING TO SEAL FACES

0 INCREASE BY-PASS FLUSH LINE FLOW

0 CHECK FOR OBSTRUCTED FLOW IN
COOLING LINES

0 ALIGN— CHECK FOR RUBBING OF SEAL
ON SHAFT
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by Fred R. Szenasi*
Engineering Dynamics incorporated

Introduction

Although a certain amount of noise is to be expected from centrifugal
pumps and their drivers, unusually high noise levels (in excess of 100
dB) or particularly high frequencies (whine or squeal) can be an early
indicator of potential mechanical failures or vibration problems in cen-
trifugal pumps. The purpose of this chapter is to concentrate on the
mechanisms that may produce noise as a by-product; however, reduction
of the noise, perse, is not the main concern. The main point of interest of
this chapter is to study the mechanisms and their effect on the reliability
of the pump system. Methods will be presented to reduce the vibration
(and noise) or eliminate the basic causes by modifying the pump or pip-
ing system.

The occurrence of significant noise levels indicates that sufficient en-
ergy exists to be a potential cause of vibrations and possible damage to
the pump or piping. Defining the source and cause of noise is the first
step in determining whether noise is normal or whether problems may
exist. Noise in pumping systems can be generated by the mechanical mo-
tion of pump components and by the liquid motion in the pump and pip-
ing systems. Noise from internal mechanical and liquid sources can be
transmitted to the environment.

Effective diagnosis and treatment of noise sources to control pump
noise require a knowledge of the liquid and mechanical noise-generation

* The author wishes to acknowledge the contributions by the engineering staff of Engineering Dynamics
Inc., who performed many of the analyses and field tests.
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mechanisms and common noise conduction paths by which noise can be
transmitted. If noise itself is the major concern, it can be controlled by
acoustic enclosures or other treatment [1, 2|.

Sources of Pump Noise

Mechanical Noise Sources

Common mechanical sources that may produce noise include vibrating
pump components or surfaces because of the pressure variations that are
generated in the liquid or air. Impeller or seal rubs, defective or damaged
bearings, vibrating pipe walls, and unbalanced rotors are examples of
mechanical sources.

In centrifugal machines, improper installation of couplings often
causes mechanical noise at twice pump speed (misalignment). If pump
speed is near or passes through the lateral critical speed, noise can be
generated by high vibrations resulting from imbalance or by the rubbing
of bearings, seals, or impellers. If rubbing occurs, it may be character-
ized by a high-pitched squeal. Windage noises may be generated by mo-
tor fans, shaft keys, and coupling bolts. Damaged rolling element bear-
ings produce high-frequency noise [3] related to the bearing geometry
and speed,

Liquid Noise Sources

These are pressure fluctuations produced directly by liquid motion.
Liquid noise can be produced by vortex formation in high-velocity flow
(turbulence), pulsations, cavitation, flashing, water hammer, flow sepa-
ration, and impeller interaction with the pump cutwater. The resulting
pressure pulsations and flow modulations may produce either a discrete
or broad-band frequency component. If the generated frequencies excite
any part of the structure including the piping or the pump into mechani-
cal vibration, then noise may be radiated into the environment. Four
types of pulsation sources occur commonly in centrifugal pumps [2]:

• Discrete-frequency components generated by the pump impeller such
as vane passing frequency and multiples.

• Flow-induced pulsation caused by turbulence such as flow past restric-
tions and side branches in the piping system.

• Broad-band turbulent energy resulting from high flow velocities.
• Intermittent bursts of broad-band energy caused by cavitation, flash-

ing., and water hammer.
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A variety of secondary flow patterns [4] that produce pressure fluctua-
tions are possible in centrifugal pumps, as shown in Figure 18-1, particu-
larly for operation at off-design flow. The numbers shown in the flow
stream are the locations of the following flow mechanisms:

!. Stall
2. Recirculation (secondary flow)
3. Circulation
4. Leakage
5. Unsteady flow fluctuations
6. Wake (vortices)
7. Turbulence
8. Cavitation

Causes of Vibrations

Causes of vibrations are of major concern because of the damage to the
pump and piping that generally results from excessive vibrations. Vibra-
tions in pumps may be a result of improper installation or maintenance,

Figure 18-1. Secondary flow around pump impeller off-design flow EPRi Re-
search Project 1266-18, Report CS-1445 [4].
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incorrect application, hydraulic interaction with the piping system, or de-
sign and manufacturing flaws. Some of the common causes of excessive
vibrations and failures are [5]:

Installation/Maintenance

Unbalance
Shaft-to-shaft misalignment
Seal rubs
Case distortion caused by piping loads
Piping dynamic response (supports and restraints)
Support structural response (foundation)
Anchor bolts/grout
Improper assembly

Application

Operating off of design point
Improper speed/flow
Inadequate NPSH
Entrained air

Hydraulic

Interaction of pump (head-flow curve) with piping resonances
Hydraulic instabilities
Acoustic resonances (pressure pulsations)
Water hammer
Flow distribution problems
Recirculation
Cavitation
Flow induced excitation (turbulence)
High flow velocity

Design/Manufacturing

Lateral critical speeds
Torsional critical speeds
Improper bearings or seals
Rotor instability
Shaft misalignment in journals
Impeller resonances
Bearing housing/pedestal resonances
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Many of these causes are a result of an interaction of the pump (or its
driver) with the fluid or the structure (including piping). This interactive
relationship requires that the complete system be evaluated rather than
investigating individual components when problems occur. Although
prototype pumps or a new design may run the gambit of these problems,
standard design or "off-the-shelf" pumps are not immune, particularly to
system problems.

Installation/Maintenance Effects

Unbalance. Unbalance of a rotating shaft can cause large transverse vi-
brations at certain speeds, known as critical speeds, that coincide with
the lateral natural frequencies of the shaft. Lateral vibration due to unbal-
ance is probably the most common cause of downtime and failures in
centrifugal pumps. Damage due to unbalance response may range from
seal or bearing wipes to catastrophic failures of the rotor. Excessive un-
balance can result from rotor bow, unbalanced couplings, thermal distor-
tion, or loose parts. All too often, field balancing is required even after
careful shop balancing has been performed.

Although a pump rotor may be adequately balanced at startup, after a
period of operation the pump rotor may become unbalanced by erosion,
corrosion, or wear. Unbalance could also be caused by non-uniform plat-
ing of the pumped product onto the impeller. In this instance, cleaning the
impeller could restore the balance. Erosion of the impeller by cavitation
or chemical reaction with the product may cause permanent unbalance
requiring replacement of the impeller. Wear of the impeller or shaft
caused by rubs will require the repair or replacement of the damaged
component. Another cause of unbalance can occur if lubricated couplings
have an uneven build-up of grease or sludge.

Assembly or manufacturing procedures may cause a new pump rotor
to be unbalanced because of slight manufacturing imperfections or toler-
ance build-up resulting in the center of mass of the rotor not being exactly
at the center of rotation. Forging or casting procedures can produce local
variations in the density of the metal due to inclusions or voids. On large
cast impellers, the bore for the shaft may not be exactly centered with the
casting geometry. Stacking a rotor can result in thermal distortions of the
shaft or impellers that can result in a cocked impeller. Nonsymmetries of
just a few mils caused by these manufacturing or assembly methods can
result in significant forces generated by a high speed rotor. Most of these
nonsymmetries can be compensated for by balancing the rotor,

Misalignment. Angular misalignment between two shafts connected
with a flexible coupling introduces an additional driving force that can



Vibration and Noise in Pumps 427

produce torsional or lateral vibrations. The forces in a typical industrial
coupling are similar to those in a universal joint (Figure 18-2). When a
small angular misalignment occurs, the velocity ratio across the joint is
not constant. If one shaft speed is assumed constant, then the other shaft
has a faster rotational rate [6] for part of the revolution and a slower rota-
tional rate for part of the revolution. This variation of rotating speed re-
sults in a second harmonic (twice shaft speed) vibrational component.

Figure 18-2. Effects of angular misalignment in shaft couplings.
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Piping and Structure. The pump should be relatively isolated from the
piping. The weight and thermal loading on the suction and discharge con-
nections should be minimized. The American Petroleum Institute (API)
Standard 610 [7] specifies allowable external nozzle forces and mo-
ments. Most pump manufacturers specify allowable weight and thermal
toads transferred from the pipe to the pump case. Static forces from the
piping may misalign the pump from its driver, or for excessive loading,
the pump case may become distorted and cause rubs or seal and bearing
damage. Thermal flexibility analyses of the piping should be performed
to evaluate piping loads and to design the necessary supports and re-
straints to minimize the transfer of piping loads to the operating equip-
ment.

Vibrations of the piping or the support structure can be mechanically
transferred to the pump. The piping and the structure should not have
their resonant frequencies coincident with any of the pump excitations
such as vane passing frequency or multiples. The vibrations transferred
from the pipe to the structure can be minimized by using a visco-elastic
material (i.e., belting material) between the pipe and the pipe clamp.

Application

The initial stage of pump system design should include the task of de-
fining the range of operating conditions for pressure, flow, temperatures,
and the fluid properties. The vendors can provide the correct pump ge-
ometry for these design conditions. Expected variations in operating con-
ditions and fluid composition, if a significant percentage, may influence
the design.

Improper application or changing conditions can result in a variety of
problems. Operation at high-flow, low-head conditions can cause vibra-
tions of the rotor and case. Inadequate NPSH can result in cavitation that
will cause noise and vibration of varying degrees.

Bearings. General purpose, small horsepower pumps in process plants
generally have rolling element bearings. Noise and vibrations are com-
monly a result of bearing wear. As the rolling elements or races wear, the
worn surfaces or defects initially produce a noise and as wear increases
vibrations may become noticeable. Several vibrational frequencies may
occur that depend on the geometry of the bearing components and their
relative rotational speeds [3], The frequencies are generally above oper-
ating speed.

Many ball bearing failures [8] are due to contaminants in the lubricant
that have found their way into the bearing after the machine has been
placed in operation. Common contaminants include moisture, dirt, and
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other miscellaneous particles which, when trapped inside the bearing,
may cause wear or permanently indent the balls and raceways under the
tremendous stresses generated by the operating load.

Special purpose pumps and large boiler feed pumps commonly have oil
film (hydrodynamic) bearings. The hydrodynamic bearing is superior to
rolling element bearings for high speed or high load application. The hy-
drodynamic bearing supports the rotor on a film of oil as it rotates. The
geometry of the hydrodynamic bearing and the oil properties play an im-
portant role in controlling the lateral critical speeds and consequently the
vibrational characteristics of the purnp.

Seals. The fluid dynamics of flow through seals have a dramatic effect
on rotordynamics [9]. Hydrodynamic forces involved may contribute to
the stabilization of rotating machinery or make it unstable. Seals with
large axial flow in the turbulent range, such as in feed water pumps, tend
to produce large stiffness and damping coefficients that are beneficial to
rotor vibrations and stability. Wear of the seals will increase the clearance
and cause greater leakage and possibly change the rotordynamic charac-
teristics of the seal resulting in increased vibrations.

Hydraulic Effects

Hydraulic effects and pulsations can result in almost any frequency of
vibration of the pump or piping from once per revolution up to the vane
passing frequency and its harmonics. Frequencies below running speed
can be caused by acoustical resonances. Generally, these effects are due
to the impeller passing the discharge diffuser or some other discontinuity
in the case. Any nonsymmetry of the internals of the pump may produce
an uneven pressure distribution that can result in forces applied to the
rotor.

Transients. Starting and stopping pumps with the attendant opening and
closing of valves is a major cause of severe transients in piping systems.
The resulting pressure surge, referred to as water hammer, can apply a
sudden impact force to the pump, its internals, and the piping. Severe
water hammer has caused cracks in concrete structures to which the pipe
was anchored.

Rapid closure of conventional valves used in feedwater lines can cause
severe water hammer. Increasing the closure time of the valve can reduce
the severity of the surge pressure. Analytical methods are available to
evaluate the severity of water hammer in a particular piping configura-
tion for various closure rates [10].
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Cavitation and Flashing. For many liquid pump piping systems, it is
common to have some degree of flashing and cavitation associated with
the pump or with the pressure control valves in the piping system. High
flow rates produce more severe cavitation because of greater flow losses
through restrictions.

Cavitation produces high local pressures that may be transmitted di-
rectly to the pump or piping and may also be transmitted through the
fluid to other areas of the piping. Cavitation is one of the most commonly
occurring and damaging problems in liquid pump systems. The term
cavitation refers to the formation and subsequent collapse of vapor bub-
bles (or cavities) in a liquid caused by dynamic pressure variations near
the vapor pressure. Cavitation can produce noise, vibration, loss of head
and capacity as well as severe erosion of the impeller and casing sur-
faces.

Before the pressure of the liquid flowing through a centrifugal pump is
increased, the liquid may experience a pressure drop inside the pump
case. This is due in part to acceleration of the liquid into the eye of the
impeller and flow separation from the impeller inlet vanes. If flow is in
excess of design or the incident vane angle is incorrect, high-velocity,
low-pressure eddies may form. If the liquid pressure is reduced to the
vaporization pressure, the liquid will flash. Later in the flow path the
pressure will increase. The implosion which follows causes what is usu-
ally referred to as cavitation noise. The collapse of the vapor pockets,
usually on the nonpressure side of the impeller vanes, causes severe dam-
age (vane erosion) in addition to noise.

When a centrifugal pump is operated at flows away from the point of
best efficiency, noise is often heard around the pump casing. The magni-
tude and frequency of this noise may vary from pump to pump and are
dependent on the magnitude of the pump head being generated, the ratio
of NPSH required to NPSH available, and the amount by which actual
flow deviates from ideal flow. Noise is often generated when the vane
angles of the inlet guides, impeller, and diffuser are incorrect for the ac-
tual flow rate.

Cavitation can best be recognized by observing the complex wave or
dynamic pressure variation using an oscilloscope and a pressure trans-
ducer. The pressure waveform will be non-sinusoidal with sharp maxi-
mum peaks (spikes) and rounded minimum peaks occurring at vapor
pressure as shown in Figure 18-3. As the pressure drops, it cannot
produce a vacuum less than the vapor pressure.

Cavitation-like noise can also be heard at flows less than design, even
when available inlet NPSH is in excess of pump required NPSH, and this
has been a puzzling problem. An explanation offered by Fraser [11, 12]
suggests that noise of a very low, random frequency but very high inten-
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Figure 18-3. Cavitation effects on the dynamic pressure.

sity results from backflow at the impeller eye or at the impeller dis-
charge, or both. Every centrifugal pump has this recirculation under cer-
tain conditions of flow reduction. Operation in a recirculating condition
can be damaging to the pressure side of the inlet and/or discharge impel-
ler vanes (and also to casing vanes). Recirculation is evidenced by an in-
crease in loudness of a banging type, random noise, and an increase in
suction and/or discharge pressure pulsations as flow is decreased.

Sound levels measured at the casing of an 8000 hp pump and near the
suction piping during cavitation [2] are shown in Figure 18-4. The cavita-
tion produced a wide-band shock that excited many frequencies; how-
ever, in this case, the vane passing frequency (number of impeller vanes
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Figure 18-4. Noise spectra of cavitation in centrifugal pump.

times revolutions per second) and multiples of it predominated. Cavita
tion noise of this type usually produces very high frequency noise, best
described as "crackling."

Flashing is particularly common in hot water systems (feedwater pump
systems) when the hot, pressurized water experiences a decrease in pres-
sure through a restriction (i.e., flow control valve). This reduction of
pressure allows the liquid to suddenly vaporize, or flash, which results in
a noise similar to cavitation. To avoid flashing after a restriction, suffi-
cient back pressure should be provided. Alternately, the restriction could
be located at the end of the line so that the flashing energy can dissipate
into a larger volume.

Flow Turbulence. Pump generated dynamic pressure sources include
turbulence (vortices or wakes) produced in the clearance space between
impeller vane tips and the stationary diffuser or volute lips. Dynamic
pressure fluctuations or pulsations produced in this manner can cause im-
peller vibrations or can result in shaft vibrations as the pressure pulses
impinge on the impeller.

Flow past an obstruction or restriction in the piping may produce tur-
bulence or flow-induced pulsations [2]. These pulsations may produce
both noise and vibration over a wide-frequency band. The frequencies
are related to the flow velocity and geometry of the obstruction. These
pulsations may cause a resonant interaction with other parts of the acous-
tic piping system.

Most of these unstable flow patterns are produced by shearing at the
boundary between a high-velocity and low-velocity region in a fluid
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field. Typical examples of this type of turbulence include flow around
obstructions or past deadwater regions (i.e., a closed bypass line) or by
bi-directional flow. The shearing action produces vortices, or eddies that
are converted to pressure perturbations at the pipe wall that may result in
localized vibration excitation of the piping or pump components. The
acoustic natural response modes of the piping system and the location of
the turbulence has a strong influence on the frequency and amplitude of
this vortex shedding. Experimental measurements have shown that vor-
tex flow is more severe when a system acoustic resonance coincides with
the generation frequency of the source. The vortices produce broad-band
turbulent energy centered around a frequency that can be determined
with a dimensionless Strouhal number (Sn) from 0.2 to 0.5, where

where f = vortex frequency, Hz
Sn = Strouhal number, dimensionless (0.2 to 0.5)
V = flow velocity in the pipe, ft/sec
D = a characteristic dimension of the obstruction, ft

For flow past tubes, D is the tube diameter, and for excitation by flow
past a branch pipe, D is the inside diameter of the branch pipe. The basic
Strouhal equation is further defined in Table 18-1, items 2A and 2B. As
an example, flow at 100 ft/sec past a 6-inch diameter stub line would
produce broad-band turbulence at frequencies from 40 to 100 Hz. If the
stub were acoustically resonant to a frequency in that range, large pulsa-
tion amplitudes could result.

Pressure regulators or flow control valves may produce noise associ-
ated with both turbulence and flow separation. These valves, when oper-
ating with a severe pressure drop, have high-flow velocities which gener-
ate significant turbulence. Although the generated noise spectrum is very
broad-band, it is characteristically centered around a frequency corre-
sponding to a Strouhal number of approximately 0.2.

Pulsations. Pumping systems produce dynamic pressure variations or
pulsations through normal pumping action. Common sources of pulsa-
tions occur from mechanisms within the pump. The pulsation amplitudes
in a centrifugal pump are generated by the turbulent energy that depends
upon the clearance space between impeller vane tips and the stationary
diffuser or volute lips, the installed clearances of seal, wear rings and the
symmetry of the pump rotor and case. Because these dimensions are not
accurately known, predicting the pulsation amplitudes is difficult. Even
identical pumps often have different pressure pulsation amplitudes.
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Table 18-1
Pulsation Sources

Generation Mechanism Excitation Frequencies

1. Centrifugal / = *£
Compressors & Pumps

/ = sg* B = Number of Blades

/ = asf. v = Number of Volutes
or Diffuser Vanes

2. Flow Excited
A. Flow through / = Sjj S = Strouhal Number

Restrictions = .2 to .5
01 Across V = Flow Velocity, ft/sec
Obstructions D = Restriction

diameter, ft

B. Flow Past Stubs / = Sg S = .2 to .5

C. Flow Turbulence / = 0 - 30 Hz
Due to Quasi (Typically)
Steady Flow

D. Cavitation and Broad Band
Flashing

Even with the pump operating at its best efficiency point and proper
conditions (NPSH, etc.) pulsations may be generated by high-flow veloc-
ities and turbulence at the vane tips or at the cutwater. As operating con-
ditions deviate from the design conditions, more sources may come into
play such as cavitation, recirculation, flow instabilities, etc.

These pulsations can interact with the hydraulic or acoustic natural fre-
quencies of the piping system to amplify the pulsation. Acoustic natural
frequencies in piping systems are a function of the fluid properties, the
piping, and pump geometry. The acoustic interaction can be compared to
the action of an organ pipe resonance where turbulence produced at the
lip is amplified into an audible tone. Similarly, pulsations from the pump
are amplified into pressure pulsations that react at elbows, restrictions,
closed valves, and piping size changes to cause dynamic shaking forces.
This conversion of hydraulic energy into mechanical forces can result in
vibrations of the pump, piping, and their support structure.

In the design stage, the acoustical natural frequencies of piping sys-
tems can be calculated using either digital [13] or analog [14] modeling
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procedures. As an example, a model of a piping system analyzed by a
digital acoustic analysis technique is given in Figure 18-5. The system
was for chemical service with three pumps (3000 gpm, 250 psi, 3600
rpm) each 50% capacity (one spare). The predicted frequency response
in the pump system at selected locations is given in Figure 18-6. The nat-
ural frequencies of the energy in the piping system can be compared to
discrete frequencies generated by the pump (i.e., vane passing frequency,
etc). It can immediately be seen that these 3600 rpm pumps (A and B
operating) with a six-vane impeller could cause severe pulsations in the
piping system because its vane passing frequency (6 x 60 rps) matches
an acoustic response at 360 Hz. Based on the acoustic analysis, a seven-
vane impeller should be used that would have its vane passing frequency
at 420 Hz (7 x 60 rps) which has minimal response.

While in the design stage, changing the pump impeller for this system
was a simple solution; however, the primary use of this acoustic analysis
technique is to evaluate alternate piping configurations when the pump
cannot be readily changed as in existing installations. Modifications to
the piping system (i.e., lengths, routing) can be easily simulated to evalu-
ate the effectiveness in attenuating a particular response mode.

Figure 18-5. Simulation of centrifugal pump piping system.
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The mechanical natural frequencies of the piping spans should not oc-
cur in the same range as the acoustic response frequencies. The analysis
aids in determining the allowable frequency range that can be used to es-
tablish the proper design of the piping supports and span lengths to mini-
mize the potential for exciting a piping resonance, lite acoustic analysis
can be used to redesign the piping to modify the frequency response and
particular acoustic modes that may be predominant.

Acoustic Resonance. When a dynamic pressure pulse propagates down
a pipe and reaches a restriction or pipe size change (flow area), the pulse
is reflected [13, 15]. As the series of pressure pulses continue to be re-
flected, a standing wave is generated; that is, at a point in the pipe, the
pressure periodically rises above and drops below the average line pres-
sure (simple harmonic variation). The super-position of an incident pulse
and a reflected pulse, being the sum of two pulses traveling in opposite
directions, produce the standing wave.

If the timing (phasing) of a reflected pulse matches a new pulse, the
two pulses will add, or amplify. The timing of the pulses are dependent

Figure 18-0. Passive acoustic response of piping system.
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upon the pump speed (frequency) and pipe length (distance traveled) and
the physical properties of the fluid.

The acoustic velocity, a function of the fluid density and bulk modulus,
is an important factor in determining the resonant frequency of a pipe
length. The API has published a comprehensive handbook for the physi-
cal properties of hydrocarbon gasses and liquids [16]. Calculation proce-
dures for the acoustic velocity of water and other common liquids are
presented in the Appendix at the end of this chapter.

A resonant condition [17] exists when the standing wave amplitude is
reinforced so that the actual maximum dynamic pressure (pulsation) am-
plitude is substantially greater than the induced pulsation. Thus at fre-
quencies (pump speeds) corresponding to resonance, there would be con-
siderably higher amplitude levels generated from the same amount of
energy than for frequencies off resonance.

If the wave frequencies are such that the incident and reflected waves
are additive, the pulsations are amplified. If no damping is present, the
pressure amplitudes at the anti-nodes would, theoretically, go to infinity.
Actual piping systems have acoustic damping as a result of:

• Viscous fluid action (intermolecular shearing).
• Transmission, i.e., lack of total reflection, at a line termination,
• Piping resistance, i.e., pipe roughness, restrictions, orifices.

Therefore, damping of acoustic modes may be accomplished by place-
ment of resistance elements, such as an orifice, that will work most effec-
tively at velocity maxima.

Length Resonances in Distributed Acoustic Systems. The concepts of
acoustic waves, reflections, and resonance can be applied to describe
some of the classical length resonances [13].

The length resonances of certain piping elements are described in
terms of a foil-wave length. The acoustic wave length is the distance re-
quired for a complete cycle of dynamic pressure reversal. The wave
length is related to the driving frequency and the acoustic velocity or
speed of sound:

where X = wave length, ft/cycle
c = acoustic velocity, ft/sec
f = driving frequency, Hz
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Half-Wave Resonance (Open-Open and Closed-Closed)

The first three modes for an open-open pipe are shown in Figure 18-7.
Resonances may also occur at integer multiples of the half-wave fre-
quency. For a closed-closed pipe, the formula also applies since both ele-
ments have a standing wave that is one-half of a sine wave even though
the peaks occur at different locations. The pressure mode shapes of the
first three modes are also shown for the open-closed configuration. The
length should be corrected for entrance and exit effects (add approxi-
mately 80% of the pipe inside diameter) to calculate the half-wave reso-
nance of open-open configurations. The end correction factor becomes
very important in short pipes.

Quarter-Wave Resonance (Open-Closed)

The first three modes for an open-closed pipe, commonly referred to as
a "quarter-wave stub" are depicted in Figure 18-7. The stub has its reso-
nant frequencies at odd integer multiples of the fundamental quarter-
wave frequency. Examples of a quarter-wave stub include a bypass line
with a closed valve or a test connection with a pressure gauge.

A quarter-wave resonance can cause erroneous measurements [13]
when obtaining dynamic pressure data. A typical test connection, de-
picted in Figure 18-8, with a short nipple and valve connected to a main
line is an acoustical quarter-wave stub. This length can tune up to pulsa-
tions in the main line and cause the needle on a pressure gauge to wobble
or indicate severe pressure variations that do not actually exist in the
main line. Similarly, the data from a dynamic pressure transducer can be
misinterpreted.

Figure 18-7. Acoustic resonances of piping elements.
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Figure 18-8. Erroneous pressure measurement caused by stub resonance.

For example, an installation where the speed of sound was 4500 ft/sec
and the transducer was mounted one foot from the inside surface, the stub
(quarter-wave) frequency would be 1125 Hz. A fictitious pressure pulsa-
tion component will be measured at this frequency and also at 3X, 5X,
7X, etc. The pulsation exists in the stub; however, it may not be present
in the main pipe. If this stub frequency is close to the vane or blade pass-
ing frequency, the measured amplitude at the stub frequency will not be
valid because it would be amplified by the acoustical resonance. The
acoustical amplification factor can be as high as 200. To measure high-
frequency pulsations, the transducer should be mounted flush to the in-
side surface of the pipe.

Measurements of peak-to-peak pulsations on an oscilloscope are often
suspect. If the transducer signal frequency spectrum is analyzed and the
quarter-wave resonance identified, then credible results can be obtained.
An electronic filter may be used to eliminate the undesired frequency.

Coincidence of Driving Acoustic Frequencies and Length Reso-
nances. The existence of quarter or half-wave natural frequencies alone
does not constitute resonances. For resonance to occur, a dynamic pulse
must be generated at a frequency equal to an acoustical natural fre-
quency. The build-up in amplitude occurs because a reflected wave ar-
rives at the proper time to reinforce the wave generated at the pump. The
arrival of the reflected wave is dependent upon the path length of the pip-
ing elements. Therefore, the standing wave pattern amplitude is rein-
forced so that the actual maximum pulsating wave amplitude is substan-
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tially greater than the induced level. Multiples of the resonant modes can
be excited; however, the multiple wave length resonances generally de-
crease in severity at the higher multiples because more acoustic energy is
required to drive the higher frequency modes.

The acoustic resonances of piping systems for constant-speed pumps
can usually be adjusted to detune them from the pump operating speed
and vane-passing frequencies and avoid pulsation amplification. How-
ever, if the pump is operated over a speed range, the frequency band of
the excitations is widened, requiring more careful placement of acoustic
resonances.

Actual piping systems are more complex than the simple quarter-wave
and half-wave elements. A typical piping system with tees, flow control
valves (restrictions) pipe size changes, vessels, etc., will have a compli-
cated pattern of pressure pulse reflection patterns (standing waves).
Some of the standing waves may be amplified and others, attenuated.
Each of the standing waves will have a particular acoustic length pertain-
ing to a pipe segment between two end conditions. Calculations of the
acoustic resonances of a complex piping system require the use of com-
puter codes to consider the acoustic interaction between the pump and its
piping system,

Instabilities. Hydraulic instabilities [14] can be a result of the dynamic
interaction of a centrifugal pump (particularly the head-flow characteris-
tics) and the acoustic response of the piping system. A centrifugal pump
operating at constant speed in a piping system may amplify or attenuate
pressure disturbances that pass through the pump. The action of the
pump in causing amplification or attenuation of this energy is quite com-
plex, but basically is dependent upon:

• The head curve slope and operating point
« System flow damping (in the piping)
» The existence of strong reactive resonances in the piping, particularly

if they coincide with vortex frequencies
• The location of the pump in the standing wave field (i.e., at a velocity

maximum rather than a pressure maximum)
» The compressibility (bulk modulus) of the liquid

Pulsations can be amplified by the piping system and cause a variety of
problems such as damage to pump internals, torsional reactions, cavita-
tion, vibrations at elbows, valves, or other restrictions. The amplitude of
the pulsation is dependent upon operating conditions such as speed, flow
rate, and losses (pressure drop) as well as fluid properties and acoustic
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natural frequencies. Consequently, pulsation amplitudes are usually af-
fected by changes in the operating conditions or fluid composition.

Pulsations are commonly initiated by flow turbulence at changes in
flow cross section, at restrictions (orifices, valves, etc.) or at the pump
impeller. When the frequency of this turbulent energy excites one of the
acoustic resonances of the piping system, and if the pump is situated near
a velocity maximum in the resonant piping system, then high amplitude,
self-sustaining pulsations can result. Pulsations can be minimized by
moving the pump to a velocity minimum, but often a new pulsation fre-
quency will be generated such that the pump is again situated near a ve-
locity maximum for a higher mode oscillation. With proper care and de-
tailed analysis of the relative strength of the various pulsation resonance
modes of the piping, piping designs can be developed to avoid these
strong resonances. Controlling piping stub lengths (i.e., in by-pass pip-
ing) so that their quarter-wave stub resonances are far removed from the
Strouhal excitation frequencies, will also help in minimizing the potential
for resonant pulsations.

This type of instability is more probable at low flows because acoustic
damping that is generated by flow friction effects is greater at higher
flow rates.

Design/Manufacturing

Dynamic response of the pump components to normal exciting forces
within its operating frequency range can result in problems from exces-
sive maintenance to catastrophic failure. Improper manufacture or as-
sembly can cause unbalance resulting in damaging vibrations if the speed
approaches natural frequencies of the rotor system. A rotordynamic audit
[18] of the pump rotor design is crucial in avoiding speed-related vibra-
tions.

The following section discusses the factors that are important in con-
trolling the rotordynamic responses of a centrifugal pump.

Rotordynamic Analysis

A lateral critical speed is defined by API [7] as the speed at which a
peak vibrational response occurs. At the critical speed, the rotor is more
sensitive to unbalance than at any other speed. The critical speeds of a
pump should be avoided to maintain acceptable vibration amplitudes.
This section discusses the techniques involved in calculating the lateral
critical speeds of centrifugal pumps.
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Lateral Critical Speed Analysis

Pump rotordynamics are dependent on a greater number of design vari-
ables than are many other types of rotating equipment. Besides the jour-
nal bearing and shaft characteristics, the dynamic characteristics of the
seals and the impeller-stationary lip interaction can have significant ef-
fects on the critical speed location, rotor unbalance sensitivity, and rotor
stability [9, 19]. In this context, a seal is an element having a liquid film
within a tight clearance. The liquid film has dynamic characteristics simi-
lar to a bearing. There are a variety of seal configurations including
floating ring seals, grooved seals, and others. Several seal geometries
will be discussed.

For modeling purposes, seals can be treated as bearings in the sense
that direct and cross-coupled stiffness and damping properties can be cal-
culated based on the seal's hydrostatic and hydrodynamic properties [20],
Seal clearances, geometry, pressure drop, fluid properties, inlet swirl,
surface roughness, and shaft speed are all important in these calcula-
tions. The high pressure liquid being pumped also flows (or leaks)
through the small annular spaces (clearances) separating the impellers
under different pressures, such as wear rings and interstage bushings,
and creates a hydrodynamic bearing effect that transforms the pump rotor
from a two-bearing system to a multi-bearing system. The additional
stiffness generated by the pumped liquid as it lubricates these internal
bearings (seals, etc.) is referred to as the "Lomakin effect" [21].

The Lomakin stiffness effect minimizes the shaft deflections when the
pump is running, and in some cases, the Lomakin effect can be of suffi-
cient magnitude to prevent the critical speed of the rotor from ever being
coincident with the synchronous speed. Since the pressure drop across
seals increases approximately with the square of the pump speed, the seal
stiffness also increases with the square of the speed.

The amount of support derived from the seals as bearings depends
upon (a) the pressure differential, and therefore disappears completely
when the pump is at rest, and (b) the clearance that increases significantly
as the sealing surfaces wear. Consequently, contact between the rotor and
stationary parts may take place each time the pump is started or stopped.
In consideration of these facts, the rotordynamic analyses should include
the effects of worn seals (loose clearances) as well as new seals (tight
clearances).

Analytical techniques [22, 23, 24] have been developed whereby the
seal geometry can be specified and the characteristics calculated for spe-
cific assumptions with regard to inlet swirl, groove design, etc. A series
of grooved seal designs used in commercial pumps has been tested to ver-
ify the adequacy of the techniques.
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A thorough lateral critical speed analysis is essential for developing a
reliable, trouble-free pump system. The design audit [18] should include
the following calculations:

• Critical speed map
• Undamped natural frequencies and mode shapes
• Bearing stiffness and damping properties
• Seal stiffness and damping properties
• Rotor response to unbalance
• Pedestal and foundation effects on response
• Rotor stability

The first step in performing a lateral critical speed analysis is to model
the shaft with sufficient detail and number of masses to accurately simu-
late the rotor responses through its speed range. An accurate shaft draw-
ing giving the dimensions, weights, and centers of gravity of all added
masses is needed to develop the model. Generally, each significant shaft
diameter change is represented by one or more stations. A station is gen-
erally located at each added mass or inertia, at each bearing and seal lo-
cation, and at each potential unbalance location. A typical rotor shaft
drawing and the computer model is given in Figure 18-9.

Rotating elements such as impellers are modeled as added masses and
inertias at the appropriate locations on the shaft. The polar and transverse
mass moments of inertia are included in the analyses to simulate the
gyroscopic effects on the rotor. The gyroscopic effects are particularly
significant on overhung rotors where the impeller produces a restoring
moment when whirling in a deflected position.

Couplings are simulated as concentrated added weights and inertias.
Normally half the coupling weight is placed at the center of gravity of the
half coupling. When necessary, the entire train, including the driver and
driven equipment, can be modeled by utilizing programs that can simu-
late the shear loading and moment transfer across the coupling. Once the
shaft model is completed, the critical speed map can be calculated,

Critical Speed Map. The critical speed map is a logarithmic plot of the
undamped lateral critical speeds versus the combined support stiffness,
consisting of the bearing and support structure as springs in series. The
critical speed map provides the information needed to understand the ba-
sic response behavior of rotors; therefore, it is important to understand
how the map is developed [25].

For large values of support stiffness, the rotor critical speeds are called
the rigid bearing critical speeds. If the bearing stiffness is infinity, the
vibrations are zero at the bearings, and the first natural frequency for
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Figure 18-9. Typical shaft drawing and computer model.

shafts that do not have overhung impellers is analogous to a simply sup-
ported beam.

A critical speed map, normalized to the first rigid bearing critical
speed is given in Figure 18-10 to illustrate the ratios of the various criti-
cal® for low and high support stiffness values and to illustrate the mode
shapes that the rotor will have at different bearing and support stiffness
values. For the rigid bearing critical speeds, the mode shape for the first
mode would be a half-sine wave (one loop), the second critical speed
would be a two-loop mode and would occur at a frequency of four times
the first mode critical, the third critical speed would be a three-loop
mode and would be nine times the first critical, etc. For most rotors, the
bearing stiffnesses are less than rigid and the second critical will be less
than four times (typically two-three times) the first critical.

For low values of support stiffness (shaft stiffness is large compared to
support stiffness), the first critical speed is a function of the total rotor
weight and the sum of the two support spring stiffnesses. For an ideal
long slender beam, the second mode is similar to the rocking of a shaft on
two springs and is equal to 1.73 times the first critical speed. Since both
the first and second modes are a function of the support stiffness, the
slope of the frequency lines for the first and second critical speeds versus
support stiffness is proportional to the square root of the stiffness for low
values of support stiffness compared to the shaft stiffness.

For a support stiffness of zero, the third and fourth modes would be
analogous to the first and second free-free modes of a beam. For an ideal
uniform beam, the ratio of the frequencies for these modes compared to
the first critical speed for rigid bearings is 2.27 and 6.25.

To aid in the discussion, an example of the critical speed analysis [9] of
an eight-stage pump will be presented. The critical speed map for the
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Figure 18-10. Normalized critical speed map.

"dry rotor" model (without the hydrodynamic effect of the seals) is
shown in Figure 18-11. The first four undamped lateral critical speeds
are plotted versus bearing support stiffness. Horizontal and vertical jour-
nal bearing stiffness curves (Kxx and Kyy) for both minimum and maxi-
mum assembled clearances are plotted to define the range of critical
speeds. Intersections between the bearing stiffness curves and the mode
curves represent undamped critical speeds (circled in Figure 18-11).
Note that the "Mode 1" curve is fairly flat in the region where the inter-
sections occur. The first two lateral mode shapes were calculated for a
nominal bearing stiffness of 500,000 Ib/in. and are shown in Figures 18-
12 and 18-13. The dry rotor undamped natural frequencies as predicted
by the critical speed map for the first, second, and third modes were
1710, 6650, and 8830 cpm, respectively.

Bearing Stiffness and Damping. The dynamic stiffness and damping
coefficients of bearings [26] can be adequately simulated using eight lin-
ear coefficients (Kxx, Kyy, Kxy, Kyx, Cxx, Cyy, Cxy, Cyx) as shown in
Figure 18-14. This information along with the lubricant minimum film
thickness, flow, power loss, and temperature rise at operating conditions
is needed to evaluate the bearing design. The bearing stiffness and damp-
ing coefficients are calculated as functions of the bearing type, length,
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Figure 18-11. Eight-stage pump critical speed map—no seats.

Figure 18-12. Eight-stage pump—first mode response—no seals.
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Figure 18-13. Eight-stage pump—second mode response—no seals.

Figure 18-14. Hydrodynamic bearing stiffness and damping coefficients.
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diameter, viscosity, load, speed, clearance, and the Sommerfeld number
that is defined as:

l*. = lubricant viscosity, Ib-sec/in.
N = rotor speed, rev/sec
D = bearing diameter, in.
L = bearing length, in.
R = bearing radius, in.

W = bearing load, Ibs
C = radial machined clearance, in,

The normal procedure in a design audit would be to calculate the bear-
ing characteristics for the range of expected clearances, preload, and oil
temperatures. The maximum clearance, minimum preload, and highest
oil temperature usually define the minimum stiffness. The other extreme
is obtained from the minimum clearance, maximum preload, and the
coldest oil temperature. This will typically define the range of expected
stiffness and damping coefficients for the bearings.

Preload is a configuration of the bearing clearances to promote a con-
verging wedge of oil that increases the oil pressure and consequently the
bearing stiffnesses. A preloaded bearing has its radius of curvature
greater than the shaft radius plus the clearance.

Seal Effects

The critical speed map for a eight-stage pump, including the effects of
seal and bearing stiffness, is given in Figure 18-15. Even though the
bearings and seals add considerable cross-coupling and damping, it is
still desirable to generate an undamped critical speed map to establish the
range of the undamped (dry) critical speeds.

Adequate experimental data exists that documents that the analytical
procedures used for simulating rotor response and stability for compres-
sors and turbines can accurately predict critical speeds and potential in-
stabilities from the design information. This is not true for pumps, espe-
cially for pumps that use grooved seals, labyrinth seals, or screw type
seals with several leads. The accurate prediction of the stiffness and
damping properties of seals for different geometries and operating condi-
tions is a subject of on-going research [22, 27, 28]. The basic theories
presented by Black [29] have been modified to account for finite length
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Figure 18-15. Eight-stage pump critical speed map—seals included.

seals, inlet swirl, groove, and other important parameters. However, a
universally accepted procedure to accurately predict seal properties is not
available for all the seal types that are in use today. If the seal effects are
not correctly modeled, calculated critical speeds can be significantly dif-
ferent from actual critical speeds.

The forces in annular pressure seals can have a significant effect on the
vibration characteristics of a pump rotor. The hydrodynamic and hydro-
static forces involved can significantly affect unbalanced response char-
acteristics. The fluid film interaction with the shaft and the pressure drop
across the seal give rise to a load capacity and a set of dynamic stiffness
and damping coefficients similar to those used to represent the oil film in
journal bearings.

Unlike hydrodynamic bearings, seals develop significant direct stiff-
ness in the centered, zero-eccentricity position due to the distribution of
the axial pressure drop between the inlet losses and an axial pressure gra-
dient due to friction losses. The cross-coupled stiffnesses arise due to
fluid rotation (swirl) within the seal. As a fluid element proceeds axially
along an annular seal, shear forces at the rotor accelerate or decelerate
the fluid tangentially until an asymptotic value is reached. For a seal with
the same directionally homogeneous surface-roughness treatment on the
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rotor and the housing, the average asymptotic tangential velocity is Rw/2,
where R is the seal radius and w is the rotor running speed. The cross-
coupled stiffness coefficient (K) acts in opposition to the direct damping
coefficient (C) to destabilize rotors. Hence, steps that can be taken to re-
duce the net fluid rotation within a seal will improve rotor stability [30]
by reducing K.

Childs has defined the dynamic seal coefficients for plain short seals
directly from Hirs' lubrication equations [27] and has included the influ-
ence of fluid inertia terms and inlet swirl. His assumptions are less re-
strictive than previous derivations. The derived coefficients are in rea-
sonable agreement with prior results of Black and Jenssen.

ChiJds [28] has extended the analysis to include finite-length seals.
This analysis includes variable inlet swirl conditions (different from Ro>/
2) and considers variations in the axial and circumferential Reynolds
numbers due to changes in clearances.

A combined analytical-computational method has also been developed
by Childs [28] to calculate the transient pressure field and dynamic coef-
ficients for interstage and neck ring seals of multistage centrifugal
pumps. The solution procedure applies to constant-clearance or conver-
gent-tapered geometries that may have different surface-roughness treat-
ments of the stator or rotor seal elements. The method has been applied to
the calculation of "damper" seals as described by von Pragenau [31] and
several roughened stator designs, such as knurled-indentation, diamond-
grid post pattern, and round-hole pattern, have been tested. These proce-
dures can be used to calculate serrated or grooved seals of various
geometries,

Critical Spued Map—Considering Seals. The seal configurations at the
balance piston, neck ring, and interstage bushings of the eight-stage
pump are shown in Figure 18-16. The critical speed map (Figure 18-15)
includes the support stiffnesses of the neck ring seals and interstage bush-
ings combined at each impeller. The seal stiffness and damping coeffi-
cients are listed in Table 18-2 for nominal clearances. Note that a nega-
tive principal stiffness (K) value is predicted for the balance piston.

For this analysis the pump rotor was analyzed as if it had 11 bearings
consisting of two tilted-pad bearings, the balance piston, and eight seals
located at the impellers. For the purposes of developing the critical speed
map, the seal stiffness values were held constant at their maximum levels
(minimum clearances) that represent new seals.

The lateral mode shape of the first critical speed including these seal
effects is shown in Figure 18-17. A bearing stiffness value of 500,000 lb/
in. was again used for the mode shape calculations. Comparing Figure
18-17 with Figure 18-12, it is seen that the seals increase the frequency of
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Figure 18-16. Eight-stage pump seat geometries and fluid properties.

Table 18-2
Summary of Seal Coefficients

Stiffness Damping

Principal Cross-Coupled Principal Cross-Coupled
Seal Type K-lb/in K-lb/in C-lb sec/in C-lb sec/in

Neck-Ring 13,400 4900 23 0
Int-Stg Bush -8 370 3 0
Balance Piston -271,000 627,000 25,000 3000

the first mode without altering the mode shape significantly. For an as-
sumed bearing stiffness of 500,000 lb/in., the first, second, and third
critical speeds from Figure 18-15 are 2570, 7120, and 8830 cpm.

Evaluation of Critical Speed Calculations. To summarize, in the evalu-
ation of the adequacy of the rotor from the critical speed map and the
mode shapes, the following items should be examined [18]:

• The proximity of the critical speed to running speed or speed range,
The undamped lateral critical speeds should not coincide with the run-
ning speed. Various codes [7] address the allowable margin between
lateral critical speeds and exciting frequencies. To determine if the ac-
tual critical speed will cause excessive vibrations, a rotor response to
unbalance analysis should be performed.
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Figure 18-17. Eight-stage pump—first mode response—seals included.

• The location of the critical speed relative to the support stiffness. If the
critical speed is near the rigid bearing criticals (flexible shaft region),
increasing the bearing stiffness will not increase the critical speed be-
cause the weaker spring controls the resonant frequency. Vibration am-
plitudes may be low at the bearings (first mode), and therefore, low
damping will be available. This can contribute to rotordynamic instabi-
lities that will be discussed later. If the critical speeds are in the area of
low support stiffness (stiff shaft region), the critical speeds are strongly
dependent upon the bearing stiffness and damping characteristics and
the critical speeds will be dependent upon bearing clearance. Bearing
wear could be a significant problem.
• The mode shape of the critical speed. The mode shapes are used to
assess the response of the rotor to potential unbalances. For example, a
rotor that has a conical whirl mode (second critical) would be sensitive
to coupling unbalance, but not strongly influenced by rnidspan unbal-
ance.
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Response To Unbalance

The location of a pump critical speed is defined by its response to un-
balance. It is important to recognize the difference between critical
speeds excited by unbalance and damped eigenvalues that are frequently
also called critical speeds [32]. Generally, the effect of damping is to
raise the frequency of the critical speed response due to unbalance; how-
ever, the effect of damping on the damped eigen values is to lower the
frequency. The damped eigenvalues are primarily used for evaluating the
stability of the rotor system. For compressors and turbines with tilting
pad bearings, the damped eigenvalues are usually comparable to the un-
balanced response criticals. However, in a pump with a large number of
seals, the added damping to the system can be considerable, resulting in
large differences in the unbalanced response critical speeds and the
damped eigenvalues.

Rotor unbalance response calculations are the key analysis in the de-
sign stage for determining if a pump rotor will be acceptable from a dy-
namics standpoint. An accurate prediction of rotor unbalanced response
is difficult for centrifugal pumps because of the sensitivity to bearing and
seal clearances that may be at the tight or loose end of the tolerance
range.

Computer programs are available that can calculate the elliptical shaft
orbit at any location along the length of a rotor for various types of bear-
ings, pedestal stiffnesses, pedestal masses, seals, labyrinths, unbalance
combinations, etc. These programs can be used to determine the response
of the installed rotor to unbalance and accurately predict the critical
speeds over the entire range of variables. The actual critical speed loca-
tions as determined from response peaks caused by unbalance are
strongly influenced by the following factors [33]:

• bearing direct stiffness and damping values

• bearing cross-coupled stiffness and damping values

» location of the unbalance

• location of measurement point

• bearing support flexibility

The normal unbalance used in the analysis would produce a force equal
to 10% of the rotor weight at operating speed. Usually the rotor response
to unbalance calculations are independently made for midspan unbal-
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ance, coupling unbalance, and moment unbalance. An unbalance equal to
a force of 5 % of the rotor weight is usually applied at the coupling to
excite the rotor. For moment unbalance, an unbalance equal to 5 % of the
rotor weight is used at the coupling and another equal unbalance is used
out-of-phase on the impeller furthest from the coupling.

The unbalance response of a pump should be analyzed for several cases
to bracket the expected range of critical speeds. The first analysis should
include minimum seal and bearing clearances that represent the maxi-
mum expected support stiffness and therefore, the highest critical speed.
The second analysis should consider the maximum bearing clearances
and seal clearances of twice the design clearance to simulate the pump
condition after long periods of service. The third analysis should simu-
late the worn condition with no seal effects and maximum bearing clear-
ances that represent the overall minimum expected support stiffness for
the rotor (lowest critical speed).

The unbalanced response of the eight -stage pump with maximum bear-
ing clearances and no seals is shown in Figure 18*18. The peak response
at 1700 rpm was the minimum calculated critical speed. The unbalance
was applied at the rotor midspan to excite the first mode. The response
for the intermediate analysis (worn seals) is plotted in Figure 18-19. The
worn seals increased the predicted response peak to approximately 1800
cpni. With minimum clearances at the bearings and seals, the response
was lower and the frequency increased to 2200 cpm, as shown in Figure
18-20 (note scale changes).

Shop acceptance test data was available for the eight-stage pump which
was analyzed. The calculated unbalanced response is compared with the
measured vibration data from the test stand in Figure 18-21. For these
calculations, maximum bearing clearance and the design values of seal
clearance were used. Based on these results, Quids' finite length method
[28] provides favorable results compared with measured data. The
"shape" of the response curve using Childs' seal values compares
closely with the measured results, indicating that the damping contribu-
tion of the seals is of the right magnitude.

The anticipated range of rotor response should be calculated with the
range of bearing values and various combinations of unbalance. This is
important because it is not possible in the design stage to know the exact
installed configuration with regard to bearings (clearance, preload) and
balance (location of unbalance). Usually a mechanical test will be limited
to one configuration (clearance, preload, unbalance) that may not show
any problem. Changes introduced later by spare parts during mainte-
nance turnarounds may change sensitive dimensions that may result in a
higher response. For this reason, the vibration characteristics of some
satisfactorily operating machines may change after an overhaul.
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Figure 18-18. Unbalance response at outboard bearing with API unbalance at
midspan—-no seals.

Figure 18-19. Unbalance response at outboard bearing with API unbalance at
midspan—maximum clearance seals.
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Figure 18-20. Unbalance response at outboard bearing with API unbalance at
midspan—minimum clearance seals.

Figure 18-21. Comparison of calculated and measured response with seals.
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Acceptable Unbalance Levels

Various engineering organizations have set forth criteria for allowable
residual unbalance. The Acoustical Society of America defines balance
quality grades for various types of rotors as described in Table 18-3.
Pumps may have a range of balance quality grade from G2.5 to G6.3
depending upon size. The ASA Standard 2-1975 defines maximum resid-
ual unbalance [34] that is dependent upon speed as shown in Figure 18-
22. For example, a 3,600 rpm pump with a rotor weight of 1,000 Ibs for
balance grade G2.5 would have an allowable residual unbalance of 4.5
in.-oz.

The revised API-610 (seventh edition, 1989) specifies an allowable re-
sidual unbalance for centrifugal pumps. The maximum allowable resid-
ual unbalance per plane (journal) may be calculated by the following for-
mula:

where Ub = allowable unbalance, inch-ounces
W = journal static weight load, Ibs

Nmc = maximum continuous speed, rpm

The total allowable unbalance (two planes near the journals) for a
3,600 rpm pump with a 1,000 Ib rotor would be 1.1 in.-oz. This calcu-
lated residual unbalance from the current edition of the API code is sig-
nificantly less than the allowable unbalance from earlier editions of the
API codes for speeds less than 10,000 rpm. The previous edition of API-
610 simply specified dynamic balance for all major rotating components
with no specific value for an allowable unbalance. The various balance
criteria are compared in Figure 18-23 for a 1,000 Ib rotor.

Allowable Vibration Criteria

It is difficult to define the absolute maximum vibration level that can be
tolerated without damage to the rotor. Some allowable vibration criteria
are based on bearing housing vibrations. With rolling element bearings,
the ratio of shaft vibrations to case vibrations is close to unity. The API-
610 [7] specifies that the unfiltered vibration measured on the tearing
housing should not exceed a velocity of 0.30 ips (inches per second) nor
exceed a displacement of 2.5 mils peak-peak at rated speed and capacity
±10%.



Table 18-3
Balance Quality Grades for Various Groups of Representative

Rigid Rotors

Balance quality
grades swa>b

G (mm/sec) Rotor types—General examples
C 4 000 4 000 Crankshaft-drives* of rigidly mounted stow marine ditto! engines with uneven number of

cylinders.1*

G t HO 1 600 Crankshaft-drives of rigidly mounted large two-cycle engines.

6 630 630 Crankshaft-drives of rigidly mourned largt four-eyed engine*.

CranksHaf l-drivm of elastically mounted marine difMl engines.

G *SQ 250 Crankshefl-drives of rigidly mounted fast four-cylinder dieMl engines."

C tOO 100 Crankshafl-drlvei of f*t1 dietel engine! with six or more cylinders.*1

Complete engines (gasoline or ditMl) for tin. trucks, »nd locomotives,*

C 40 40 Car wheels. vvhe*l rim*, wheel sets, drive shafts
Cranksheft-drivei of •iMtically mounted fast four-cycle engines (gaioline or diesett with tix

or more cyllnderf,8

Crankshaft-drive* for enginei of can, trucks, end locomotives,

G '16 16 Drive thafti (propeller thiftt, cardan sh»(t>l whri ipeciai requirements.
Parts of crushing machinery,
Parn of agriculture! machinery. [
Individual component* of ertB'nai (gatoline or dietel) for cars, truekt, and locomotMt.
Crankshaft-drivei of engines with iix or more eylinderf under special requirements
Slurry or dradge pump impeller.

G 6.3 6,3 Parti or process plant machines.
Marine main turbini geert (merchant service).
Centrifuge drttmi.
Fani.
Assembled aircraft gat turbine rotort.
Fly wheel!
Pump impeileri.
Machine-toot and general machinery pans.
Normal electrical armatures.
Individual components of engines under special requirements.

G 25 !.'•> Get and (team turbines, including marina main turbines (merchant service).
Rigid turbo-generator roiori.

1 Rotors.
Turbo-compressor)
Machine-tool drivet.
Medium and large electrical armatures with special requirements.
Small electrical ermaturei.
Turbine-driven pumps.

G t 1 Tape recorder and phonograph (gramophone) drives.
Grino'ing-machine drives.
Small electrical armatures with special requirements.

G 0.4 0,4 Spindles. ditKs, and armatures at precision grinders.
Gyroscopei. ^^

" w = 2vn/60 ** n/10, ifn is measured in revolutions per minute and w in radians per second.
* In general, for rigid rotors with two correction planes, one-half of the recommended residual
unbalance is to be taken for each plane, these values apply usually for any two arbitrarily chosen
planes, but the state of unbalance may be improved upon at the bearings. (See Ses, 3.2 and 3.4.)
for disk-shaped rotors the full recommended value holds for one plane. (See Sec. 3.)
c A crankshaft-drive is an assembly which includes the crankshaft, a flywheel, clutch, pulley,
vibration damper, rotating portion of connecting rod, etc. (See Sec, 3.5.)
d For purposes of this Standard, slow diesel engines are those with a piston velocity of less than 9
m/sec; fast diesel engines are those with a piston velocity of greater than 9 m/sec.
' In complete engines, the rotor mass comprises the sum of all masses belonging to the
crankshaft-drive described in Note c above.
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Figure 18-22. Allowable residual unbalance for industrial machinery ASA Stan-
dard 2-1975 [34].

However, with oil film bearings, the clearance between the shaft and
bearings and the damping of the oil reduces the vibrational force trans-
mitted to the case. For rotors with oil film bearings, shaft vibrations are a
better indicator of unbalance conditions. The API-610 allowable vibra-
tions for pumps with sleeve bearings (oil film) are based on shaft vibra-
tion measured at rated speed and capacity. The API-610 specifies the al-
lowable unfiltered vibration shall not exceed a velocity of 0.40 ips nor
exceed a displacement of 2.0 mils peak-peak including shaft runout.

For critical installations, vibration monitoring equipment should in-
clude non-contacting proximity probes (vertical and horizontal) at each
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Figure 18-23. Comparison of residual unbalance criterion.

bearing. These vibrations should be continuously monitored with provi-
sion made for automatic alarm and shutdown capabilities to protect the
installation from damage.

For oil film bearings, the following guidelines for defining maximum
acceptable vibration levels are sometimes used when code allowables do
not apply. If the vibrations are less than one-fourth of the diametrical
bearing clearance, then the vibrations may be considered acceptable. Vi-
bration amplitudes (A, peak-to-peak) greater than one-half the diametri-
cal clearance (Ca) are unacceptable, and steps should be taken to reduce
them.
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As with most experience-based criteria, these allowable amplitudes are
based upon the synchronous vibration component only. Many manufac-
turers however, still assess acceptable vibrations on their equipment by
case or bearing housing vibrations. In plant preventative maintenance
programs, hand-held velocity pickups are commonly used to monitor vi-
brations,

Rotor Stability Analyses

Stability continues to be of major concern for rotors with hydrody-
namic bearings, especially for high pressure pumps [36, 37]. In high per-
formance pumps with vaned difftisers, large hydraulic forces can be ex-
erted on the rotor at partial loads. The close internal clearances of
pressure retaining seals create hybrid bearings that can produce a destabi-
lizing effect.

Rotor instability occurs when the rotor destabilizing forces are greater
than the rotor stabilizing forces. The destabilizing forces can be caused
by: the bearings, seals, rotor unbalance, friction in shrink fits, or by
loading effects such as inlet flow mismatching the impeller vane angle,
turbulence at impeller tips, pressure pulsations, and acoustical reso-
nances.

Instabilities in rotors can cause high vibrations with several different
characteristics. They generally can be classified as bearing-related and
self-excited. Oil whirl and half-speed whirl are bearing-related instabili-
ties and are caused by the cross-coupling from the bearing stiffness and
damping in fixed geometry bearings. Half-speed whirl will result in rotor
vibrations at approximately one-half of the running speed frequency. Oil
whirl describes a special type of subsynchronous vibration that tracks ap-
proximately half-speed up to the point where the speed is two times the
first critical. As the speed increases, the subsynchronous vibration will
remain near the first critical speed. These types of instabilities can gener-
ally be solved by changing the bearing design to a pressure dam, ellipti-
cal, offset-half bearing, or a tilting pad bearing.

Self-excited instability vibrations can occur on any rotor, including
those with tilted pad bearings. The vibrations will usually occur near the
rotor first critical speed or may track running speed at some fractional
speed. These types of instability vibrations are sometimes called self-ex-
cited vibrations because the motion of the rotor creates the forcing mech-
anism that causes the instability.

The predominant method used in performing a stability analysis [38] is
to calculate the damped (complex) eigenvalues and logarithmic decre-
ment (log dec) of the rotor system including the bearings and seals. The
log dec is a measure of the damping capability of the system to reduce
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vibrations by absorbing some of the vibrational energy. A positive log
dec indicates that a rotor system can damp the vibrations and remain sta-
ble, whereas a negative log dec indicates that the vibration may actually
increase and become unstable. Experience has shown that due to uncer-
tainties in the calculations, the calculated log dec should be greater than
+ 0.3 to ensure stability. The damped eigenvalue and log dec are some-

times plotted in a synchronous stability map. The frequency of damped
eigenvalues is generally near the shaft critical speeds; however, in some
heavily damped rotors it can be significantly different from the unbal-
anced response.

Rotor stability programs are available that can model the rotor stability
for most of the destabilizing mechanisms; however, some of the mecha-
nisms that influence it are not clearly understood. It has been well docu-
mented that increased horsepower, speed, discharge pressure, and den-
sity can cause a decrease in the rotor stability. Many rotors that are stable
at low speed and low pressure become unstable at higher values. To pre-
dict the stability of a rotor at the design operating conditions, the rotor
system is modeled and the log dec is calculated as a function of aerody-
namic loading.

Torsional Critical Speed Analysis

All rotating shaft systems have torsional vibrations to some degree,
Operation on a torsional natural frequency can cause shaft failures with-
out noticeable noise or an obvious increase in the lateral vibrations. In
geared systems, however, gear noise may occur that can be a warning of
large torsional oscillations. Therefore, it is important to ensure that all
torsional natural frequencies are sufficiently removed from excitation
frequencies.

A torsional analysis should include the following:

* Calculation of the torsional natural frequencies and associated mode
shapes,

* Development of an interference diagram that shows the torsional natu-
ral frequencies and the excitation components as a function of speed.

* Calculation of the coupling torques to ensure that the coupling can han-
dle the dynamic loads.

* Calculation of shaft stresses, even if allowable margins are satisfied.
* Calculation of transient torsional stresses [39] and allowable number of

starts for synchronous motor drives.

Torsional natural frequencies are a function of the torsional mass iner-
tia and the torsional stiffness between the masses. The natural frequen-



Vibration and Noise in Pumps 463

cies and mode shapes are generally calculated by the Holzer method or
by eigenvalue-eigenvector procedures [401. Either of the methods can
give accurate results. A good design practice would be to locate the tor-
sional natural frequencies a minimum margin of 10% from all potential
excitation frequencies.

An example of the mass-elastic diagram of a torsional system of a
3,600 rpm motor-driven, six-stage pipeline pump is given in Figure 18-
24. The natural frequencies and mode shapes associated with the first
four natural frequencies are given in Figure 18-25. The mode shapes can
be used to determine the most influential springs and masses in the sys-
tem. This information is important if a resonance is found near the oper-
ating speed and system changes must be made to detune the frequencies.

Figure 18-24. Mass-elastic diagram of six-stage pump train.
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Parametric variations of the coupling stiffness should be made if changes
are necessary, because most torsional problems can be solved by cou-
pling changes.

An interference diagram for the six-stage pipeline pump is given in
Figure 18-26. In this system, excitation by several orders is possible as
the pump is started; however, operation at 3,600 rpm has an adequate
margin from the critical speeds. Once the system has been modeled and
the natural frequencies have been determined, potential forcing functions
should be identified. The forcing functions represent dynamic torques
applied at locations in the system that are likely to generate torque varia-

Figure 18-25. Torsional resonant mode shapes of six-stage pump train.
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Figure 18-26. interference diagram of torsiona! resonances of six-stage pump
train,

tions. Identification of all possible sources of dynamic energy is an im-
portant step in diagnosing an existing vibration problem or avoiding
problems at the design stage.

The most likely sources of dynamic torques include the following:

« Pumps, turbines, and compressors
• Motors (synchronous and induction)
• Couplings
• Gears
» Fluid interaction (pulsations)
• Load variations

The transient torques of a synchronous motor were measured during
startup (Figure 18-27) by attaching a strain gauge to the motor shaft and
obtaining the signal with an FM telemetry system. A synchronous motor
produces a pulsating torque [39] that varies from twice line frequency as
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Figure 18-27. Measured coupling torque during synchronous motor startup.

it starts to zero frequency when it is synchronized with the line at operat-
ing speed.

Reliability Criteria. The overall system reliability depends upon the loca-
tion of the torsional natural frequencies with regard to the potential exci-
tation frequencies. An interference diagram generated for each system
helps to identify coincidences between expected excitation frequencies
and torsional natural frequencies within the operating speed range.
Whenever practical, the coupling torsional stiffness and inertia proper-
ties should be selected to avoid any interferences within the desired speed
range. If resonances cannot be avoided, coupling selection can be opti-
mized based on torsional shaft stress calculations as well as location of
critical speeds.

When coupling changes are implemented that have different weights
than the vendor originally specified, the lateral critical speeds may be
affected. Generally, heavier couplings lower the lateral critical speeds,
while lighter couplings raise them. The lateral critical speeds should be
reviewed to evaluate the possibility of operating near a lateral response
that could result in high radial vibrations.

The acceptability of the torsional system is determined by comparison
to typical engineering criteria. Common criteria used for industrial ma-
chinery (API Standards) recommend separation of the torsional critical
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speed and the frequency of all driving energy by a margin of 10%. The
effect of the torque modulation on coupling life should be compared to
the manufacturer's vibratory torque criterion.

Allowable Torsional Stresses. For long-term reliability, torsional shaft
stresses should be compared to applicable criteria. The allowable shaft
stress values given by Military Standard 167 [41] are appropriate for
most rotating equipment. The Military Standard 167 defines an allowable
endurance limit stress of 4,000 psi zero-peak or 8,000 psi peak-peak,
based on 100,000 psi ultimate tensile strength shaft material. The general
equation for allowable zero-peak endurance limit is the ultimate tensile
strength divided by 25.

When comparing calculated stresses to allowable stress values, the ap-
propriate stress concentration factor and a safety factor must be used.
Generally a safety factor of 2 is used for fatigue analysis. The standard
key way (USA Standard ANSI B17.1) has a stress concentration factor of
3 142]. When these factors are used, it can be shown that fairly low levels
of torsional stress can cause failures. A typical torsional stress allowable
thus becomes the ultimate tensile strength divided by 150.

To evaluate the stresses at resonance, the expected torsional excitation
must be applied to the system. For systems with gear boxes, a torque
modulation of 1%, zero-peak is a representative torque value that has
proven to be appropriate for most industrial machinery trains. As a rule
of thumb, excitations at the higher orders for gears are inversely propor-
tional to the order numbers: the second order excitation is 0.5 %, the third
is 0.33%, etc.

The torque excitation should be applied at the appropriate location and
the torsional stresses calculated on the resonant frequencies and at the
running speed. An example of the stress calculations of the first natural
frequency resonance for the six-stage pump are given in Table 18-4. The
maximum stresses occurred at 2,946 rpm on startup as the second order
matched the first critical speed. The stresses at 3,600 rpm were low be-
cause there was a margin of approximately 17% from the nearest natural
frequency. The torque excitation at the second order would cause a maxi-
mum torsional stress of 395 psi peak-peak in shaft 11, which is the pump
input shaft between the coupling and the first stage impeller. The dy-
namic torque modulation across the couplings was calculated for the ap-
plied input modulation. For this mode, the maximum torsional vibrations
occur across the coupling and the dynamic torque modulation was 48 ft-
Ibs.
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Table 18-4
Six-Stage Centrifugal Pump

1750 HP, 3600 RPM
Gear Type Coupling

Dynamic Torques (1 Percent Zero-Peak) Applied at Motor
Maximum Resultant Torsional Stresses at 2945.62 RPM

Stress Stress
Shaft PSIP-P SCF PSIP-P

1 .99 2.00 1,98
2 2.47 2.00 4.93
3 3.87 2.00 7.74
4 5.21 2.00 10,41
5 6.51 2.00 13.02
6 7.82 2.00 15.65
7 9.16 2.00 18.32
8 10.52 2.00 21.03
9 130.49 3.00 391.47
10 DYNAMIC TORQUE VARIATION 4S.32*
11 131.77 3.00 395.30
12 72.65 2.00 145.30
13 59.57 2.00 119.13
14 45.51 2.00 91.03
15 30.84 2.00 61.68
16 15.31 2.00 30.63

* — Values are dynamic torque variation across coupling, ft-lbs

Variable Speed Drives

Systems that incorporate variable frequency drives [43] require addi-
tional considerations in the design stage over conventional constant speed
equipment. The wide speed range increases the likelihood that at some
operating speed a coincidence between a torsional natural frequency and
an expected excitation frequency will exist. In addition to the fundamen-
tal mechanical frequency (motor speed), excitation frequencies include
the fundamental electrical frequency (number of pole pairs times motor
speed) and the sixth and twelfth orders of electrical frequency [44]. The
variable frequency power supply introduces a pulsating torque with
strong sixth and twelfth order harmonics.
As an example, the same six-stage pump system (described in Figure 18-
24) was analyzed for a variable frequency drive motor. The dashed line in
Figure 18-26 represents the sixth harmonic speed line that shows that the
sixth order would excite the first torsional natural frequency at 982 rpm.
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Because of the strong sixth order electrical torques produced by the vari-
able frequency drive, the stresses (Table 18-5) are significantly greater
than the stresses for the same system with a constant speed motor (com-
pare with Table 18-4). Even though the natural frequencies of the rotor
system remain constant, the exciting torques are greater and occur at a
different speed.

It is dffficult to remove all coincidence of resonances with the excita-
tion sources over a wide speed range; therefore, stress calculations must
be made to evaluate the adequacy of the system response. The input shaft
stresses for the six-stage pump with a variable frequency drive are shown
in Figure 18-28. They are significantly different stresses than for the con-
stant speed motor. This example demonstrates that converting a constant
speed system (motor or turbine) to a variable frequency drive motor must
be considered carefully. Although the variable speed provides greater ef-
ficiency; adjustments may be required (i.e., proper choice of couplings)
to obtain acceptable torsional response.

Some variable speed systems use couplings with flexible elements to
increase the damping as critical speeds are passed. Several couplings in
common use have rubber elements to add damping that increases stiff-
ness with higher transmitted torque. Other couplings use flexible grids or
springs that again have an increased stiffness with load. These couplings
are sometimes necessary when several torsional frequencies occur within
the speed range. The torsional stiffness of these nonlinear couplings
changes with load (transmitted torque) and speed. This nonlinearity adds
complexity to the analysis. The pump load must be considered which also
varies as a function of speed squared.

Diagnosis of Pump Vibration Problems

Large plants that handle liquids (i.e., chemical plants) may have hun-
dreds or more small pumps, making it almost impossible to measure each
pump in detail on a regular basis. The cost of a detailed analysis with
several transducers, spectrum analyses, and the necessary study of the
data can quickly exceed the cost of repair or even replacement of some of
the small pumps. Only the pumps in a critical system, which could affect
production if a failure occurred, can afford the expense of a detailed
analysis or a permanent monitoring system. However, the hundreds of
small pumps need regular attention to keep plant efficiency (and flow
rates) from dropping.

An effective preventative maintenance program should periodically
measure and record the vibrations on each bearing of the pump and its
driver. Measurements with a hand-held velocity transducer or data col-
lector system are usually adequate to obtain periodic data to evaluate the
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Table 18-5
Six-Stage Centrifugal Pump

1750 HP, 3600 RPM Variable Frequency Drive Motor
Gear Type Coupling

Dynamic Tbrques (1 Percent Zero-Peak) Applied at Motor
Maximum Resultant Torsional Stresses at 981.87 RPM

Stress Stress
Shaft PSIP-P SCF PSIP-P

1 48.12 2.00 96.25
2 121.31 2.00 242.62
3 193.9? 2.00 387.93
4 265.92 2.00 531.84
5 336.94 2.00 673.89
6 406.63 2.00 813.26
7 474.66 2.00 949.32
8 540.76 2.00 1081.52
9 6676.68 3.00 20030,04
10 DYNAMIC TORQUE VARIATION 2489.59*
11 6822.28 3.00 20466.84
12 3763.91 2.00 7527.81
13 3087.43 2.00 6174.85
14 2359.91 2.00 4719.81
13 1599.41 2.00 3198.81
16 794.30 2.00 1588.60

* — l&lues are dynamic torque variation across coupling, ft-lbs

vibrational trend. If the vibrations show an increasing trend, the unit
should be monitored more frequently. Vibrational guidelines in common
usage can aid in determining the severity or extent of damage so that
maintenance can be scheduled. A vibrational velocity of less than 0.3 ips
(inches per second) is generally accepted as satisfactory operation for
pumps [7] and motors. Velocity levels above 0.3 ips are warnings of po-
tential problems. Velocity levels of 0.5 ips and above may be indicative
of significant damage to the bearings, seals, or rotor.

The basis of troubleshooting is obtaining test data on troublesome
pumps during normal operation and comparing the data to the purchase
specifications, vendor guarantees, or applicable vibration criteria. It is
crucial to the success of the troubleshooting effort to have adequate in-
strumentation on the pump system. In many cases, the instrumentation
can be temporarily added to obtain the required measurements.

Measurement Techniques

Typically pumps are installed with a minimum of vibration monitoring
equipment. Some pumps may have a velocity pickup on each bearing
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Figure 18-28. Pump shaft stress with variable frequency drive motor.

housing. These systems are satisfactory for pumps with rolling element
bearings, because the bearings transmit the rotor forces directly to the
case. However, additional instrumentation is often required to define dif-
ficult problems. For pumps with oil film bearings, it is desirable to have
two proximity probes 90° apart near each bearing and an axial probe.
Accelerometers and velocity probes attached to the bearing housings or
case are often used to measure pump vibration; however, if the proximity
probes are not installed, the data will be limited and may be a detriment
to the diagnosis of some types of problems. A pressure transducer is vital
to diagnostic work for measuring dynamic pulsations in the piping, im-
peller eye, diffuser, and across flow meters. Accurate flow measure-
ments are necessary to define the pump vibration characteristics as a
function of its location on the head-flow performance map.

Accelerometers or velocity transducers can be used to determine fre-
quencies and amplitudes of the pump case or support structure during
normal operation [45]. Two accelerometers and a dual channel oscillo-
scope displaying their complex vibration waveforms can be used to de-
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fine the phase relationship between the signals. By keeping one accelero-
meter stationary as a reference, subsequent moves of the other
accelerometer to measure amplitudes at various points on the structure
can define the mode shape. This method requires that the speed remain
constant while the measurements are being made. The speed should be
set at the resonant mode to be identified.

As a general technique, this type of measurement should be taken at the
resonant frequencies near the operating speed to define the components
that control die resonance. Measurements can also be made by using a
reference aecelerometer on the structure to trigger the data loading se-
quence of a real time analyzer to enable more accurate amplitude/phase
data to be taken. The reference signal may be from a key phase signal
that relates the vibrational maximum to the actual shaft position.

Amplitude/phase data for a feedwater pump (Figure 18-29) is tabulated
directly on the figure to aid in interpreting the mode shape. The vertical
vibrations at the pump centerline are plotted in Figure 18-29a. Although
the phase difference from the outboard and inboard ends was 165° (not
180°), the mode was characterized by a rocking motion about the pivotal
axis. The vertical vibrations on the pump inboard (Figure 18-29b) indi-
cate that the horizontal support beam was one of the main flexible ele-
ments,

Impact Tests

An impact test is a simple technique that can be used to excite reso-
nances of flexible substructures. A significant advantage of the method is
that mechanical natural frequencies can be measured while units are
down. Typical instrumentation includes an aecelerometer attached to the
head of a rubber-tipped hammer to measure the impact force and a sec-
ond aecelerometer used to measure the response of the test structure. In
modal analysis testing, the aecelerometer remains at one location and an
impact hammer is used to excite the structure at selected locations. The
response signal can be automatically divided by the impact signal using a
fast fourier transform (FFT) spectrum analyzer with transfer function
(XFR) capabilities.

For best results, the impact velocity should not be greatly different
from the vibrational velocity of the vibrating member. For example, the
lowest beam mode of a piping span can be excited with a rubber mallet
by applying the impact with a forceful, medium-speed swing. However, a
sharp rap with a steel-faced hammer could produce higher modes of
beam vibration or possibly a pipe shell wall resonance. These higher en-
ergy modes will be quickly damped and difficult to identify. Using modal



Vibration and Noise in Pumps 473

Figure 18-29. Pump vibrational mode shapes during operation.

analysis techniques, the input spectrum can be evaluated and the impact
can be adjusted to obtain the best results for the structure being tested.

In nonsymmetrical members or structures, a resonant mode has a pre-
ferred direction of motion. Impact testing should be approached on an
experimental basis by trying variations of impact velocity, direction, etc.
Numerous frequencies may occur that make the mode shapes difficult to
identify. Generally, the lower modes of vibration will be predominate.
The mode of vibration is strongly influenced by the following:
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« Direction of impact
» Interface material
• Impact velocity
» Contact time
* Impact location

The objective of the testing should be to identify structural resonant
frequencies that occur within the machinery operating frequency range.
In a complex system, there are many natural frequencies. Consequently,
it may be difficult to identify the individual natural frequencies because
the vibrations can be transmitted between the different elements (pump
rotor, case, and support structure). The impact technique is useful for
separating the structural natural frequencies because each element can be
impacted individually. Individual resonances can generally be identified
by analyzing the vibrational mode shapes and comparing the transfer
function amplitudes.

The transfer function amplitude is an indication of the relative stiffness
of a structure. For example, a rigid structure that is difficult to excite or
resonate would have a low amplitude transfer function (response/force).
A highly responsive structure would have a higher amplitude transfer
function because less force is required to obtain the response. This tech-
nique was used to determine the bearing housing resonance of a pump
that is described in the case histories that follow.

Various types of data presentation formats are in common use and are
described in the case histories. The data format is dependent upon the
type of instrumentation available; however, for convenience of compari-
son to criteria or specifications, some formats may be more convenient
than, others.

Troubleshooting

As examples of the types of diagnostic procedures that are used to iden-
tify the causes of some typical pump problems, several field case histo-
ries will be presented.

Bearing Housing Resonance of Feed Charge Pumps. High vibration
amplitudes and seal failures occurred on one of a pair of centrifugal
pumps that are the feed charge pumps for a cat feed hydro-treater plant.
The pumps were driven by electric motors at a speed of approximately
3,587 rpm (59.8 Hz). The pumps have five impellers; the first two im-
pellers have six vanes and the last three impellers have seven vanes.
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Vibration data recorded on both pumps indicated that the vibration lev-
els were significantly higher on the inboard bearing of Pump A. The
maximum vibration occurred at seven times running speed (418 Hz)
which is the vane passing frequency of the last three impellers.

The high vibration levels and seal failures on the inboard bearing of the
pump could be caused by several problems, including:

* Pulsation at the vane passing frequency that can increase the forces on
the impeller and shaft.

• Mechanical or structural natural frequencies that amplify the vibration
levels.

» Misalignment between the motor and the pump or internal misalign-
ment between the pump bearings.

A field test was performed to measure the vibrations and pulsations in
the system. The vibration amplitudes were considerably higher on the in-
board bearing of Pump A which experienced the seal failures. The vibra-
tion amplitude increased significantly between the case and the bearing
housing. This differential vibration could be the cause of the seal fail-
ures. The bearing housing vibrations of Pump A were primarily at seven
times running speed (418 Hz).

Vibration measurements were taken at four locations between the end
of the case and the end of the bearing to illustrate the vibration mode
shapes. The vibration amplitudes on the inboard bearing were considera-
bly higher near the end of the bearing housing compared to near the case.
The horizontal vibrational mode can be defined from the vibration spec-
tra at the four points shown in Figure 18-30. As shown, there was signifi-
cant differential motion between the case and the end of the flange and
across the bolted flange. The vibration amplitude on the bearing housing
was approximately 6 g peak-peak at 418 Hz (0.44 in./sec peak). Most
allowable vibration criteria would consider these amplitudes to be exces-
sive. However, the actual differential displacement was only 0.13 mils
peak-peak. The amplitudes at the outboard bearing were lower compared
to the amplitudes on the inboard bearing.

The discharge pulsation amplitudes were 12 psi at seven times running
speed and 3 psi at fourteen times running speed. The discharge pulsations
were higher on Pump B (without any seal failures), which indicated that
the pulsations were not the cause of the increased vibrations.

Impact Tests

Impact tests on the bearing housings indicated that the inboard bearing
housings were very responsive compared to the outboard bearing hous-
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Figure 18-30. Vibrationai response of inboard bearing housing.

ings. The transfer function (Figure 18-31) was plotted with a fell scale
amplitude equal to 0.4 (0.05 per major division on the graph paper).

The inboard bearing of Pump A had a major response at 420 Hz with a
transfer function amplitude of 0.24. This frequency was almost coinci-
dent with seven times running speed (418 Hz) which would amplify the
vibration levels at seven times running speed and appeared to be the pri-
mary cause of the high vibration at seven times running speed. The
flange bolts were tightened and the frequency increased to 430 Hz which
indicated that the response near 420 Hz was primarily associated with the
bearing housing and its attachment stiffness to the case.

A similar major response near 432 Hz occurred in the vertical direc-
tion. The transfer function amplitude was lower and the frequency was
higher than measured in the horizontal direction because the bearing was
slightly stiffer in the vertical direction compared to the horizontal direc-
tion. When the flange bolts were tightened, the response near 432 Hz
was increased to 440 Hz.

The outboard bearing was more massive and stiffer and not as respon-
sive as the inboard bearing. There were no major responses in the hori-
zontal direction near the excitation frequencies of interest. A vertical re-
sponse was measured near 580 Hz; however, because it was above the
frequencies of interest, it should not cause an increase in vibration on the
bearing housings.
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Figure 18-31. Structural natural frequency of inboard bearing housing.

Impact tests were performed on Pump B (no seal failures). The re-
sponses on the inboard bearing were 530 Hz in the horizontal direction
(Figure 18-31) and 600 Hz in the vertical direction. Although visually
the two pumps appeared to be identical, detailed measurements revealed
slight differences in the cross-sectional thickness and lengths of the in-
board support between the flange and the end of the cases. Apparently
these slight dimensional differences caused the mechanical natural fre-
quencies to vary considerably between the two pumps.

The obvious solution to the problem would be to replace the bearing
housing casting or modify the inboard bearing housing support of Pump
A. The mechanical natural frequency could be increased by stiffening the
support with gussets. For improved reliability, the mechanical natural
frequency should be increased approximately 10% above the primary ex-
citation frequency at seven times running speed.

Pump Critical Speed Problem [46]. A critical speed analysis was per-
formed on a centrifugal pump used as a jetting pump on a pipe laying
barge. The predicted unbalanced vibration response of the centrifogal
pump showing the effects of the seals is shown in Figure 18-32. Note that
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Figure 18-32. Predicted vibration of three-stage centrifugal pump showing ef-
fect of seals.

the seal effects shifted the critical speed from 1,800 to 3,700 rpm and
significantly increased the damping, which illustrates that the pump criti-
cal speed should be sensitive to seal stiffness effects. When the seals
were considered, the predicted amplitudes were reduced by a factor of
more than 10 to 1.

The vibrations on the pump were measured (Figure 18-33) using the
peak-store capabilities of a real-time analyzer. The vibrations were low
until the pump reached 3,300 rpm and then sharply increased to 6 mils
peak-peak at 3,600 rpm. The design speed was 3,600 rpm; however, the
pump could not run continuously at that speed. The pump speed was kept
below 3,400 rpm so that the vibrations were less than 2 mils peak-peak.
Even with the reduced pump speed, the pipe-laying barge was able to set
pipe-laying records.

After a year of operation, the pump vibrations began to increase until
the vibrations at 3,400 rpm were unacceptable. The pressure breakdown
bushing had worn which reduced its effective stiffness and the critical
speed had dropped to 3,400 rpm. It was recommended that the pump be
operated at a speed above the critical speed. This was tried and the pump
operated at 3,600 rpm with vibration levels less than 2 mils peak-peak.
The barge remained in service and reset the pipe-laying records during
the next season.

The data analysis technique used to determine this critical speed was to
use the peak-store capabilities of the real-time analyzer. An alternate
method would be to use a tracking filter to determine the critical speed
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Figure 18-33. Jetting pump measured vibrations.

response because both the amplitude and phase data could be made avail-
able. Although it is generally better to have both the Bode and Nyquist
plots, for this case they were not required to define the cause of the vibra-
tion plot,

High Vibrations of a Centrifugal Pump. Critical speed calculations
were performed on a three-stage centrifugal pump to determine if a criti-
cal speed existed near running speed. The mode shape calculations for
the first and second critical speeds are summarized in Figures 18-34 and
18-35. As discussed, the liquid seals can significantly affect the critical
speeds of a pump; however, for this rotor, the seals only increased the
critical speed by about 15%. This critical speed analysis considered a
shaft with two bearings and the eight seals, or ten sets of stiffness and
damping coefficients. Each of these coefficients varied as a function of
speed and was included in the unbalanced response analysis (Figure 18-
36). A comparison of predicted responses to measured test stand data is
given in Figure 18-37. The agreement with the measured data was con-
sidered good, indicating that the rotordynamic model of the rotor and the
bearing and seal clearances was acceptable.

A data acquisition system with a tracking filter was used to plot the
amplitude and phase angle versus speed (Bode Plot). The lack of a signif-
icant phase shift through the critical speed could not be explained without
a more detailed analysis. As in many field studies, other priorities pre-
vailed, and additional tests were not possible. Although the critical speed
was in the running speed range, the vibration amplitudes were low and
any wear of the seals should move it further away from the rated speed of
3,600 rpm.
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Figure 18-34. Three-stage pump—first mode response—with seals.

Figure 18-35. Three-stage pump—second mode response—with seats.
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Figure 18-36. Three-stage pump—unbalanced response—with seals.

Pulsation Induced Vibrations [14]. A four-stage centrifugal pump suf-
fered repeated failures of the splitter between pump stages. A detailed
field study revealed the cause of the problems to be an acoustic resonance
of the long cross-over that connected the second-stage discharge with the
third-stage suction (Figure 18-38). The resonant frequency was a half-
wave acoustic resonance.
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Figure 1S-37. Three-stage pump—comparison of measured and calculated re-
sponse.

where: c = acoustic velocity, ft/sec
L = length, ft

The speed of sound in water is a function of the temperature, and at
310°F was calculated to be 4,770 ft/sec. The length of the cross-over was
5.75 ft. The acoustic natural frequency was

The acoustic resonant frequency was excited by the vane passing fre-
quency (seven times running speed). Coincidence occurred at (415) (60)/
7 = 3,560 rpm.

Dynamic pressure measurements in the center of the cross-over
showed pulsation amplitudes of 100 psi peak-to-peak. The pulsations at
the suction and discharge flanges were less than 10 psi peak-to-peak,
which agreed with the mode shape of the half-wave acoustic resonance.

There were two possible changes that could eliminate the coincidence
of vane passing frequency with the resonant frequency and reduce the
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Figure 18-38. Flow schematic of a four-stage pump.

vibration levels that occurred at a speed of 3,560 rpm. One possible
change was to increase the vane tip clearance to minimize the turbulence
that produces the pulsations. This modification would require trimming
the diameter of the impellers and operating the pump at a higher speed to
attain the capacity. Another possibility was to change to a six- or eight-
vane impeller to alter the vane passing frequency. The impeller diameter
modification was the quickest and most economical and was carried out
in the field, and the splitter failures were eliminated.

This example also illustrates the importance of selecting proper test
points when measuring pulsations. For example, if an acoustical reso-
nance is expected in the cross-over, then the pressure transducer should
be installed near the center of the cross-over length rather than at the
ends.

Sometimes the cross-over or cross-under passage can have an acousti-
cal resonance that can be so severe that it can excite the shaft and result in
high shaft vibrations [46]. This is illustrated for a different pump prob-
lem (Figure 18-39) which had shaft vibrations at operating speed (3,400
rpm) of 1 mil peak-peak and vibrations at five times speed of 0.5 mils
peak-peak. Pulsation levels in the cross-under were over 250 psi and
caused approximately 0.5 mils peak-peak of shaft vibration at the acous-
tic natural frequency.

Shaft Failures Caused by Hydraulic Forces. Repeated shaft bending fa-
tigue failures were experienced in a single stage overhung high-pressure
water pump. The failures exhibited the classical fatigue beach marks with
the failures occurring straight across the shaft at the sharp corner at the
change in diameter. The pump was instrumented with proximity probes,
pressure transducers, and accelerometers. Measurements were made
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Figure 18-39. Shaft vibrations caused by acoustic resonance,

over a wide range of startup and flow conditions. The pumps had a dou-
ble-volute casing that was supposed to balance the radial forces on the
impeller; however, measurements made of the shaft centerline by mea-
suring the DC voltage on the proximity probes showed that the impeller
was being forced upward against the casing. This caused a large tending
moment on the shaft as it rotated. The pump shaft center location near the
bearings was displayed on an oscilloscope (Figure 18-40) during startup
and during recycle. A differential movement of 6 mils occurred across a
short distance along the shaft. The wear patterns on the impellers were
consistent with the major axis of the orbit and the direction mat the shaft
moved. The large movement in the bearing journals only occurred under
certain start-up conditions; therefore, it was possible to modify the start-
up procedures to ensure that the large hydraulic forces would not cause
shaft failures.

Hydraulic forces can cause shaft failures as illustrated by this example;
therefore, it is good practice to determine if the shaft is properly aligned
in its journals under all operating conditions.

Pump Instability Problem. A high speed pump experienced high vibra-
tions in the process of startup at the plant site. Originally, the problem
was thought to be due to a lateral critical speed causing increased syn-
chronous vibration levels when fall speed was reached.

Analysis of this problem was particularly difficult due to the extremely
short startup time of the motor-driven pump and the even more rapid rate
at which the vibration levels increased as the pump approached rated
speed. To analyze the problem, an FM recording of a startup was ana-
lyzed while running the recorder playback at 1/8 of recorded speed,
which in effect, caused the startup period during playback to be eight
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Figure 18-40. Pump shaft vibration orbits.

times as long. A cascade plot of the vibration data (Figure 18-41) showed
that just before trip of the unit at 21,960 rpm, an instability vibration
component occurred near 15,000 cpm. From this and other data, it was
determined that the high vibrations were caused by:

• A sudden increase in nonsynchronous vibration as the unit approached
full speed resulting in shaft bow.

« A sudden increase in unbalance due to the shaft bow and as a result, a
rapid increase in synchronous vibration levels as the nonsynchronous
components disappeared.

After the problem source was identified using the above data analysis
technique, computer simulation of the rotor led to a solution consisting of
bearing modifications. The stability analysis of the pump rotor predicted
that the pump had an unstable mode at 15,000 cpm with a negative loga-
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Figure 18-41. Nonsynchronous instability vibration of high speed pump.

rithmic decrement of 0.01 for a simulated fluid aerodynamic loading of
1,000 Ib/in. at the impellers [36, 47]. The pump rotor with the modified
bearings was predicted to have a positive logarithmic decrement of 0.10.
The rotor vibrations after the bearing modifications were made are
shown in Figure 18-42. The nonsynchronous vibration component was
no longer present and the unit has since operated successfully.

Appendix
Acoustic Velocity of Liquids

The acoustic velocity of liquids can be written as a function of the isen-
tropic bulk modulus, Ks and the specific gravity:

where c = acoustic velocity, ft/sec
sp gr = specific gravity

Ks = isentropic (tangent) bulk modulus, psi
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Figure 18-42, High speed pump vibrations after bearing modification.

At low pressure, water can be considered to be incompressible and the
acoustic velocity is primarily dependent upon the change of density with
respect to temperature. The acoustic velocity of water at low pressures
[48] is given for various temperatures from 32° to 212°F in Figure 18-
43. For elevated pressures, the acoustic velocity must be adjusted for
pressure effects and the function using the bulk modulus is convenient.

The bulk modulus of water [49] can be calculated with the following
equation for pressures up to 45,000 psig and various temperatures.

where K0= constant from Table 18-6
Ks = isentropic tangent bulk modulus, psi
P = pressure psia

The calculation accuracy is ± 0.5 % for the isentropic bulk modulus of
water at 68°F and lower pressures. The error should not exceed ± 3% at
elevated pressures (greater than 44,000 psi) and temperatures (greater
than 212°F).

The bulk modulus for petroleum oils [50] (hydraulic fluids) can be de-
termined for various temperatures and pressures by using Figures 18-44
and 18-45 which were developed by the API. The isothermal secant bulk
modulus for petroleum oils at 20,000 psig is related to density and tern-
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Figure 18*43. Acoustic velocity of distilled water at various temperatures and
pressures.

Table 18-6 [49]
Constant K« for Pressure Correction for

Bulk Modulus of Water

Kt = 1000 Ko -I- 3.4P
P = pressure, psla

(valid up to 45000 psia)

Temperature
(°F) Constant KO

32 289
50 308
68 323
86 333
104 340
122 345
140 348
158 348
176 341
194 342
212 336
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perature in Figure 18-44. The isothermal tangent bulk modulus has been
shown to be approximately equal to the secant bulk modulus at twice the
pressure within ± 1 %. Pressure compensation for the isothermal secant
bulk modulus can be made by using Figure 18-45,

The isothermal bulk modulus, KT, and isentropic bulk modulus, Ks,
are related by the following equation:

Figure 18-44. isothermal secant bulk modulus at 20,000 psig for petroleum frac-
tions |50J.
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Figure 18-45. Pressure correction for isothermal secant bulk modulus for petro-
leum fractions [50].

The value of CP/CV for most hydraulic fluids is approximately 1.15.
The isentropic tangent bulk modulus for common petroleum oils can be

determined from the Figures 18-44 and 18-45 as follows:

1. On Figure 18-44, enter the desired temperature on the horizontal
scale and go to the proper specific gravity line to read the isother-
mal secant bulk modulus at the reference pressure of 20,000 psig.

2. Enter the isothermal secant bulk modulus (value from Step 1) on
Figure 18-45 on the vertical scale; proceed horizontally to intersect
the 20,000 psi reference pressure line; move vertically to the line
corresponding to twice the desired pressure. Move horizontally to
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the left and read the equivalent isothermal tangent bulk modulus on
the scale,

3. Multiply the isothermal tangent bulk modulus by 1.15 (to compen-
sate for ratio of specific heats) to determine the value of the iseetro-
pic tangent bulk modulus.

The value of the isentropic tangent bulk modulus obtained in Step 3 can
be used in Equation 1 to calculate the acoustic velocity.

Piping systems with incompressible fluids (liquids) have an apparent
effect on the acoustic velocity because of the pipe wall flexibility. The
classical Korteweg correction can be used for thin wall pipe (wall thick-
ness < 10% diameter) to adjust the acoustic velocity.

where D = pipe diameter, in.
t = pipe wall thickness, in.

E = elastic modulus of pipe material, psi
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Definitions

Internal Alignment. This type of alignment refers to machined fits and
precise assembly that ensure that the pump incurs no excessive deviation
from intended tolerances prior to installation on its pedestal and connec-
tion of piping and shaft coupling. Although of obvious importance, this
type of alignment will not be emphasized here. It is covered in numerous
general and specific manufacturers' manuals and shop practice stan-
dards. Further reference to it will be brief, and instructions for its ac-
complishment will not be given in this section.

External Alignment. This type of alignment refers to a procedure or con-
dition that ensures the accuracy with which the centerline of one machine
shaft coincides with the extension of the centerline of an adjacent ma-
chine shaft to which it is to be coupled. For horizontal machine elements,
alignment figures are customarily given in vertical and horizontal planes
along the shaft axis, both necessary for the complete picture. For vertical
machine elements, similar information is given in two convenient planes
perpendicular to each other. Alignment in this chapter will usually refer
to external alignment. Other terms often used are shaft alignment, cou-
pling alignment, angular, and parallel alignment. See Figure 19-1.

Why Bother With Precise Alignment?

This is a logical and legitimate question. Certainly, if pumps would run
as well with poor alignment as with good alignment, this section of the
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Figure 19*1. Basic conditions of misalignment.

book could be omitted. Experience has shown though, rather painfully at
times, that excessive misalignment can have undesirable consequences.
These include internal rubs, excessive vibration, increased static and cy-
clical stress. These factors can lead to premature failure of bearings,
seals, couplings, and other parts. Service interruptions, fire, and person-
nel injury can result. Figure 19-2 shows a catastrophic pump failure
caused by misalignment. Costs of such a failure will seldom be less than
several thousand dollars and can easily run into the millions if the failure
consequences go beyond the original pump,

Causes of Misalignment

Internal misalignment is generally caused by defective parts, poor ma-
chining, and/or improper fits and assembly. One other occasional cause
is an improper field practice—varying the bolt torque or the gap at the
pump head joint on a vertically split pump to make external alignment
adjustments.

External (shaft/coupling) misalignment can be caused by a host of fac-
tors. These factors are described in the following pages.
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Figure 19-2. Pump damage caused by bearing seizure. Bearing seizure was re-
sult of gear coupling damage from excessive misalignment caused by piping
forces,

Management and Human Factors

Standards and Tolerances. Lack of suitable standards and tolerances,
or lack of their enforcement, can make a mockery of any attempt to ac-
complish meaningful alignment. More specific recommendations will be
given later.

Training. Inadequately trained alignment personnel are likely to do poor
alignment, quickly, or good alignment, slowly. Well trained and equipped
personnel, by contrast, can do good alignment systematically and effi-
ciently without wasting time in a trial-and-error approach.

Time Skimping. In training people to do alignment systematically and
efficiently, the most frequent comment from students goes something like
this:

I like the new tools and methods you have shown us. I would like to
use them to do a better job. But, when I am given an alignment job
to do, my supervisor wants a fast job, and quality is secondary. So,
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1 use a straightedge and take 30 minutes. If I use dial indicators,
they are just for show, and nobody checks their readings.
Our answer to this is to suggest that the student politely tell his supervi-

sor that a proper pump alignment job will typically require a half day
rather than a half hour. Then ask, "Do you want me to do a sloppy job?"
Few supervisors will answer this question in the affirmative. It all gets
back, though, to standards and tolerances, and whether management is
serious about their enforcement. If they are not, the training is a waste of
time, and the only alignment tool needed is a crooked straightedge,

Tooling and Supplies. Even a well-trained field machinist or millwright, if
inadequately equipped, will be severely handicapped in doing a good align-
ment job efficiently. For small machines, inexpensive tooling is available
that can give adequate results if used properly. More typically, though, a
process plant having a number of pumps of various sizes, can benefit greatly
by acquiring several thousand dollars worth of alignment tools and supplies.
Skimping here is false economy. If funds are tight for tool purchase, good
alignment tools and tool kits can sometimes be rented. (See Murray [6] and
[10] for more specific details on tools and examples showing return on in-
vestment for alignment tools.)

Physical Factors

Foundation. Occasionally, the foundation mass will prove insufficient
for stability, resulting in an insufficient damping ability. To be assured of
having adequate foundation mass, a rule of thumb calls for three times
the machine weight for rotating machines and five times the machine
weight for reciprocating machines, assuming a density of 150 lb/ft3 for
reinforced concrete. If soft soil conditions are present, spread footings
should be considered. A flexible isolation joint between the foundation
and the pavement slab can be helpful in avoiding undesired vibration
transmission between adjacent foundations.

A common deficiency in pump foundation design is the insufficient ex-
tension of the foundation's perimeter beyond the outline of the pump
baseplate. This can cause difficulties in leveling and grouting. Founda-
tion extension three inches beyond the baseplate perimeter is recom-
mended.

Foundation strength is related to the mix composition and rebar place-
ment. The mix should be workable, but not soupy, giving at least 2,500
psi conapressive strength when tested following a 28-day cure. It should
not have shrinkage cracks. In addition to proper engineering design of the
rebar size and layout, care should be taken to ensure at least two inches
concrete cover to resist spalling.
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The best designs fail if the executions are faulty. Taking pour samples
for later testing (and making all concerned aware of this) helps dull the
temptation to add excessive water to the mix. The actual rebar layout
should be inspected for design compliance before the pour is made, for
obvious reasons. A minimum three-day wet cure is desirable, although
additives and/or plastic sheeting are sometimes used instead for moisture
retention. Regardless of method, responsible foliowup is essential to be
sure that what is called for really does get done.
Baseplate—Common Problems and Suggested Solutions. The base-
plate may be excessively flexible. Another point to watch is shipping and
in-plant transportation of baseplates. Electric motors are usually much
heavier than the pumps they drive. For this reason, it is good to have
motors over 100 horsepower shipped unmounted to avoid baseplate dis-
tortion caused by the motor weight acting on the ungrouted baseplate.

For welded steel baseplates, request oven stress relieving after welding
and before final machining of the pad surfaces and before protective
coating is applied. This will help avoid distortion due to gradual in-ser-
vice stress relief.

High strength machine-to-pedestal hold-down bolts, such as SAE
Grade 8, can be used as replacements, but should not be used as original
equipment in which their high strength is taken advantage of in determin-
ing bolt size and/or quantity. Sooner or later, somebody in the field will
substitute one or more Grade 2 mild steel bolt(s), which will be vulnera-
ble to overstressing.

Specify 3/ie in. shim space beneath driver feet, rather than the Vi6 in,
or l/s in. called for by API610. It is often necessary to remove more than
Vs in, of shim thickness, but seldom necessary to remove more than 3/i6
in.

To avoid restricting necessary horizontal alignment movement capabil-
ity, specify a minimum of */8 in. annular clearance between full-size (not
undercut) SAE Grade 2 bolts and their boltholes after the driver has been
aligned to the pump at the factory. Once satisfactory running alignment
has been achieved in the field, install two Number 8 taper dowel pins at
the pump for easy return of the pump to its pedestal to a nearly aligned
position. Use an anti-seize compound when installing these pins. An ex-
ception would apply for a row of identical pumps with & floating spare,
Here, doweling is useless. The driver should not be doweled because this
will normally require some movement for aligning it to the pump each
time the latter is reinstalled following shop repair. Three pairs of foot/
pad punch marks can be used instead.

Specify rounded baseplate flange corners with approximately 2-inch
radius. This will reduce the tendency for grout cracking at corners and
will also improve safety in handling.
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Baseplate surface protection should be specified for the dual purpose
of corrosion protection and for a good grout bonding surface. One good
system is an inorganic zinc silicate coating applied immediately after
sandblasting to white metal per SSPC SP-5. This leaves a rough, dull sur-
face with the coating having a molecular bond to the metal, and works
well with both inorganic and epoxy grouts.

Preferably, one 4-inch grout filling hole should be provided at the cen-
ter of each bulkhead section, with one i/z-inch vent hole near each corner
of the section. This allows controlled grout placement and verification
that each section is filled with grout.

Vertical leveling screws should be specified. Shims and wedges should
be avoided. If left in place after grouting, these may cause "hard spots"
rather than the uniform support desired from the grout. Also, they may
allow moisture penetration, followed by corrosion and grout spaIIing.

Mounting pads should be machined flat, parallel, and coplanar. This
should be done after all welding and stress relieving are complete.

Individual requirements for the installation of alignment jackscrews
should be examined closely. At times, as with an axially long boiler feed
pump, it may be worthwhile to have jackscrews at the pump rather than
or in addition to those at the driver. In the majority of cases, jackscrews
can be omitted at electric motors if adequate access is available to allow
the use of a soft-face deadblow hammer. This is a surprisingly accurate
method for making horizontal alignment moves without damaging the
motor. It will work even on large motors of several thousand horsepower
and weighing several tons. For motors 500 horsepower and larger, it is
worthwhile to ask for API 610*s optional 2-inch minimum clearance be-
neath the motor center at each end of the motor. This will permit the use
of hydraulic jacks for lifting or a pair of portable alignment positioners
for easy adjustment in any direction, vertical and horizontal [9]. For tur-
bine drivers, alignment jackscrews are nearly always worth having.
Jackscrews and their mounting lugs should be resistant to corrosion and
sized to avoid bending or breaking in use. For most installations 5/s-in.
screws installed in 2-in. x 3/4-in. lugs are strong enough. Zinc plating
protects against corrosion at low cost, or upgrading to 316L stainless
steel may be considered. If the lugs are installed by welding, they should
be placed in such a way to allow access for machine and shim installation
and removal. If this is not feasible, they should be attached by drilling,
tapping, and bolting. Tables 19-1 and 19-2 give further information on
jackscrews and other alignment movement methods.

Grouting. This subject is too extensive to cover adequately here. We will
instead make a few general remarks and mention some references having
more information.
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Table 19-1
Vertical Alignment Movement Methods

Method Advantages Disadvantages

Integral
Jackscrews,
Threaded into
Machine Feet

Prybar

Portable Jacks
and Wedges

Crane or Hoist

Portable
Alignment
Positioners

No problem locating jacking
surfaces. Inexpensive if
included when the machine
is purchased.

Inexpensive. Readily
available. Can get into
low-clearance locations.

Available in a variety of
types and load ratings, most
fairly inexpensive, with
collapsed heights down to
3/i6 in.

The obvious solution if
bottom clearance, access, or
load bearing surfaces are
unsuitable for jacking.
In a single device, they give
vertical, precise horizontal
transverse, and precise
horizontal axial movement
capability. Capacities up to
20 tons per pair are
available. Used in groups of
four, the maximum capacity
increases to 40 tons. (For
more details, see References
6, 9, and 14.)

Shims require an extra hole
or slot. Threads sometimes
rust and cause difficulty in
turning the jackscrew. If the
screw breaks, removal of
the remaining fragment may
be difficult. Difficult and
expensive to retrofit after
machine is installed.
Access and clearance are
sometimes a problem,
limiting usefulness and load
capacity.
Safety can be compromised
if the bar slips while
someone is reaching beneath
the machine feet to install or
remove shims.
Sometimes the one needed is
somewhere else, and the one
available is not suitable.
This is not really a
disadvantage for the method,
however, but merely an
indication of poor planning.
Expensive and bulky.
Sometimes have access
problems. Poor small
movement control.
Two inch minimum vertical
clearance required.
More expensive than regular
jacks.
Not usually worth bothering
with for machines smaller
than 500 hp.

(table continued on next page)
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Table 19-1 Continued
Vertical Alignment Movement Methods

Method Advantages Disadvantages

Portable Easy to use for movement of
Alignment large electric motors.
Positioners Can also be used on some

turbines and gearboxes.

Table 19-2
Horizontal Alignment Movement Methods

Method Advantages Disadvantages

Steel
Hammers and
Sledges

Soft-face,
Hollow Head,
Shot-loaded
Deadblow
(No-bounce)
Hammers and
Sledges

Jackscrews

Readily available and
inexpensive.
No interference with shim
installation and removal.
Fairly inexpensive. Good
movement control (no
bounce). Works similar to
lead hammer, but far more
durable. Does not cause
machine damage. Available
in a range of sizes and
weights. Short handle 6 Ib.
and long handle 11 Ib. will
cover most alignment
requirements.
Good movement control if
screws and mounting lugs
are sufficiently large and
rigid. Durable, if materials
are chosen intelligently.
Jackscrews do not cause
machine damage. Easy to
specify or install on new
machines.

Poor movement control.
Likely to damage machines
being moved.

Access sometimes
insufficient for use.

If mounting lugs are too
flimsy, stick-slip action
causes poor movement
control. If not of suitable
corrosion resisting material,
screws may corrode and
cannot be turned.
Often interfere with direct
shim installation and
removal, requiring shims to
be inserted and removed
from foot ends or inside
edges. This can become
awkward at times. Bolting,
rather than welding the
jackscrew lugs in place, can
solve this problem.
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Table 19-2 Continued
Horizontal Alignment Movement Methods

Method Advantages Disadvantages

Portable Jacks

Comealong or
Horizontal
Hoist
Portable
Alignment
Positioners

Doweling

Matching
Punchmarks

Easy to use, where
applicable. Fairly good
movement control.

Can attach to fixed anchor
point some distance away.

(See previous description in
Table 19-1.) These devices
handle vertical and
horizontal movement in the
same overall step.
Returns a machine to its
previous position on its
support.

Easy to apply, using
automatic centerpunch, in
three foot locations. Can be
used on both machine
elements, whereas doweling
is normally used only on
one.

Difficult to retrofit to
existing machines.
Not usually portable.
Individual lugs and screws
are normally needed at each
machine.
Portable clamp-on
jackscrews are sometimes
used, but usually it is
difficult to find a good place
and way to clamp them on,
A nearby fixed point to jack
against is required, and
often this is not present.

Poor control. Stick-slip
action is likely.

Dowels sometimes stick and
break off. Access for
drilling and reaming is
sometimes insufficient.
Less precise than doweling.
Does not move the machine,
but gives an indication of
where to put it to restore its
previous position.

The purpose of grouting is to fill the baseplate cavity without leaving
voids and to stiffen the baseplate, providing an even support to transmit
load into the foundation.

Grout material is normally either organic (usually epoxy plus aggre-
gate) or nonmetallic inorganic (Portland cement, sand, water, and non-
metallic anti-shrink additives). The choice is based on economics and en-



506 Centrifugal Pumps: Design and Application

vironmental factors. More specifically, epoxy is more expensive and less
resistant to high temperatures, but has higher early and ultimate strength
and greater chemical and impact resistance than inorganics. It is also eas-
ier to place properly and to cure.

With either category of grout material, success depends on careful
planning and preparation and attention to numerous details such as site
preparation, equipment selection, and a stepwise procedure for propor-
tioning and mixing, placement, curing, and protective coating. (For more
thorough coverage of this subject, see Bloch [1] and Murray [12].)

Piping Fit and Support. Here, the object is to avoid excessive pump
nozzle loading. Piping fit is a function of installation workmanship and
effective construction inspection/quality control. Piping flexibility and
support are functions of design, with due consideration given to weights,
stiffnesses, and thermal effects. If not carefully designed to avoid such
problems, heavy, hot piping can become "the tail that wags the dog,"
with the dog being the pump.

Flexible Coupling. Choice of flexible coupling can be important. Tradi-
tion and price are the two most often used criteria, and either can result in
a poor choice. For most pumps, it is desirable to use a spacer coupling.
This gives more parallel misalignment capability than a close coupling of
the same type and also provides better access for maintenance.

If radial space is limited, a gear coupling may be required. This will
transmit more horsepower at a given speed than any other type occupying
the same space. It is, however, more sensitive to misalignment than other
types and also requires lubrication. The latter factor is no longer as much
of a disadvantage as it once was though, because non-separating coupling
greases are now available. A gear coupling can handle limited end float
applications for sleeve bearing motors, but doing this correctly can get
complicated.

Gridmember couplings are another relatively inexpensive lubricated
design used mostly for the smaller pumps.

Elastomeric couplings are popular for pumps in certain size and speed
ranges. These accommodate fairly large misalignments, but are sensitive
to high temperatures (including heat caused by rubbing against a cou-
pling guard) and certain chemicals. This type of coupling may be unable
to handle sleeve bearing motor limited end float applications well.

Dry metallic flexing element couplings are available in several de-
signs—disk, diaphragm, and cantilever link. Chloride stress corrosion
cracking is sometimes a problem, but can be minimized by judicious
choice of element material, for example, type 316 stainless steel in pref-
erence to type 304. These couplings are a good choice for use with sleeve
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bearing motors because they have an elastic centering characteristic that
Is easy to apply to end float limitation and geometric centering of the mo-
tor rotating element.

Alignment Access. As in many fields, forethought is helpful when it
comes to alignment access. A common problem, easily avoided in the
specifying stage, is insufficient exposed shaft between front of bearing
housing and back of coupling for concealed hub couplings. At least one
inch of exposed shaft is desirable to allow alignment bracket attachment.
It is helpful to visualize the radial space requirements of alignment brack-
ets for full shaft rotation and to avoid placing piping or other interfer-
ences in this circular path. Access for moving and monitoring moves on
the machine element to be adjusted for alignment (usually the driver)
should also be considered. As mentioned earlier, a 2-inch vertical jacking
access beneath each end of a motor will allow insertion of hydraulic jacks
or alignment positioners [9]. Access to install and remove shims and
place horizontal move monitoring dial indicators is also important. Ac-
cess for applying and turning wrenches on hold-down bolts should not be
overlooked. Aligning a machine that has one side immediately adjacent
to a wall, or blocked by a maze of pipes, can require acrobatic maneuvers
with a degree of difficulty directly proportional to the age, size, weight,
and arthritic tendencies of the aligner.

Pre-Alignment Steps

It may seem to some readers that we are taking a long time to get into
the ostensible subject—shaft/coupling alignment. This may be true, but
there is good reason for it. One thing builds upon another. Without cer-
tain prealignment steps, the alignment itself is likely to be dangerous, dif-
ficult, or ineffective. Nobody knows exactly how the pyramids were
built, but it is a pretty sure bet that they were not done from the top down.
Pre-alignment steps will now be described.

Work Permit and Power Lockout. This is basic and is usually the first
step. It is essential that all concerned agree on which pump/driver combi-
nation is to be aligned, and that it will be effectively prevented from
starting under power during the alignment.

Personnel Coordination. Sometimes the work area is crowded, and sev-
eral categories of work are to be done. Alignment is the type of work that
suffers if non-alignment personnel, such as electricians and pipefitters,
are doing their own jobs in the same vicinity and inadvertently lean
against a jacked-up machine, kick a foot-move-monitoring dial indicator.
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etc. It is best in such cases to arrange for the various types of work to be
done separately, either sequentially or on separate shifts.

Heaters and Circulation. Some electric motors have base or winding
heaters that come on when the main power is deactivated. These can
cause undesired motor growth and can also magnetize dial indicators and
cause them to stick. It is usually desirable to get such heaters turned off
before starting the alignment. The same is true for any hot fluid or steam
circulation through pump or turbine.

Shading or Night Schedule. These are precautions more likely to be
needed with large elevated compressor trains than with typical pumps.
Nevertheless, it is worth mentioning that uneven sun heating can some-
times affect alignment and cause inconsistencies during the job. The
usual ways of avoiding such problems are to erect a tarp sunshade or do
the work at night.

Installation of Pump on Pedestal. The pump foot and pedestal surfaces
should be clean and free of burrs.

Connection of Main Piping. Prior to connection of piping, stationary-
mount vertical and horizontal dial indicators should be applied to the
pump at its coupling end, set to mid range, and zeroed. The pump suction
piping should then be connected, followed by the discharge piping. Dur-
ing flange bolt tightening, the indicators should be watched, and any in-
dicated distortion should be kept less than 0.003 in. for each flange by
selective tightening of flange bolts. If this cannot be achieved, it may be
necessary to refit the pipe or use a dutchman. The latter is a tapered filler
ring inserted between the flanges, with a gasket on each side to occupy
the uneven gap. (See Murray [7] for more information on dutchmen.)

Coupling Surface Runout Check. This is sometimes necessary, but not
always. It should be done at face and rim measurement surfaces of any
coupling mat will remain stationary while the dial indicators rotate, con-
tacting these surfaces. If both coupling halves will be rotated in coordina-
tion or while coupled, the surface runout check can be omitted. To do the
runout check, apply indicators mounted from a stationary point and ro-
tate the coupling while watching for deviations from zero start. If these
appear, mark their locations and set them away from quandrantal mea-
surement locations (top-bottom-side-side).

Soft Foot Check and Shim Recommendations. Soft foot should be
minimized to prevent machine frame distortion and inconsistent align-
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meet results. It should be checked at electric motor drivers, which usu-
ally have four feet. Checking can often be omitted at turbines and pumps,
which are frequently supported at two or three feet. To do the check, ap-
ply a vertical indicator mounted from a stationary base to each foot in
turn, and measure the upspring when the hold-down bolt is loosened. If
this exceeds 0.002 in., try shimming the indicated amount beneath the
foot with the largest upspring. This should help, if the cause was im-
proper shimming. Other causes may not be helped by this remedy
though. These include heel-and-toe effect, tilting feet or support pads,
and distorted or dirty shims. Remedies for these problems include rema-
chining supports, using tapered or liquid epoxy shims, and replacement
of bad shims with clean, flat shims. The best shim pack is a "sandwich"
having thick shims top and bottom protecting a few thin shims in be-
tween. Measure the thickness of each shim. Markings are not always ac-
curate, and thin shims often stick together, doubling their marked thick-
ness. Stainless steel is generally the best material, and pre-cut shims are
desirable if available in the outline size required. Pre-cut shims 0,050
inch and thicker should be checked with a straightedge for excessive edge
distortion.

Axial Gap and End Float Check. For ball bearing motors, end float is
zero and axial gap depends on coupling geometry. For elastic centering
couplings (for example, metal disk), the coupling should be at zero axial
deflection with the motor in the center of its float, or manufacturer's
cold-spring recommendations should be followed. These are the easy
ones.

For those who enjoy messy mathematics, Murray [6] has some exam-
ples showing how to calculate dimensions for achieving desired axial
gaps and end floats with sleeve bearing motors having gear couplings,
For most situations, however, it is easier to get these by intelligent trial
and error. By knowing our objectives, the task becomes fairly easy. We
wish to accomplish three things:

1. The motor shaft, when coupled, must be capable of passing through
its float center.

2. It must be restrained by the connected coupling so that it cannot rub
the outboard bearing stop.

3. It must be restrained by shaft contact, coupling thrust plates, or
thrust buttons from rubbing the inboard bearing stop.

In effect, the last two transfer thrust forces to the pump thrust bearing
through the coupling. Unlike the relatively weak motor thrust surfaces, it
is capable of handling these forces.
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By marking float extremities and float center on the shaft of the uncou-
pled motor, then coupling it and applying thrust in both directions while
rotating on the oil film, it becomes easy to see whether our objectives
have been met. If they have not, the solution becomes fairly obvious—
move the coupling in or out on the shaft, move the motor frame in or out,
add thrust buttons of necessary thickness, or a combination of these.

Bracket Sag Check. In most cases, particularly with spacer couplings, a
sag check should be made on the indicator bracket to be used for the align-
ment. In doing this, rim sag should always be checked. Face sag, if face
readings are to be taken, is usually negligible and can be ignored. An excep-
tion could occur with a long dogleg face mount. Procedures for handling this
are shown in Murray [6], but will not be repeated here because this situation
does not arise often with pumps. For vertical pumps, bracket sag may be
ignored. It may exist, but it is constant everywhere and does not require
correction. Vertical pumps seldom require field alignment because they nor-
mally achieve their alignment by machined fits.

To do a rim sag check, mount the bracket on a stiff pipe, zero the indi-
cator at mid range in the top position, and roll the pipe from top to bottom
on sawhorses, and note the bottom reading. This is "total sag," which is
twice the bracket sag. Do this several times and "jog" or depress the in-
dicator contact point and let it reseat at top and bottom reading.

To keep less than 0.001 in. error due to calibration pipe sag, using
Schedule 40 calibration pipe, keep the following span limits:

Pipe Span Between Supports
2 in. 2 ft. 6 in.
3 in. 3 ft.
4 in. 3 ft, 6 in.
6 in. 4 ft. 4 in.

For a face mounted bracket, do the same type of check between lathe
centers or mount inside a pipe capped at one end. The latter method will
usually require a sign reversal, but the numbers will be correct.

Measurement of Linear and Face Dimensions. This should be done to
the nearest Vs in. for small machines and the nearest lfa in. for large ma-
chines, and the dimensions entered into a prepared alignment data form.
Examples of such forms can be found in Murray [6]. Measurements
should be based on indicator contact point centers and foot support cen-
ters.
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Determination of Tolerances. This is necessary in order to know when
the alignment is adequate and work can be stopped. Murray [6] and
Bloch [1] contain a number of criteria for alignment tolerances based on
coupling and machine type, distance between coupling flex planes, and
rotating speed. Results vary with the different approaches, from very
sloppy to very precise. There is general agreement, however, that cou-
pling manufacturers' advertised tolerances are too lax for the machines
being coupled, even though they may be all right for the couplings them-
selves. A simple rule of thumb that works well for most horizontal
pumps is to allow 0.003 in. maximum centerline offset at measurement
planes and the same amount for maximum face gap difference. For verti-
cal pumps, in the infrequent cases requiring their manual alignment,
0,00! in. maximum face gap difference is recommended.

Methods of Primary Alignment Measurement

By "primary" measurement, we mean that thermal growth is not de-
termined thereby, although it may be incorporated into the alignment
data if known from some other source. Table 19-3 compares various pri-
mary alignment measurement methods. Figures 19-3A and B and 19-4
illustrate the two most common methods—face and rim and reverse indi-
cator (rim and rim).

Table 19-3
Primary Alignment Measurement Methods

Method Advantages Disadvantages

Straightedge, Simple, inexpensive, easy to Less precise than most other
wither use if good coupling rim methods,
without feeler surfaces are available,
gauge Commonly used for

preliminary alignment. Also
used for final alignment of
low speed and/or
intermittently operated
machines.

Tkper gauge; Simple and inexpensive. No Limited application. Does
small hole bracket required. Fairly only part of the alignment
gauge and accurate with care. Used for job.
outside measuring face gaps of
micrometer; close-coupled machines.
inside dial
caliper

(table continued on next page}
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Table 19-3 Continued
Primary Alignment Measurement Methods

Method Advantages Disadvantages

Inside
micrometer

Dial
indicators, in
any of several
arrangements,
as follows:
Face and Rim
(see Figure
19-3 A)

Simple and inexpensive. No
bracket required. Used for
measuring face gaps. Not
limited to close-coupled
machines. Fairly accurate
with care.
Precise measurement
capability with relatively
inexpensive equipment.

Traditional arrangement
familiar to most alignment
personnel. Usable with
large, heavy machines
having one shaft difficult to
rotate for alignment
measurement.
Geometrically more accurate
than other methods for
machines with large
measurement diameters and
short axial spans. Usually
the easiest arrangement to
apply to small,
close-coupled machines.

Reverse-Indicator Sleeve bearing shaft float
(Rim and does not cause error or
Rim). (See require special procedure to
Figures 19-3B avoid error,
and 19-4) Geometrically more accurate

Limited application. Does
only part of the alignment
job.

Costs more than straightedge
and requires more careful
handling.

If used with a sleeve bearing
machine, shaft float can
cause errors in face
readings. There are at least
three ways to eliminate these
errors, but they make the
procedure more complex.
Reference 6 has further
details.
Geometrically less accurate
than reverse-indicator
arrangement for situations in
which axial span exceeds
face measurement diameter.
This will usually be true for
pumps having spacer
couplings.
Brackets are often face
mounted, requiring coupling
spacer removal, and are
more difficult to calibrate
for sag. Brackets are often
custom built for a particular
machine rather than being
"universal" variable
geometry type.
Inapplicable to machines
having one or both shafts
impractical to rotate for
alignment measurement.
Often impractical to use on
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Table 19-3 Continued
Primary Alignment Measurement Methods

Method Advantages Disadvantages

Face-Face-
Distance (See
Reference 6)

Partial
Projection
Reverse-Indicator
(See Reference
14)

Laser-Optic
(OPTALIGN®)

than face-and-rim
arrangement, for spacer
coupling applications.
Face gap difference can be
derived easily from rim
measurements without the
need for direct
measurement.
Reverse-indicator brackets
are usually variable
geometry type, clamped to
hub rim or shaft, applicable
to a range of machine sizes,
and easy to calibrate for sag
on a horizontal pipe.
Both shafts turn together, so
eccentricity and surface
irregularities do not cause
errors.
Good for long spans.
Applicable mainly to cooling
tower drives, but sometimes
used for pumps with long
coupling spacers. Can also
be used when spacers pass
through a wall or bulkhead,
as on some shipboard
applications. Bracket sag is
usually negligible.
Good for long spans, mainly
cooling tower drives with
metal disk couplings. Avoids
axial float error. More
accurate than
face-face-distance
arrangement if used with
metal disk couplings
provided bracket sag is
accounted for.
Fast.
Accurate.

small, close-coupled
machines.

Less accurate than other dial
indicator methods. May
require precautions to avoid
axial float errors.

Must calibrate and account
for bracket sag. Subject to
diametral tooth clearance
error if used with gear-type
couplings.

Basic equipment.
Will not handle two-element

(table continued on next page)
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Primary Alignment Measurement Methods

Method Advantages Disadvantages

Laser beam has zero sag
even over long spans.
Measurement and
calculating capability are
combined in one system.
Easy to use for basic
alignment problems. Can
also handle certain more
complex problems, but
procedures are more
complex, or extra equipment
is required.
Requires about % in.
exposed shaft for mounting,
but this can be reduced to
9/i6 in. by using
non-original-equipment
brackets.
Metric and inch systems
both present in same
calculator.
Can be used to measure soft
foot originating from
common causes.
Can be used for progressive
error reduction horizontal
moves similar to the Barton
method used with dial
indicators.
Can be used to accurately
measure sag and its effect
for long spacers and pipes.

or multi-element optimum
move problems without
supplemental calculations.
Supplemental equipment
available at extra cost can
handle such problems. Both
shafts must be turned
together. This requirement
can sometimes be met by
using a roller bracket with
inclinometer on a shaft that
remains stationary.
Subject to error if coupling
backlash cannot be
eliminated during rotation.
Requires careful handling to
avoid damage.
Electrical. Requires periodic
battery replacement, and gas
test for permit to use in
hazardous areas.
Shielding may be required in
the presence of bright
sunlight, steam, or heat
waves.
Expensive.
Recalibration recommended
every two years.
Severe misalignment can
sometimes exceed range of
system, requiring
preliminary alignment by
other means.
For basic equipment,
computer gives numbers and
their orientation on a display
representing the machine
elements but no graphical
shaft centerline relationship
display. The latter is
available in supplemental
equipment at extra cost.

The OPTALIGN* laser-optic alignment system is manufactured by Prueftechnik Dieter
Busch + Partner GmbH & Co., Ismaning, Germany. Represented in the U.S. by Ludeca, Inc.,
Miami, Florida.
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Figure 19-3 A & B. Two most common methods of indicator alignment.

Figure 19-4. Reverse indicator alignment measurement set-up. Note the lock-
ing chain wrenches for ease of turning, and the inclinometers for accurate qua-
drantal rotation.
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Methods of Calculating Alignment Movements

Several methods are available for calculating the required alignment
movements using data recorded from the alignment measurements. Table
19-4 describes these, and Figure 19-5 shows the alignment plotting
board, a popular graphical calculating device for determining alignment
movements.

Jig Posts

For dial indicator measurements, it is sometimes useful to use auxiliary
surfaces, sometimes called jig posts. These are most often used for rim
measurements, but if necessary, can be used for face measurements.
They accomplish the task of moving the measurement surface to a more
convenient location rather than measuring directly on the shaft or cou-
pling surface. Also, if the jig post has a flat surface, it eliminates curva-
ture error that can sometimes reduce measurement accuracy on small di-
ameters.

Table 19-4
Methods of Calculating Alignment Movements

Method Advantages Disadvantages

Nelson's
Method

Two-Step
Mathematical
Methods

Graph Paper
Plot

Simple pencil and paper
math, using face-and-rim
data. Easy to visualize and
figure. Accurate.

Pencil and paper
mathematics, using any type
of measurement data. More
efficient than Nelson's
method. Accurate.

Pencil, straightedge, and
graph paper, using any type
of measurement data. Easier
to visualize than straight
mathematical methods. Can
use on multi-element trains
for optimum move
calculations.

Applicable only to
face-and-rim measurement.
A four-move method, less
efficient than two-move
methods. The second and
fourth moves may reverse
some of the corrections
applied in the first and third
moves.
Harder to visualize than
Nelson's method. More
likelihood of calculation
error due to incorrect choice
of sign.

Slightly less accurate than
straight mathematical
methods, but not usually
enough so to matter.
Awkward to use in field.
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Table 19*4 Continued
Methods of Calculating Alignment Movements

Method Advantages Disadvantages

Plotting Board
with Overlay

Barton
Method

Electronic
Calculators

Combination
Measurement/
Calculation
Methods—
OPTALIGN®

Graphical method for any
type of measurement data
using plastic laminated
graph and marked overlay
(See Figure 19-35 and
References 6 and 8.) More
durable than graph paper
and easier to use under field
conditions. Easy
visualization of shaft
centerline relationships. Can
use on two-element
optimum-move problems.
Progressive error reduction
method. (See Reference 6.)
Calculations can be done in
one's head. No formal data
recording required. Fast and
simple, if machine can be
adjusted easily and precisely
with jackscrews.

Fast, easy to use, and
accurate, for basic and some
advanced calculations.

Fast. Easy to use. Accurate.
(See Table 19-3 for more
details.)

More expensive than paper,
Not practical to use for
simultaneous optimum
moves of three or more
elements. Not as easy to
learn as electronic calculator
methods.

Practical only for horizontal
corrections.
Requires a series of moves
so good jackscrews must be
present.
Also requires
reverse-indicator bracket
arrangement with shafts that
turn easily.

Most will not handle two or
multiple element optimum
move problems without
supplemental calculations.
Expensive. Electrical,
usually battery operated.
May require gas test for use
in hazardous areas. In some
models, programming can
be lost while changing
batteries, or if batteries go
dead. Can be damaged if not
handled carefully.

Expensive. Careful handling
required. Electrical. (See
Table 19-3 for more details.)
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Figure 10-5. Machinery alignment plotting board used to determine corrective
alignment movements.

Jig posts, although useful, can also cause problems if not handled prop-
erly. Their flat measurement surfaces can introduce an error in the case
of a gear or gridmember coupling turned in such a way that backlash is
present. The same problem would be present in a jig post with a curved
measurement surface, if the surface is not concentric with the shaft cen-
ter.

Another common source of jig post error is transverse inclined plane
effect. To avoid this, level the rim measurement surfaces of both posts in
coordination and rotate precise 90° quadrants using an inclinometer.
With sleeve bearing machines, axial inclined plane effect may also be
present. To eliminate this, the post surfaces must be axially parallel to the
machine shafts. For face measurements on jig posts, the face surfaces
must be parallel to the coupling faces, that is, perpendicular to the shafts
in two 90° planes.

There are two ways to eliminate these last two inclined-plane errors.
One is by using precisely machined jig posts that give the desired result
automatically when mounted on shafts. The other way is to use tri-axially
adjustable jig posts, with a leveling procedure that achieves the desired
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parallelism/perpendicularity. The T 4- B vs. S 4- S test, which is de-
scribed in Murray [6], will detect inclined-plane error if this is present.

Numerical Examples

Numerical examples will not be given here due to lack of space to give
proper coverage. Those wishing to examine a variety of such examples
are urged to see Murray [6].

Thermal Growth

When machines are operating, their temperatures usually change from
that at which they were aligned. In most cases they get hotter, although
the opposite is occasionaly true. In the case of pumps, turbines, and com-
pressors, the temperature of the connected piping also changes. These
temperature changes cause expansion or contraction in the metal. In most
cases, this expansion or contraction is not uniform and differs signifi-
cantly for driver and driven machines. Their relative positions therefore
change during operation, causing changes in the alignment relationship.
In addition to temperature effects, torque, hydraulic effects, and oil film
thickness may contribute to alignment changes. Because of these factors,
a coupled machine train with good alignment in its "cold" or non-operat-
ing state may have less precise alignment under operating conditions.

For a pump that operates at conditions subject to little temperature var-
iation and aligned at an ambient temperature that also varies little, the
relationship between cold and hot alignment will be constant and repeat-
able. If the amounts and directions of growth can be determined, they can
be used in the form of thermal offsets to include a deliberate misalign-
ment when the machines are aligned. Then, under operating conditions,
the growth will act equal and opposite to this misalignment, causing the
machines to become aligned during operation.

So much for the theory. We live in an imperfect world, and things do
not usually behave exactly as we might wish. The best laid plans of mice
and men oft go astray, and thermal growth offsets are a good example of
this.

There are two common approaches. One, favored by certain authori-
ties, is to use formulas or rules of thumb involving fluid or metal temper-
atures, coefficients of thermal expansion, and machine geometric mea-
surements to calculate predicted growths. These are then converted to
offsets and incorporated into the initial machine alignment. If the ma-
chine runs well, with low vibration and without premature failure, the
offsets are assumed to be correct, and are used thereafter. If the machine
does not run satisfactorily, and the problem is attributed to misalignment
caused by thermal growth other than that used to derive the offsets, the
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growth is then measured by some means, and the offsets are revised ac-
cordingly.

The other approach, favored by this author for most pumps (but not
necessarily for large turbomachinery), is simpler. This is to say that for-
mulas and rules of thumb are unreliable because they fail to account for
piping growth effects that may influence machine movement more than
the growth of the machines themselves. The formulas also fail to account
for uneven temperature rises in different parts of the machine frames,
which is quite common. In effect, formulas are unlikely to give good fig-
ures for amounts of relative growth and are equally unlikely to get the
directions of such relative growths correct. This being the case, our most
conservative course of action, as well as the easiest, is to align every-
thing to zero offset, cold. Then, at least, the machines are starting from a
good alignment condition, and relative growth in one direction is no
more harmful than in another. If alignment-related vibration and reliabil-
ity prove satisfactory, as they do about 90% of the time, we have simpli-
fied our alignment task by eliminating offsets. In the other 10% of the
cases, the growths should be measured, not calculated, and offsets ap-
plied. Several methods of growth measurement are described in Table
19-5.

Table 19-5
Methods for Determining Thermal Growth Offsets for Machinery

Alignment

Method Advantages Disadvantages

Manufacturers' When available, these
Recommendations require little effort to obtain.

Sometimes they give good
results.

Calculations
based on
temperatures,
thermal
expansion
coefficients,
and machine
geometry,
using formulas
and rules of
thumb.
Shut down and
"quickly" take
alignment
measurements.

Easy to obtain, and very
scientific-looking.

Makes the measurer feel he
is doing something
worthwhile.

Often not available, and
often unreliable when they
are available.

Unreliable. Likely to do
more harm than good by
getting the relative growth
direction wrong and thus
increasing the misalignment.
Formulas fail to account for
nonuniform temperature rise
in machines and effects of
temperature rise in
connected piping.

Utterly useless and
self-deceiving. The majority
of the thermal movement
occurs during the first
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Table 19-5 continued
Methods for Determining Thermal Growth Offsets for Machinery

Alignment

Method Advantages Disadvantages

Use extension
gauges to take
triangulation
measurements
on tooling balls
at several
planes—Essinger/
Acculign (See
Reference 3.)

Eddy current
proximity
probes
mounted in
water stands.
(See Reference
5.)

Consistent results obtained if
lower tooling balls are
mounted on foundation or
sole plates rather than on
baseplate. Easy to apply,
with straightforward
calculations based on
measurements taken at hot
running and cold shutdown
conditions. Electronic or
non-electronic as desired,
and non-optical; fairly
rugged tooling, not overly
expensive.

Good for ground mounted
machines.
Accurate results if applied
properly.
Can also be applied to
elevated foundation
machines. The mount bases
should be on foundations or
soleplates, not on baseplates
or structural steel.

Similar probes Good for both ground
mounted in mounted and elevated
Dodd/Dynalign® machines, since
bars. (See measurements are relative,
Reference 2.) not ground based. Accurate

results if applied properly.

Similar probes
used in
Indikon
system. (See
Reference 4.)

Effectively measures to
center of rotating shafts,
giving highly accurate
results. No coupling span
limitations. Good for both
ground-mounted and

minute after shutdown—too
quickly to obtain good
measurements.

Piping congestion can
sometimes make access
difficult. Some loss of
accuracy due to inability to
measure to center of
shaft—usually must stop
short of this by about 15%.

Fairly bulky. Electronic.

Electronic. May run into
span limitations with long
coupling spacers.

Electronic. Expensive. Built
into coupling. Not easy to
retrofit to existing machines.

(table continued on next page)
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Table 19-5 Continued
Methods for Determining Thermal Growth Offsets for Machinery

Method Advantages Disadvantages

Optical
Measurement

Laser
Measurement
(See Reference
13.)
Vernier-Strobe
(See Reference
13.)

Alignment
adjustment
while running
in response to
vibration.

elevated machines. Similar
system can measure machine
torque using strain gauges
mounted in coupling.
Non-electronic. Accurate if
done properly. Can be used
for both ground-mounted
and elevated machines. No
temperature limits.
Accurate.

Special Vernier scales
attached to coupling are read
or photographed with aid of
strobe light. Highly accurate
and fairly inexpensive.

Growth measurement
bypassed, going instead to
effects on running vibration.

Delicate instruments, fairly
expensive. Considerable
skill required.

Expensive. Special mounts
improve economics for
multiple installations and
accuracy.
Limited to use with certain
types of couplings, mainly
metal disk and grease
lubricated gear types.

Risk of machine damage if
moves are not well
controlled.

* Dymac, a unit ofSKF USA, Inc., San Diego, California.

Considerably more could be said about machinery alignment than we
have room for here. Those wishing to learn more are urged to investigate
the references listed.
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by Heinz P. Bloch, RE.
Consultanting Engineer

Next to mechanical seal failures, bearing failures are most often re-
sponsible for pump outages and repair events. Both rolling element (anti-
friction) bearings and sliding element (plain) bearings are used in centrif-
ugal pumps. Each of these two bearing categories is found in small as
well as large and in single as well as multistage pumps. However, very
large or very high speed pumps tend to favor sliding element bearings
over rolling element bearings.

Because the preponderance of centrifugal pumps is small, say less than
200 hp (~ 150 kW), most pumps are equipped with rolling element bear-
ings. Avoiding or reducing rolling element bearing failures should thus
be a prime topic whenever pump life extensions are being discussed.

A rolling element bearing is a precision device and a marvel of engi-
neering. It is unlikely that any other mass-produced item is machined to
such close tolerances. While boundary dimensions are usually held to
tenths of a thousandth of an inch, rolling contact surfaces and geometries
are maintained to millionths of an inch. It is for this obvious reason that
very little surface degeneration can be tolerated [12],

The life of a rolling element bearing running under good operating
conditions is usually limited by fatigue failure rather than by wear. Under
optimum operating conditions, the fatigue life of a bearing is determined
by the number of stress reversals and by the cube of the load causing
these stresses. As example, if the load on the bearing is doubled, the the-

* Material on lubrication of rolling element bearings adapted by permission from TRW Bearings Division,
Jamestown, New York,
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oretical fatigue life is reduced to one-eighth. Also, if speed is doubled,
the theoretical fatigue life is reduced to one-half.

Friction Torque

The friction torque in a rolling element bearing consists essentially of
two components. One of these is a function of the bearing design and the
load imposed on the bearing. The other is a function of the lubricant type,
lubricant quantity, and the speed of the bearing.

It has been found that the friction torque in a bearing is lowest with a
quantity of the correct viscosity oil just sufficient to form a film between
the contacting surfaces. This is just one of the reasons why oil mist (to be
explained later) is a superior lubrication method. The friction will in-
crease with greater quantity and/or higher viscosity of the oil. With more
oil than just enough to separate the rolling elements, the friction torque
will also increase with the speed.

Function of the Lubricant

A bearing lubricant serves to accomplish the following:

* To lubricate sliding contact between the cage and other parts of the
bearing.

* To lubricate any contact between races and rolling elements in areas of
slippage.

* To lubricate the sliding contact between the rollers and guiding ele-
ments in roller bearings.

* In some cases, to carry away the heat developed in the bearing.
* To protect the highly finished surfaces from corrosion.
» To provide a sealing barrier against foreign matter.

Oil Versus Grease

The ideal lubricant for rolling element bearings is oil. Grease, formed
by combining oil with soap or non-soap thickeners, is simply a means of
effecting greater utilization of the oil. In a grease, the thickener acts fun-
damentally as a carrier and not as a lubricant.

Although realtively few centrifugal pump bearings are grease lubri-
cated, greases are in fact used for lubricating by far the largest overall
number of rolling bearings. The extensive use of grease has been influ-
enced by the possibilities of simpler housing designs, less maintenance,
less difficulty with leakage, and better sealing against dirt. On the other
hand, there are limitations that do not permit the use of grease. Where a
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lubricant must dissipate heat rapidly, grease should not be used. In many
cases, associated machine elements that are oil lubricated dictate the use
of oil for rolling element bearings. Listed below are some of the advan-
tages and disadvantages of grease lubrication.

Advantages

• Simpler housing designs are possible; piping is greatly reduced or
eliminated.

• Maintenance is greatly reduced since oil levels do not have to be main-
tained.

• Being a solid when not under shear, grease forms an effective collar at
bearing edges to help seal against dirt and water.

• With grease lubrication, leakage is minimized where contamination of
products must be avoided.

• During start-up periods, the bearing is instantly lubricated whereas
with pressure or splash oil systems, there can be a time interval during
which the bearing may operate before oil flow reaches the bearing,

Disadvantages

• Extreme loads at low speed or moderate loads at high speed may create
sufficient heat in the bearing to make grease lubrication unsatisfactory.

• Oil may flush debris out of the bearing. Grease will not.
» The correct amount of lubricant is not as easily controlled as with oil.

Oil Characteristics

The ability of any oil to meet the requirements of specific operating
conditions depends upon certain physical and chemical properties. In
cold ambients, the lube oil must have a low enough pour point to ensure
that the oil remains in the liquid condition, whereas in hot ambients, the
lube oil must have a high enough viscosity to ensure that the rolling ele-
ments are coated with an oil film of sufficient thickness to prevent metal-
to-metal contact.

Viscosity

The single most important property of oil is viscosity. It is the relative
resistance to flow. A high viscosity oil will flow less readily than a thin-
ner, low viscosity oil.

Viscosity can be measured by any of a number of different instruments
that are collectively called viscosimeters. In the United States, the viscos-
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ity of oils is usually determined with a Saybolt Universal Viscosimeter. It
simply measures the time in seconds required for 60 cc of oil to drain
through a standard hole at some fixed temperature. The common temper-
atures for reporting viscosity are 100°F and 210°F (38°C and 99°C).
Viscosities are quoted in terms of Saybolt Universal Seconds (SUS).

Generally, for ball bearings and cylindrical roller bearings, it is a good
rule to select an oil that will have a viscosity of at least 13.1 cSt or 70
SUS at operating temperature. It is especially important to observe this
guideline in hot climates where it would be prudent to opt for ISO Grade
100 lube oils whenever possible,

Viscosity Index

All oils are more viscous when cold and become thinner when heated.
However, some oils resist this change of viscosity more than others. Such
oils are said to have a high viscosity index (V.I.). Viscosity index is most
important in an oil that must be used in a wide range of temperatures.
Such an oil should resist excessive changes in viscosity. A high V.I. is
usually associated with good oxidation stability and can be used as a
rough indication of such quality.

Pour Point

Any oil, when cooled, eventually reaches a temperature below which it
will no longer flow. This temperature is said to be the pour point of the
oil. At temperatures below its pour point, an oil will not feed into the
bearing, and lubricant starvation may result. In selecting an oil for roll-
ing element bearings, the pour point must be considered in relation to the
operating temperature. In other words, equipment operating at 10°F
should be lubricated with oils that have a pour point of zero or perhaps
even — 10°F. It should be noted that many diester or polyalpha-olefin
synthetic lubricants have pour points in the vicinity of — 60 °F and are
thus well suited for low temperature operation.

Flash and Fire Point

As an oil is heated, the lighter fractions tend to become volatile and
will flash off. With any oil, there is some temperature at which enough
vapor is liberated to flash into momentary flame when ignition is ap-
plied. This temperature is called the flash point of the oil. At a somewhat
higher temperature, enough vapors are liberated to support continuous
combustion. This is called the fire point of the oil. The flash and fire
points are significant indications of the tendency of an oil to volatilize at



528 Centrifugal Pumps: Design and Application

high operating temperatures. High V.I. oils generally have higher flash
and fire points than lower V.I. oils of the same viscosity.

Oxidation Resistance

All petroleum oils are subject to oxidation by chemical reaction with
the oxygen contained in air. This reaction results in the formation of
acids, gum, sludge, and varnish residues that can reduce bearing clear-
ances, plug oil lines, and cause corrosion.

Some lubricating fluids are more resistant to this action than others.
Oxidation resistance depends upon the fluid type, the methods and de-
gree of refining used, and whether oxidation inhibitors are used.

There are many factors that contribute to the oxidation of oils and prac-
tically all of these are present in lubricating systems. These include tem-
perature, agitation, and the effects of metals and various contaminants
that increase the rate of oxidation.

Temperature is a primary accelerator of oxidation. It is well known
that rates of chemical reaction double for every 18°F (10°C) increase in
temperature.

Below 140°F (60°C), the rate of oxidation of oil is rather slow. Above
this temperature, however, the rate of oxidation increases to such an ex-
tent that it becomes an important factor in the life of the oil. Conse-
quently,, if oil systems operate at temperatures above 140°F (60°C),
more frequent oil changes would be appropriate. Figure 20-1 shows rec-
ommended oil replacement frequencies as a function of oil sump or reser-
voir capacity.

The oxidation rate of oil is accelerated by metals such as copper and
copper-containing alloys and to a much lesser extent by steel. Contami-
nants such as water and dust also act as catalysts to promote oxidation of
the oil.

Emulsification

Generally, water and straight oils do not mix. However, when an oil
becomes dirty, the contaminating particles act as agents to promote
emulsification. In rolling element bearing lubricating systems, emulsifi-
cation is undesirable. Therefore, the oil should separate readily from any
water present, which is to say, it should have good demulsibility charac-
teristics.

Rust Prevention

Although straight petroleum oils have some rust protective properties,
they cannot be depended upon to do an unfailing job of protecting rust-
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Figure 20-1. Recommended lube oil change frequency as a function of bearing
bore diameter and lube oil sump capacity (courtesy of FAG Bearing Corporation,
Stamford, Connecticut).

susceptible metallic surfaces. In many instances, water can displace the
oil from the surfaces and cause rusting. Rust is particularly undesirable
in a rolling element bearing because it can seriously abrade the bearing
elements and areas pitted by rust will cause rough operation or failure of
the bearing.

Additives

High grade lubricating fluids are formulated to contain small amounts
of special chemical materials called additives. Additives are used to in-
crease the viscosity index, fortify oxidation resistance, improve rust pro-
tection, provide detergent properties, increase film strength, provide ex-
treme pressure properties, and sometimes to lower the pour point.

General Lubricant Considerations

The proper selection of a grease or oil is extremely important in high-
speed bearing operation. Proper lubrication requires that an elastohydro-
dynamic oil film be established and maintained between the bearing ro-
tating members. To ensure the build-up of an oil film of adequate
load-carrying capacity, the lubricating oil must possess a viscosity ade-
quate to withstand the given speed, load, and temperature conditions.
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These requirements would probably be best satisfied by a different lu-
bricant for each specific application. For the relatively unsophisticated
rolling element bearing service found in the typical centrifugal pump, it
is often possible to economize by stocking only a few lubricant grades,
Maintaining a minimum base oil viscosity of 70 Saybolt Universal Sec-
onds (SUS) or 13.1 centistokes (cSt) has long been the standard recom-
mendation of many bearing manufacturers. It was applied to most types
of ball and some roller bearings in electric motors with the understanding
that bearings would operate near their published maximum rated speed,
that naphthenic oils would be used, and that the viscosity be no lower
than this value even at the maximum anticipated operating temperature of
the bearings [3].

Figure 20-2 shows how higher viscosity grade lubricants will permit higher
bearing operating temperatures. ISO viscosity grade 32 (147 SUS @ 100°F or
28.8-35.2 cSt @ 40°C) and grade 100 (557 SUS @ 100°F or 90-110 cSt @
40°C) are shown on this chart. It shows a safe allowable temperature of
146 °F (63 °C) for rolling element bearings with grade 32 lubrication. Switch-
ing to grade 100 lubricant and requiring identical bearing life, the safe allowa-
ble temperature would be extended to 199°F (93°Q. If a change from grade
32 to grade 100 lube oil should cause the bearing operating temperature to
reach some intermediate level, a higher oil viscosity would result and the bear-
ing life would actually be extended. Most ball and roller bearings can be oper-
ated satisfactorily at temperatures as high as 250°F (121 °C) from the metal-
lurgy point of view. The only concern would be the decreased oxidation
resistance of common lubricants, which might require more frequent oil
changes. However, the "once-through" application of oil mist solves this
problem. Therefore, oil mist lubricated anti-friction bearings are often served
by ISO grade 100 naphthenic oils. Where these oils are unavailable or in ex-
tremely low ambients, dibasic ester-based synthetic lubes have been very suc-
cessfully applied. These synthetics eliminate the risk of wax plugging that has
sometimes been experienced with mineral oils at low temperatures.

When applying greases to lubricate pump bearings, certain precautions
are in order. Soft, long-fibered type greases, or excessively heavy oils,
will result in increased churning friction at higher speeds, causing bear-
ing overheating due to the high shear rate of these lubricants. Excessive
amounts of lubricant will also create high temperatures.

Using oils of adequate film strength, but light viscosity, or using chan-
neling or semi-channeling greases has the benefit of substantially reduc-
ing the heat-generating effects of lubricants. The advantages of these
greases rest in their ability to "channel" or be pushed aside by the rotat-
ing ball or roller elements of a bearing and to lie essentially dormant in
the side cavities of the bearing or housing reservoir. Channeling greases
normally are "short-fibered" and have a buttery consistency that imparts



Rolling Element Bearings and Lubrications 531

Figure 20*2. Temperature vs. viscosity relationships for various lube oil grades.
Note that centrifugal pumps are typically lubricated with ISO grades 32 through
100,

a low shear rate to the lubricant. This low temperature aids an operating
bearing to establish a temperature equilibrium, even if a lubricant is ap-
plied having a slightly higher viscosity than the application demands.
Higher fluid friction increases the temperature of the lubricant until the
viscosity is reduced to the proper level. It should be noted, however, that
short-fibered greases may lead to "false brinelling" damage in applica-
tions subject to vibration without equipment rotation.

Greases generally are applied where oils cannot be used, for example,
in places where sealing does not exist or is inadequate, dirty environ-
ments, in inaccessible locations, in places where oil dripping or splashing
cannot be tolerated, and often, where "sealed-for-life" lubrication is de-
sired.

Greases are fine dispersions of oil-insoluble thickening agents—usu-
ally soap-—in a fluid lubricant such as a mineral oil. When a bearing lu-
bricated with grease starts to move, the grease structure (created by the
thickening agent) is affected by the shearing action, and lubrication is
provided by the oil component of the grease. As the bearing slows to a
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stop, the grease regains its semi-solid structure. In non-moving parts of
the bearing, this structure does not change.

The type and amount of the thickener, additives used, the oil, and the
way in which the grease is made can all influence grease properties. The
chosen base-oil viscosity generally matches that for a fluid lubricant used
for the same service—low-viscosity oil for light loads, fast speeds and
low temperatures; high-viscosity oils for differing conditions. The thick-
ener will determine grease properties such as water resistance, high-tem-
perature limit, resistance to permanent structural breakdown, "stay-put"
properties, and cost.

Greases are classified on the basis of soap (or thickener) type, soap
content, dropping point, base oil viscosity, and consistency. Consistency
mainly is a measure of grease-sealing properties, dispensability, and tex-
ture. Once the grease is in a bearing, consistency has little effect on per-
formance. But despite this, greases are widely described primarily on the
basis of consistency [5].

Sodium-soap greases are occasionally used on small pump bearings be-
cause of their low torque resistance, excellent high-temperature perfor-
mance, and ability to absorb moisture in damp locations. Since all so-
dium soaps are easily washed out by water sprays, they should not be
employed where splashes of water are expected.

Lithium-soap greases generally are water resistant and corrosion inhib-
iting, and have good mechanical and oxidation stability. Many automo-
bile manufacturers specify such grease—often with additives to give
wide protection against problems caused by shipment, motorist neglect,
and the extended lubrication intervals now popular. Widely used in cen-
tralized lubrication systems, these versatile greases are also favored in
both sliding and rolling element bearings.

Simple calcium-soap greases resist water-washout, are noncorrosive to
most metals, work well in both grease cups and centralized lubrication sys-
tems, and are low-cost lubricants. They are, dependent on manufacture and
ingredients, limited to services < 160°F to 200°F (71°C to 93°C).

Complex calcium-soap greases, wisely applied, can provide multi-pur-
pose lubrication at a fraction of the cost of a lithium-soap grease; how-
ever, misapplication of these greases will more likely cause more diffi-
culty than the same error committed with lithium greases.

Special-purpose greases are available for food processing (both the
thickener and oil are nontoxic), fine textile manufacture (light colors for
nonstaining, or adhesive grades to avoid slingoff), rust prevention, and
other special services.

The user is well advised to observe the grease compatibility constraints
indicated in Table 20-1, Experience shows that many pumps and electric
motor drivers are initially factory-lubricated with polyurea greases to
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Table 20-1
Results of Grease

Incompatibility Study

Aluminum Complex X I I C I I i I C I
Barium I X I _C_I I I I I l_
Calcium I I X C j C C B C \__
Calcium 12-hydroxy C C C X B C C C C l_
Caiclum Complex I J B X I I I _ C _C_
Clay i C C I X I I . I I
Lithium i C C i ! X C C i
Lithium 12-hydroxy I B C ! I C X C I
Lithium Complex C C C C I C C X \_
Polyurea I i I I C I I I I X

B = Borderline Compatibility
C = Compatible
I = Incompatible

Derived from a paper given by E. H. Meyers entitled "Incompatibility of Greases" at the NLGI's
49th Annual Meeting,

prevent oxidation damage during storage. Obviously, this grease should
not be mixed with many of the typical greases used by modern process
plants.

Application Limits for Greases

Bearings and bearing lubricants are subject to four prime operating in-
fluences: speed, load, temperature, and environmental factors. The opti-
mal operating speeds for ball and roller type bearings—as related to lu-
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brication—are functions of what is termed the DN factor. To establish th
DN factor for a particular bearing, the bore of the bearing (in millime
ters) is multiplied by the revolutions per minute, that is:

?5mm x 1000 rpm = 75,000 DN value

Speed limits for conventional greases have been established to rang<
from 100,000 to 150,000 DN for most spherical roller type bearings an<
200,000 to 300,000 DN values for most conventional ball bearings
Higher DN limits can sometimes be achieved for both ball and roller typ
bearings, but require close consultation with the bearing manufacture!
When operating at DN values higher than those indicated above, use ei
ther special greases incorporating good channeling characteristics or cir
culating oil. Typical relubrication intervals are given in Figure 20-3.

Figure 20-3. Relubrication intervals recommended by SKF Bearing Company.

Life-Time Lubricated, "Sealed" Bearings

As shown in Table 20-2, "lubrication for life" ranks last in order of
preference [8J. Lubed-for-life bearings incorporate close-fitting seals in
place of, or in addition to shields. These bearings are customarily found
on low horsepower motors or on appliances that operate intermittently.
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Table 20-2
Influence of Lubrication On Service Life

(Source: FAG Bearing Corporation)

Oil Oil Grease Dry
lubricant

Rolling Rolling bearing with Rolling Rolling
bearing gearwheels and other bearing bearing
alone wearing parts alone alone

Circulation with Circulation with Automatic
filter, automatic filter feed
oiler
Oil-air
Oil-mist Oil-air

Oil-mist
Circulation
without filter*

Circulation
without filter*

Sump, regular Regular
renewal regreasing of

cleaned bearing
Surnp, regular
renewal*
Rolling bearing
(a) in oil vapour
(b) in sump Regular
(c) oil circulation grease

replenishment
Sump, occasional
renewal

Sump, occasional Regular
renewal renewal
Rolling bearing
(a) in oil vapour Occasional

renewal
(b) in sump Occasional

replenishment
(c) oil circulation

Lubrication
for-Sife

Lubrication
for-life

* By feed cones, bevel wheels, asymmetric rolling bearings.
** Condition: Lubricant service life < Fatigue life.

However, at least one large petrochemical company in the United States
has expressed satisfaction with sealed ball bearings in small centrifugal
pumps as long as bearing operating temperatures remained below 150°C
(302 °F) and speed factors DN (mm bearing bore times revolutions per
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minute) did not exceed 300,000 [15]. Studies showed, on the other hand,
that close-fitting seals can cause high frictional heat and that loose fitting
seals cannot effectively exclude atmospheric air and moisture that will
cause grease deterioration. It should be assumed that these facts preclude
the use of lubed-for-life bearings in installations that expect "life" to last
more than three years in the typical petrochemical plant environment.
Moreover, we believe this to be the reason why some bearing manufac-
turers advise against the use of sealed bearings at DN values in excess of
108,000. At least one bearing manufacturer considers the DN range be-
tween 80,000 and 108,000 the "gray'* area, where either sealed or open
(shielded) bearing would be acceptable. The DN range below 80,000 is
generally considered safe for sealed bearings. This would generally ex-
clude sealed bearings from all but the smallest centrifugal pumps.

Oil Viscosity Selection

The Oil Viscosity Selection Chart (Figure 20-2) may be used as a guide
for the selection of the proper viscosity oil. The chart may be used for
applications where loads are light to moderate with moderately high con-
ditions of speed and temperature.

Applications of Liquid Lubricants in Pumps

The amount of oil needed to maintain a satisfactory lubricant film in a
rolling element bearing is extremely small. The minimum quantity re-
quired is a film averaging only a few micro-inches in thickness. Once this
small amount has been supplied, make-up is required only to replace the
losses due to vaporization, atomization, and seepage from the bearing
surfaces [12].

How small a quantity of oil is required can be realized when we con-
sider that 1/1000 of a drop of oil, having a viscosity of 300 SUS at 100°F
(38°C) can lubricate a 50 mm bore bearing running at 3,600 RPM for
one hour. Although this small amount of oil can adequately lubricate a
bearing, much more oil is needed to dissipate heat generated in high
speed, heavily loaded bearings.

Oil may be supplied to rolling element bearings in a number of ways.
These include bath oiling, oil mist from an external supply, wick feed,
drip feed, circulating system, oil jet, and splash or spray from a slinger
or nearby machine parts.

One of the simplest methods of oil lubrication is to provide a bath of oil
through which the rolling element will pass during a portion of each rev-
olution. It can be shown that only a few drops of oil per hour would
satisfy the lubrication requirements of a typical rolling element bearing in
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a centrifugal pump. However, unless frictional heat generated by the
bearing is readily dissipated, the lubricating oil must serve also as a cool-
ant,

The MRC Bearing Division of TRW calculates the theoretical oil flow
required for cooling from the expression.

where Fr = Coefficient of friction referred to PD
.00076 = cylindrical roller bearings
.00089 = pure thrust ball bearings
.00103 = radial ball bearings
.00152 = angular contact ball bearings
.002-.005 = tapered roller bearings

P = imposed equivalent load in pounds
PD = pitch diameter in inches

RPM = operating speed in revolutions per minutes
T0 = outlet oil temperature in °F
Tj = inlet oil temperature in °F (T0 - Tj, generally about

50°F)
Hs = specific heat of oil in BTU/LB/°F (usually .46 - .48)

= . 195 + .000478 (460 + Tj)

Conversion: (pounds of oil per minute) x (0.135) = gal/min
Hence, where cooling is required in high speed and heavily loaded

bearings, oil jets and circulating systems should be considered. If neces-
sary, the oil can be passed through a heat exchanger before returning to
the bearing.

Oil Bath Lubrication

A simple oil bath method is satisfactory for low and moderate speeds.
The static oil level should not exceed the center line of the lowermost ball
or roller. A greater amount of oil can cause churning that results in ab-
normally high operating temperatures. Systems of this type generally
employ sight gauges to facilitate inspection of the oil level.

Figure 20-4 shows a constant level arrangement for maintaining the
correct oil level. Figure 20-5 shows a similar arrangement that includes a
pressure-balanced constant level oiler.
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Figure 20-4. Constant level oilers are typically used for conventional lubrication
of centrifugal pumps.

Figure 20-5. Pressure-balanced constant level oilers are required for bearing
housings with excessive back pressure or vacuum. They are ideally suited for
purge oil mist applications (courtesy of Oil-Rite Corporation, Manitowoc, Wiscon-
sin).
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Drip Feed Lubrication

Although not usually found on centrifugal pumps, this system is widely
used for small and medium ball and roller bearings operating at moderate
to high speeds where extensive cooling is not required. The oil, intro-
duced through a filter-type, sight feed oiler, has a controllable flow rate
that is determined by the operating temperature of the bearings.

Figure 20-6 illustrates a typical design and shows the preferred loca-
tion of the oiler with respect to the bearings.

Forced Feed Circulation

This type of system uses a circulating pump and is particularly suitable
for low to moderate speed, heavily loaded applications where the oil has
a major function as a coolant in addition to lubrication. If necessary, the
oil can be passed through a heat exchanger before returning to the bear-
ing. Entry and exit of the oil should be on opposite sides of the bearing.
An adequate drainage system must be provided to prevent an excess ac-
cumulation of oil. Oil filters and magnetic drain plugs should be used to
minimize contamination.

In applications of large, heavily loaded, high speed bearings operating
at high temperatures, it may be necessary to use high velocity oil jets. In
such cases the use of several jets on both sides of the bearing provides
more uniform cooling and minimizes the danger of complete lubrication
loss from plugging. The jet stream should be directed at the opening be-
tween the cage bore and inner ring O.D., see Figure 20-7. Adequate
scavenging drains must be provided to prevent churning of excess oil af-
ter the oil has passed through the bearing. In special cases, scavenging
may be required on both sides of the bearing.

At extremely high speeds, the bearing tends to reject the entry of suffi-
cient oil to provide adequate cooling and lubrication with conventional
oil jet and flood systems. Figure 20-8 shows an under-race lubrication
system with a bearing having a split inner ring with oil slots. This method
ensures positive entrance of oil into the bearing to provide lubrication
and cooling of the inner ring and may well become a standard on the
high-performance pump of the future.

Oil Mist Lubrication

Oil mist lubrication, as shown schematically in Figure 20-9, is a cen-
tralized system that utilizes the energy of compressed air to supply a con-
tinuous feed of atomized lubricating oil to multiple points through a low
pressure distribution system operating at «= 20 in (* 500 mm) H^O. Oil
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Figure 20-6. Drip feed lubrication occasionally used on small vertical pumps.

Figure 20-7. Oil jet lubrication for heavily loaded high speed bearings.

Figure 20-8. Under-race oil jet lubrication apptied through split inner ring with oil
slots ensures positive entrance of oil into bearing.
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Figure 20-9. Oil mist lubrication schematic (courtesy of Alemite Division of Ste-
wart-Warner Corporation, Chicago, Illinois).

mist then passes through a reclassifier nozzle before entering the point to
be lubricated. This reclassifier nozzle establishes the oil mist stream as
either a mist, spray, or condensate, depending on the application of the
system.

Since the mid-1950s, the oil mist lubrication concept has been accepted
as a proven and cost-effective means of providing lubrication for centrif-
ugal pumps. Typical petrochemical plant pump applications are illus-
trated in Figures 20-10 through 20-13. Centralized oil mist systems have
also been highly successful on electric motors, gears, chains, and hori-
zontal shaft bearings such as on steam turbines and steel plant rolling mill
equipment.

The actual method of applying oil mist to a given piece of equipment is
governed to a large extent by the type of bearing used. For sliding bear-
ings, oil mist alone is not considered an effective means of lubrication
because relatively large quantities of oil are required. In this case, oil
mist is used effectively as a purge of the oil reservoir and, to a limited
extent, as fresh oil make-up to the reservoir. Purge mist lubricated pumps
generally use a constant level oiler with a balance line between the bear-
ing housing and the oiler lower bowl. This type of installation, which
was shown earlier in Figure 20-5, is required for bearing housings having
an excessive back pressure or vacuum and is ideally suited for purge oil
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Figure 20-10. Oil mist console suitable for lubricating 30-60 pumps in a refinery
(courtesy of Lubrication Systems Company, Houston, Texas).

mist applications. A constant level can be maintained in spite of pressure
or vacuum in the housing as the equalizing tube provides static balance of
pressure between the bearing housing and oiler bowl.

Rolling element bearings, on the other hand, are ideally suited for dry-
sump lubrication. With dry sump oil mist, the need for a lubricating oil
sump is eliminated. If the equipment shaft is arranged horizontally, the
lower portion of the bearing outer race serves as a mini-oil sump. The
bearing is lubricated directly by a continuous supply of fresh oil conden-
sation. Turbulence generated by bearing rotation causes oil particles sus-
pended in the air stream to condense on the rolling elements as the mist
passes through the bearings and exits to atmosphere. This technique of-
fers four principal advantages:

• Bearing wear particles are not recycled back through the bearing, but
are washed off instead.
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Figure 20-11. Multi-stage pump and electric motor connected to oil mist tubing
(courtesy of Lubrication Systems Company, Houston, Texas).

• The need for periodic oil changes is eliminated.
• Long-term oil breakdown, oil sludge formation, and oil contamination

are no longer factors affecting bearing life.
» The ingress of atmospheric moisture into the motor bearing is no

longer possible and even the bearings of standby equipment are prop-
erly preserved. Without oil mist application, daily solar heating and
nightly cooling cause air in the bearing housing to expand and contract.
This allows humid, often dusty air to be drawn into the housing with
each thermal cycle. The effect of moisture condensation on rolling ele-
ment bearings is extremely detrimental and is chiefly responsible for
few bearings ever seeing their design life expectancy in a convention-
ally lubricated environment.

It has been established that loss of mist to a pump or motor is not likely
to cause an immediate and catastrophic bearing failure. Tests by various
oil mist users have proven that bearings operating within their load and
temperature limits can continue to operate without problems for periods
in excess of eight hours. Furthermore, experience with properly main-
tained oil mist systems has demonstrated outstanding service factors. Be-
cause there are no moving parts in the basic oil mist components, and
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Figure 20-12. Single-stage overhung pump using oil mist lubrication (courtesy
of Lubrication Systems Company, Houston, Texas).

Figure 20-13. Between-bearing pump bracket receiving continuous oil mist lu-
brication (courtesy of Lubrication Systems Company, Houston, Texas).
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because the system pressure is very low, oil mist is a reliable lubrication
method. Proper lubrication system operation can be interlocked with
pump operation or an alarm system, assuring adequate lubrication.

The savings due to lower preventive maintenance labor requirements,
equipment repair cost avoidance, and reductions in unscheduled produc-
tion outage events have been very significant and cannot possibly be
overlooked by a responsible manager or cost-conscious manufacturing
facility. Oil mist systems have become extremely reliable and can be used
not only to lubricate operating equipment, but to preserve stand-by, or
totally deactivated ("mothballed") equipment as well.

The majority of centrifugal pump installations using oil mist lubrica-
tion have, as of 1991, applied open, once-through mist flow. However,
closed systems with virtually no losses to the environment do exist and
should be the preferred configuration in the future 14, 2],

Selecting Rolling Element Bearings for Reduced Failure Risk

Less than 10% of all ball bearings run long enough to succumb to nor-
mal fatigue failure, according to the Harden Corporation [13]. Most
bearings fail at an early age because of static overload, wear, corrosion,
lubricant failure, contamination, or overheating. Skidding (the inability
of a rolling element to stay in rolling contact at all times), another fre-
quent cause of bearing problems, can be eliminated by ensuring the bear-
ing will always be loaded. With pairs of angular contact bearings, pre-
loading may be necessary.

Actual operations have shown that better bearing specification prac-
tices will avert the majority of static overload problems. Other problems
caused by wear, corrosion, and lubricant failure, contamination and
overheating can be prevented by the proper selection, application, and
preservation of lubricants. Oil viscosity and moisture contamination are
primary concerns, and higher-viscosity lubricants are generally pre-
ferred [3]. The detrimental effects of moisture contamination are de-
scribed in Table 20-3.

Unlike API pump bearings, which petrochemical companies often spe-
cify for a B-10 life of 40,000 hours, ANSI pump bearings are selected on
the basis of an expected 24,000-hour life. Nominally, this means that
90% of the ANSI pump bearings should still be serviceable after approxi-
mately three years of continuous operation. However, the failure statis-
tics quoted by MacKenzie [13] indicate that conventionally lubricated
ANSI pump bearings do not even approach this longevity. Lack of lubri-
cation, wrong lubricants, water and dirt in the oil, and oil-ring debris in
the oil sump all cause bearing life expectancies to be substantially less. It
must be assumed that similar findings by other major users of ANSI
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Table 20-3
Fatigue Life Reduction of Roiling Element Bearings Due to Water

Contamination of Lubricant (Mineral Oil)

Base Oil
Description

Mineral oil,
dried over
sodium

Water Content
of Wet Oil, %

0.002
0.014
3.0
6.0

Fatigue-Life
Reduction, %

48
54
78
83

Test Equipment
and

Hertzian Stress

Rolling 4-BaIl
test, 8.60

GPa(1.25x
104 psi)

pumps prompted the search for "life-time lubricated" rolling element
bearings that we had alluded to earlier, but which nevertheless have their
own particular vulnerabilities.

Problem incidents caused by dirt and water have been substantially re-
duced by oil mist lubrication. However, serious failure risk can also be
introduced by certain specification practices, including some contained
in API 610. Without going into the many possible factors that could in-
fluence bearing life, several items must be considered in the mechanical
design of reliable centrifugal pumps. First among these would be that
deep-groove Conrad-type radial bearings with loose internal clearance*
are more tolerant of off-design pump operation than bearings with preci-
sion tolerances. Also, it should be recognized that centrifugal pumps
which undergo signficant bearing temperature excursions are prone to
cage failures. Phenolic cages are best suited for operation of radial bear-
ings below 225°F (107°C). New cage materials, such as Polyamide 66,
provide a much higher temperature limit and excellent lubricity at these
temperatures. Metallic cages are, of course, equally suitable and are
sometimes preferred in thrust bearings.

The pump designer and pump user must also come to grips with ques-
tions relating to preload values and contact angles. The API requirement
to utilize duplex 40° contact angle thrust bearings was prompted by the
desire to obtain maximum load capacity from a given size bearing [11].
Similarly, the requirement of installing these bearings back-to-back with
a light axial preload was aimed at reducing axial shuttling of rotors to
prevent brinelling of contact surfaces (raceways) and to prevent ball skid-
ding. Occasionally, an effective way to prevent this destructive skidding
is to install matched, preloaded sets of angular contact bearings with dif-

* The AFBMA (Anti-Friction Bearing Manufacturers Association) calls this recommended clearance a
"C3" clearance as opposed to looser or tighter clearances (C1 or C5, for instance).
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ferent contact angles. The MRC Division of SKF markets these bearings
under the trade designation "Pumpac." Experience shows these bearings
are capable of extending the mean time between pump repairs, especially
in single-stage, overhung pumps with unidirectional thrust load, in sizes
above 20 hp and at speeds in excess of 1,800 rpm [7].

As regards quantification of preload, Figure 20-14 will prove very en-
lightening. It shows that for a given bearing (FAG 7314 B.UO, 70 mm
bore diameter) a shaft interference fit of 0.0003 in. will produce an al-

Figure 20-14. Mounted preload vs. shaft fit for a specific 70mm bore diameter
bearing (courtesy of FAG Bearing Corporation).
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most insignificant preload of approximately 22 Ibs, whereas an interfer-
ence fit of 0.0007 in. would result in a mounted preload of 200 Ibs. A
much more significant preload would result from temperature differ-
ences between inner and outer bearing rings. Such differences could exist
in pumps if heat migrated from high temperature pumpage along the
shaft or if the pump design incorporated cooling provisions that might
artificially cool the outer ring and would thus prevent it from expanding,
By far the worst scenario would be for a pump operator to apply a cooling
water stream from a firehose. It is sad to see this done today, in the age of
high tech, space travel, and information explosion.

Figure 20-15A is very important because it allows us to visualize how
the cage inclination of back-to-back mounted angular contact bearings
with steeper angles promotes a centrifugal outward-oriented flinging ac-
tion from side "A" to side "B" [8]. If conventionally lubricated angular
contact ball bearings are back-to-back mounted as shown in Figure
20-15B, lubricant flow may become marginal or insufficient. Subject to
proper selection and utilization of proper installation procedures, face-to-
face mounting (Figure 20-15C) may be advantageous because it pro-
motes through-flow of lube oil. This presupposes that the temperature
difference between inner and outer race is minimal. If the temperature
difference were substantial, growth of the inner ring would force the
bearing into a condition of high axial preload.

The least vulnerable thrust bearing execution is illustrated in Figure
20-16, Here, the vendor has opted to guide the lube oil into spacer ring
"A." This ensures that lubricant flows through both bearings before exit-
ing at each end. A second spacer ring "B" facilitates making preload ad-
justments. Flinger disc "C" tosses lube oil onto the surrounding surfaces
and from there it flows into trough "D" and on towards both inboard and
outboard bearing locations. The periphery of flinger "C" dips into the
lube oil level; however, the lube oil level is generally maintained well
below the center of the lowermost ball. This reduces oil churning and
friction-induced heat-up of lube oil and bearings. Needless to say, unless
lubricant application methods take into account all of the above, bearing
life and reliability may be severely impaired.

The pump designer and user should also realize that double row "filler
notch*' bearings are considerably more vulnerable in pump thrust appli-
cations than other bearing types and should not be used. Similarly, ball
bearings are sensitive to misalignment and must be properly mounted to
eliminate this cause of failure. Misalignment must be no greater than
0.001 inch per inch of shaft length. Bearings operating in a misaligned
condition are subject to failure regardless of cage type, although riveted
cages seem particularly prone to rivet head fatigue in misaligned condi-
tion.
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Figure 20-15. Angular contact bearings commonly used for thrust take-up in
centrifugal pumps.
a) Skew of ball separator promotes lubricant flow from side "a" to side "b,"
b) Back-to-back mounted angular contact bearings.
c) Face-to-face mounted angular contact bearings.

Figure 20-16. Advantageous lubrication arrangement ensures optimized deliv-
ery of lube oil to all bearings (courtesy of KSB Pump Company, Kaiserslautern
Germany).

Magnetic Shaft Seals in the Lubrication Environment

Most pump shaft seals are generally inadequate, ANSI pumps are usu-
ally furnished with elastomeric lip seals. When these seals are in good
condition, they contact the shaft and contribute to friction drag and tem-
perature rise in the bearing area. After 2,(XX) to 3,000 operating hours,
they are generally worn to the point at which they no longer present an
effective barrier against contaminant intrusion. Percent failure vs. hours
to leakage for two types of lip seals is shown in Figure 20-17 [10].
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Figure 20*17. Percent failure vs. hours to leakage for two types of lip seals
(courtesy of L. A. Horve, "CR Waveseal—A Detailed Synopsis of Five Compara-
tive Life Tests").

API-type pumps are generally furnished with non-contacting labyrinth
seals or bearing isolators similar to the one depicted in Figure 20-18.
However, neither of these two executions can claim to represent a totally
effective barrier against the intrusion of atmospheric dust or moisture.
Moisture, in particular, can cause unexpectedly high decreases in bearing
fatigue life. Armstrong and Murphy [1] summarize the deleterious ef-
fects of water in lube oil. They state that in the 1960s, researchers Grun-
berg and Scott had found the fatigue life at a water content of 0.002%
reduced 48% and, at 6.0% water, found it to be reduced 83%. Others
found a fatigue life reduction of 32% to 43% for squalene containing
0.01 % water, and a third group of researchers detected about an 80%
drop with a moist air environment contacting dried mineral oil (see Table
20-3). While the detailed mechanism for the reduction of fatigue life by
water in a lubricant is not completely understood, it is thought to relate to
aqueous corrosion. There is much evidence that the water breaks down
and liberates atomic hydrogen. This causes hydrogen embrittlement and
increases the rate of cracking of the bearing material by a significant
margin.

A solution to the problem of sealing pump-bearing housings can be
found in aircraft and aerospace hydraulic pumps, which make extensive
use of magnetic face seals. This simple seal consists of two basic compo-
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Figure 20-18. "Bearing isolators" are non-contacting bearing housing seals
which are sometimes used in centrifugal pumps (courtesy of INPRO Seal Com-
pany, Rock Island, Illinois).

nents as shown in Figure 20-19. These components are: (1) a magnetized
ring, having an optically flat sealing surface that is fixed in a stationary
manner to the housing and sealed to the housing by means of a secondary
O-ring, and (2) a rotating ring having a sealing surface that is coupled to
the shaft for rotation and sealed to the shaft with an O-ring.

The rotating ring, which is fabricated from a ferromagnetic stainless
steel, can be moved along the shaft. When no fluid pressure exists, the
sealing surfaces are held together by the magnetic force, which is reliable
and uniform, creating a positive seal with minimum friction between the
sealing faces and ensuring the proper alignment of the surfaces through
the equal distribution of pressure.

Magnetic seals are very reliable. Many have operated continuously for
40,000 hours without repair or adjustment under conditions considerably
more severe than those to which chemical process pumps are typically
exposed.

Finally, if sealed-bearing housings must accommodate changes in in-
ternal pressure and vapor volume, an expansion chamber similar to that
shown in Figure 20-20 can be used. This small device, which incorpo-
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Figure 20-19. Magnetic face seals find extensive application in aerospace
pumping services (courtesy of Magnetic Seal Corporation, West Barrington
R.I.).

rates an elastomeric diaphragm and constitutes a completely enclosed
system, is screwed into the housing vent opening. It accommodates the
expansion and contraction of vapors in the bearing housing without per-
mitting moisture and other contaminants to enter. Carefully selected from
a variety of plain and fabric-supported elastomers, the diaphragm will
not fail prematurely in harsh chemical environments [14].

The upgraded medium-duty bearing housing shown in Figure 20-21 in-
corporates the various bearing life improvement features that have been
discussed: (1) a deep-groove Conrad-type bearing with loose internal
clearance (C3); (2) a duplex angular contact (40°), lightly preloaded
back-to-back-mounted thrust bearing; (3) a vent port that remains
plugged for dry-sump oil-mist lubricated bearings and that can be fitted
with an expansion chamber if conventionally lubricated; (4) a magnetic
seal; and (5) a bearing housing end cover made to serve as a directed oil-
mist fitting [6].

If oil mist is not available at a given location, the conventional lubrica-
tion method shown earlier in Figure 20-16 would be the second choice
for engineers experienced with pump operation and maintenance. Third
choice would be as indicated in Figure 20-22, with the oil level at "A" or
reaching to the center of the lowermost ball. The oil ring, Item 1, serves
only to keep the oil in motion. If the oil level is allowed to drop to point
"B," the oil ring is expected to either feed oil into the bearings or gener-
ate enough spray to somehow get adequate amounts of lubricant to the
various bearings. Unfortunately, there is no real assurance of this hap-
pening. An oil ring with a given geometry will be fully effective only if it
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Figure 20-20. A small expansion chamber
accommodates vapor expansion and con-
traction in hermetically sealed bearing hous-
ings (courtesy of Gits Manufacturing Com-
pany, Bedford Park, Illinois).

Figure 20-21. Bearing housing for so-called upgraded medium duty (UMD)
pump marketed in the U.S. since 1985 (courtesy of Carver Pump Company, Mus-
catine, Iowa).

is immersed to the proper working depth, turns at the proper speed, and
is surrounded by lube oil of the proper viscosity. This is graphically illus-
trated in Figure 20-23, which is derived from Heshmat and Pinkus [9]. In
this context, fully effective would mean that the oil ring should deliver a
sufficient amount of oil even as the shaft speed increases. This is
achieved by the ring provided with grooves on the inside diameter,
whereas the ring with the conventionally executed inside diameter ap-
pears to deliver sufficient amount only at low shaft speeds.
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Figure 20-22. Conventionally lubricated centrifugal pumps using oil rings must
pay close attention to oil levels (courtesy of Sulzer-Weise, Bruchsal, Germany),

In summary, proper lubrication of rolling element bearings in centrifu-
gal pumps depends on such factors as bearing preload, cage inclination,
point of introduction of lube oil, and oil ring design, immersion, oil vis-

Figure 20-23. Amount of oil delivered by grooved and non-grooved rings (cour-
tesy of H. Heshmat and O. Pinkus, "Experimental Study of Stable High-Speed
OH Rings").
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cosity, and oil cleanliness. Unless these factors are understood and unless
both user and designer take them into full account, bearing life may be
erratic or perhaps even consistently too low.
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by Gordon S. Buck
John Crane Inc.

In spite of recent advancements in mechanical sealing technology, ex-
cessive leakage is the most common cause of "pump repairs.'* In fact,
seal-related repairs represent approximately 60% to 70% of all centrifu-
gal pump maintenance work. Therefore, seal-related repairs are an ex-
cellent area to concentrate pump reliability improvement programs. Un-
fortunately, because of the many facets of seal reliability, this chapter can
only serve as an overview and introduction to mechanical seal reliability.

Although a meTchanical seal may be small enough to hold in your hand
and simple in concept (see Chapter 17, Figure 17-1), it is actually a com-
plex device. The successful operation of mechanical seals in centrifugal
pumps calls for careful attention to detail in several areas. These areas
are:

• Seal hardware (including sleeve, gland, and gaskets).
• Seal installation.
• Pump hardware (including piping).
• Pump repair and installation.
• Pump operation (including flush to seal).

Of course, these areas are not independent, but often seal reliability
can be improved by concentrating on individual areas to solve particular
problems. Naturally, the pertinent area must be selected or the effort may
be entirely wasted. Therefore, the first step in reducing seal failures is to
establish a seal failure analysis program.
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Failure Analysis

The purpose of a mechanical seal is to prevent, or at least limit, leak-
age. Normally, the leakage from a mechanical seal is so slight that it is
difficult to measure. For example, a 2-inch seal containing water at 100
psig should leak less than 2 ml/hr. Current federal regulations require
that the concentration of certain volatile organics be less than 10,000
ppm near the seal leakage point. In some areas, this limit is 1000 ppm. It
is likely that none of these examples would show any visible leakage. Be-
cause most seals are wearing devices, they will fail, that is, leak exces-
sively t at some point in time. The machinery engineer must therefore be
prepared to learn from each seal failure and use that information to im-
prove future designs and applications so that seal life is improved. In or-
der to do this, detailed records of each failure should be maintained.

Failure analysis is simply allowing the seal to tell why it did not per-
form as expected. This means acting the part of a detective. The follow-
ing simple guidelines will make failure analysis easier and more consis-
tent:

• Know what a new seal looks like.
» Know what a successfully applied seal looks like.
» Examine the failed seal carefully.
• Write down the differences between the new, successful, and failed

seals.
• Formulate a consistent explanation about the differences.

Although manufacturers and mechanics are familiar with new seals,
sometimes a machinery engineer may not see the unused item. He only
sees the failures. Similarly, he may not see many successfully applied
seals because they are not called to his attention. He is too busy looking
at failures. On the other hand, some failure modes are so common that a
mechanic may come to accept them as "normal wear." For failure analy-
sis to be useM, all differences in the new and failed seal should be noted.

These differences must be written down in a consistent format. The
form shown as Table 21-1 is a good starting point and can be modified to
suit particular needs. There is a great temptation to take mental notes and
write them later. This temptation must be overcome, and written notes
must be made while examining the seal. If these notes become soiled,
they can be rewritten later.

For many refineries and chemical plants, the statistics in Table 21-2
have been developed from analysis of many pump seal failures.

Statistics show that most seals fail prematurely, that is, prior to wear-
ing out. They also show that these early failures can be prevented by sim-
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Table 21-1
Mechanical Seal Failure Analysis Checklist

Machine Identification ,
Reason for Service Request
Last. Known Failure ,

Summary of Analysis

Seal Identification
Manufacturer Type
Face Materials ; ;

Gasket Materials
Mounting , Balance Ratio ;

Operating Conditions
Liquid Specific Gravity
Temperature, F Sealed Pressure, psig
Seal RPM

Inspection of Seal
Stationary Face (OK) Rotating Face (OK)

Work out ( ) Worn out ( )
Grooved ( ) Grooved ( )
Heat checked ( ) Heat checked ( )
Warped ( ) Warped ( )
Corroded ( ) Corroded ( )

Gasket, Stationary Face (OK) Gasket, Rotating Face (OK)
Hardened ( ) Hardened ( )
Chemical attack ( ) Chemical attack ( )
Broken/cut ( ) Broken/cut ( )

Gasket, Gland (OK) Gasket, Sleeve (OK)
Hardened ( ) Hardened ( )
Chemical attack ( ) Chemical attack ( }
Broken/cut ( ) Broken/cut ( )

Gland (OK) Drive Collar (OK)
Corroded ( ) Corroded ( )
Bushing rubbed ( ) Tlirned on shaft ( )
Number of bolts Setscrews

Antirotation Pins (OK) Sleeve/Shaft (OK)
Fretted ( ) Fretted ( )
Corroded ( ) Corroded ( )

Flush Plan Springs/Bellows (OK)
Location Broken ( )
Hole Size Corroded ( )
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Table 21-2
Causes of Seal Failures

Operating problems 30% to 40%
Improper installation 20% to 30%
Pump design/repair 10% to 20%
Misapplied seal 10% to 20%
Worn out 1% to 5%
Miscellaneous 15% to 20%

Total 100%

ply selecting the proper seal, installing it correctly, and operating the
pump carefully.

Seal Hardware Failures

Another way to look at seal reliability is to insist that the seal must
survive in spite of any problems with the pump or its operation. In this
case, failures are examined from a hardware or design point of view. In
other words, if a pump requires repair because the seal is leaking, the
corrective measures are directed towards the seal hardware. This may
not always be correct; however, the statistics presented in Table 21-3
seem to apply to hardware failures in refinery and chemical plant pump
seals. Naturally, seals or pumps that were not properly installed or re-
paired are omitted from Table 21-3.

Table 21-3
Mechanical Seal Hardware Failures

Rotating or stationary face 40% to 70%
Loss of axial movement (hangup) 10% to 20%
Fretting 10% to 20%
Corrosion 10% to 20%
Miscellaneous 5% to 20%

Total 100%

Seal Faces. Table 21-3 shows that, in pump repairs caused by hardware
failures, the seal faces are the apparent problem 40% to 70% of the time.
These faces were severely worn or damaged. In some instances, an im-
mediate improvement was made by simply changing face materials. For
example, a stellite or ceramic face might be replaced with a solid tung-
sten carbide face. In other instances, the face materials could not be
changed or improved and efforts were focused on other areas.
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Because mechanical seal failures can be expensive, there is no excuse
for using second rate materials. In many refinery and chemical plant ser-
vices, premium grade carbon and tungsten carbide or silicon carbide
faces have proven reliable. Springs are frequently Alloy 20. Glands,
sleeve, shells, adapters, etc. are made from 316SS. In order to reduce
inventories and avoid costly mix-ups, these same materials are also used
in. easy services—even cold water,

Hangup. Loss of axial movement, or seal hangup, is caused when leakage
accumulates and hardens beneath the flexible element (see Figure 21-1). In
most seals, this is the rotating dement. Hangup is a particularly troublesome
problem in high temperature seals because any leakage tends to form "coke,"
There are four approaches to solving hangup problems:

• Change the liquid (external flush that will not solidify).
• Reduce leakage (higher balance ratio and/or narrow face seal).
• Remove leakage (steam quench).
• Remove opportunity to hangup (change to a stationary seal).

Some stationary seals are designed so that there is a relative motion
between the "floating" element and the rotating shaft. This relative mo-
tion makes it difficult for solids to accumulate and cause hangup. Be-
cause stationary metal bellows seals include this feature as well as nar-
row faces and are rated for high temperatures, they are often used in
services that tend to cause hangup of conventional seals.

Fretting. Fretting is the damage caused by the constant rubbing of the
flexible element against its drive lugs or the dynamic gasket against the
sleeve. The movement may be less than a thousandth of an inch, but
eventually the sleeve or drive lug is damaged. The damage may cause
leakage directly or may restrict axial movement so that leakage occurs
between the faces.

The solution to fretting problems usually involves one of the following
approaches:

• Improve seal alignment during installation.
« Reduce shaft axial float (adjust bearings).
• Use O-rings for gaskets.
• Change to a bellows seal.

Corrosion. Most mechanical seals are made of relatively corrosion-resis-
tant materials. For example, a typical off-the-shelf seal might be made of
316 stainless steel, carbon graphite and tungsten carbide with fluoroelas-
tomeric gaskets. Metal parts are also available in Alloy 20, Hastelloy,
and other corrosion resistant materials. Carbon graphites are available
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Solids build up here ^
Figure 21-1. Seal hangup from accumulated solids (courtesy John Crane Inc.).

with many different types of resin and metallic binders. Hardfaces in-
clude both nickel and cobalt bound tungsten carbide, various silicon car-
bides and other ceramics. Gaskets may be made from many materials in-
cluding graphite foil, Teflon, nitrile, Kalrez, etc.

It is most likely that a suitable set of materials may be found for even
the most corrosive seal environment. Still, while searching for those ma-
terials, corrosion problems do occur. Even after the proper materials
have been found, the wrong material may be inadvertently substituted at
the next repair.

Other Problems. There are other hardware problems that occur in addi-
tion to face damage, hangup, fretting, and corrosion. The most perplex-
ing problem occurs when there is no obvious damage. This often happens
when sealing light hydrocarbons. For these products, the liquid may
flash to a vapor between the seal faces. Since most seals are designed for
liquids, the resulting force imbalance from flashing causes the faces to
"pop open." The solution may involve changing the balance ratio or seal
type or installing an external flush that will not vaporize so readily,

Seal Failures from Installation Problems

Proper installation is so important that all seal manufacturers conduct
extensive training courses on how to install their seals correctly. Most of
the larger seal users have their own internal training courses as well.
Consultants are available to teach proper seal installation. Still, the statis-
tics show that 20% to 30% of all seal failures are caused by a poor or
incorrect installation. Many installation problems seem to stem from im-
proper assembly of seal components and internal misalignment.

Improper Assembly. A large refinery may use several different seal
types from four or five manufacturers. Some plants do not have techni-
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clans who specialize in rotating equipment repair. Many plants use inde-
pendent repair shops for pump repairs. All of these factors make it in-
creasingly difficult to assure that the separate seal components are
assembled properly. For these reasons, more and more users are turning
to cartridge seals.

A cartridge seal is a complete seal assembly, including the gland, that
is mounted on a sleeve (see Chapter 17, Figure 17-26). In addition to
being assembled, the seal is also adjusted to the correct operating posi-
tion. The user simply slides the cartridge assembly over the shaft and
fastens it in place. This approach is much less prone to assembly and in-
stallation errors.

In the larger plants, used cartridge seals may be reconditioned by a
specialist and stocked for future installation. Smaller plants may rely on
the seal manufacturer to both recondition and stock the cartridge units.

internal Misalignment. Most mechanical seal designs incorporate one
flexible element and one fixed element. The most common arrangement
has the flexible element rotating and the fixed element stationary. Seal
life is greatly improved by assuring that the fixed element is mounted
perpendicular to the rotating shaft. Because the fixed element is con-
tained in the gland and the gland is bolted to the stuffing box, several
surfaces must be checked for perpendicularity. Furthermore, the shaft is
mounted in the bearing housing that is bolted to the pump case. These
mounting surfaces must also be checked.

For overhung process pumps, a precision dial indicator can be used to
assure that internal misalignment is minimized. The bearing bracket
should be assembled as a complete unit so that the following checks can
be made:

Shaft run-out < 2 mil TIR.
Shaft lift < 3 mil.
Shaft float < 5 mil (this author recommends < 1 mil).
Bracket face square to shaft within 3 mil.
Sleeve (mounted on shaft) run-out < 2 mil.

In addition, the stuffing box face must be checked to ensure that it is
perpendicular to the shaft within 3 mils TIR. The most reassuring
method of checking this is to measure it directly. On some pumps, this
may be done by mounting the assembled bearing bracket to the pump
without including the gland. A dial indicator that reads the stuffing box
face is placed on the shaft. If there is not enough room to do this, an
indirect method must be used. On these pumps, the cover should be
checked to see that the face of the stuffing box and the mounting face for
the bearing bracket are parallel within 3 mils TIR,
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Seal Failures Related to Pump Hardware

Sometimes seal failures are so strongly related to the pump and its per-
formance that reliability can be improved only by modifying the pump.
The pump may have a true design problem or may simply have been mis-
applied. Some of the more common pump hardware related seal failures
are;

« Excessive shaft deflection.
• Narrow annulus of stuffing box.
• Shaft axial movement.
• Excessive piping loads.

Excessive Shaft Deflection. If the shaft deflects, the seal must move
axially each revolution to compensate. API Standard 610 for centrifugal
pumps specifies a maximum of 0.002-inch shaft deflection at the location
of the seal faces. Some older pumps and non-API pumps may not meet
this specification. In particular, older pumps designed for packing may
have excessive shaft deflection. Shaft deflection is reduced by increasing
the shaft diameter and/or reducing the bearing span or shaft overhang.

Narrow Annulus. In spite of the fact that the vast majority of centrifugal
pumps are equipped with mechanical seals, most older pumps are actu-
ally designed for packing. This is particularly true for heavy duty API
type pumps manufactured prior to the seventh edition of API Standard
610.

A pump designed for packing has a cylindrical "stuffing box" through
which the shaft passes. Packing is compressed within the annulus be-
tween the OD of the shaft and the ID of the stuffing box. This annulus
may be from 3/s inch to 1 inch in cross section. If the pump is actually
equipped with a seal, the seal must fit inside this annulus. The result is
that very little liquid surrounds the seal.

Seal manufacturers know that their products are more reliable when
operated within a "seal chamber" that contains more liquid than a stuff-
ing box. However, many pump users insist on the ability to convert from
seals to packing. Also, pump manufacturers prefer to use existing de-
signs and patterns that are interchangeable with older models. The result
is that most pumps are designed for packing but use seals. It should be no
wonder that the seal is the most common cause of a pump repair.

In actual laboratory tests, seal face temperatures have been observed to
decrease when the stuffing box bore is increased. For example, a stan-
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dard arrangement had about Vie-inch radial clearance between the seal
and the stuffing box bore. When this clearance was increased to lli inch,
the seal face temperature decreased by 38 °E In response to this sort of
information and experience, many pump manufacturers are now supply-
ing "oversized" stuffing boxes for their pumps.

Shaft Axial Movement. Whenever the shaft moves axially, one of the
sealing elements must move in the opposite direction to maintain the ex-
isting gap between the faces. If this movement occurs repeatedly, fretting
may occur between the seal and shaft/sleeve. Table 21-3 shows that fret-
ting is a significant cause of seal failures.

For reasons that are not completely clear, many manufacturers assem-
ble their pumps so that the shaft can "float" axially for 3 mils to 8 mils.
This is a built-in opportunity for the seal to fret. To reduce this potential,
many pump users go against the manufacturer's recommendation and
modify the pumps to restrict "float" to less than 1 mil.

Excessive Piping toads. A centrifugal pump is not a good pipe anchor,
API 610 specifies maximum loads that must be used by both pump manu-
facturer and piping designer. Normally this is not a problem except for
end suction pumps used in high temperature services.

Beginning with the sixth edition, API 610 specifies piping loads that
are considerably higher than previous editions. While this makes the job
of the piping designer easier, it has imposed a severe constraint on the
pump manufacturer. Most pumps that were designed to meet the early
editions of API 610 will not meet the more stringent requirements of the
sixth and seventh editions. Because they are not as rigid, older pumps
may require even more attention to installation and hot alignment than
the newer models.

Seal Failures Caused by Pump Repair and Installation

The mechanical seal is sensitive to the environment in which it oper-
ates. In particular, the mechanical condition of the pump has a significant
effect on seal reliability. Some of the major considerations include;

• Rotating imbalance.
• Alignment to driver.
« Flushing the seal.

Rotating Imbalance. Vibration reduces seal life and any rotating imbal-
ance will create vibration. The frequency of this vibration will be the
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running speed of the pump. The best way to prevent this is to dynami-
cally balance the rotating assembly. Although many technicians will
work with an assembly until no further improvement can be detected, a
good commercial standard is 0.0045 ounce-inch per pound of assembly.

Alignment to Driver. Misalignment between the pump and driver is an-
other cause of vibration. This vibration occurs at two times the running
speed of the pump. Both radial and axial components may be present. In
order to reduce this vibration, many pump users take great pains to align
pumps to drivers.

Flushing the Seal. Because a mechanical seal is a rubbing device that
generates heat, it must be lubricated and cooled. Cooling and lubrication
are normally accomplished by circulating a suitable liquid around the
seal. This is called flushing the seal. The most common arrangement is
the discharge bypass flush, sometimes called API Plan 11 (see Chapter
17, Figure 17-9), but there are many others (see Chapter 17, Figure 17-
26).

Perhaps the most important feature of a good flushing system is that
the liquid circulates around the rubbing interface of the seal. This is ac-
complished by injecting or withdrawing the liquid in close proximity to
the faces.

In general, seal flush systems should be as simple as possible to avoid
installation and operating errors. This means designing the system to
minimize valves, orifices, filters, etc. A common problem with flushing
systems is that liquid does not actually flow because a valve is closed, a
filter is blocked, etc,

Seal Failures Caused by Pump Operation

Although mechanical seals should be designed to survive operational
upsets, seal life can certainly be enhanced by observing a few simple pre-
cautions. Some of the more common operating problems include:

• Operation at low flow.
• Operation at no flow.
• Cavitation.

Low Flow. In spite of the performance curve, which shows operation
from no flow to maximum, centrifugal pumps may not operate smoothly
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at less than about 50% of Best Efficiency Point (BEP) flow. Vibration
and noise may increase markedly at less man this minimum stable flow.
The result is a decrease in seal life. Resolution of this problem may re-
quire hydraulic modification by the pump manufacturer or a by-pass line
to artifically increase flowrate.

At still lower flows (less than 20% of BEP), the liquid passing through
the pump may be significantly raised in temperature. According to API
610, the minimum continuous thermal flow is "the lowest flow at which
the pump can operate and still maintain the pumped liquid temperature
below that at which net positive suction head available equals net positive
suction head required."

No Flow. In spite of assurances to the contrary by the operating crew,
sometimes pumps have obviously been running "dry." There are many
ways this can happen—a broken level controller, a plugged suction
strainer, a broken check valve or a discharge valve that was never
opened. All of these and more can prevent liquid from entering or leav-
ing the pump.

Some batch processes actually are designed so that the pump runs dry
as it pumps out a reactor or supply vessel. Dissimilar pumps operating in
parallel are a classic example of how one pump may force another to run
at no flow.

In addition to the noise and vibration problems described for low flow,
operation with no flow may generate enough heat to vaporize any liquid
trapped in the pump. In particular, seals that are flushed from the pump
discharge or suction may quickly become "gassed up." The obvious solu-
tion is to avoid the no flow situation. If the pump must run under these
conditions, a separate flushing system may be required for the seal.

Cavitation. Cavitation has been rightly and wrongly blamed for many
ills in both pumps and seals. Certainly cavitation increases pump vibra-
tion and vibration reduces seal life. Recent studies have shown that the
simple 3% head loss rule that is used to define NPSHR may not ade-
quately define the onset of cavitation problems. Also, operation at low
flow sometimes produces symptoms similar to cavitation.

Cavitation problems are sometimes difficult to solve. Frequently, in-
creasing the available NPSH is prohibitively expensive. Reducing the re-
quired NPSH is sometimes possible with special impellers or inducers.
For these reasons, cavitation problems must be carefully addressed dur-
ing the initial specification of the pumps.
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Reliability

Once the potential problems of selection, installation, and operation
are addressed, mechanical seals can provide reliable sealing for many
years. Many large refineries and chemical plants have obtained a gross
average mean time between pump failures that is greater than two years.
(This statistic includes all causes of pump repairs and not just mechanical
seals.)

Some services will always be more difficult than others and have a cor-
respondingly lower reliability. Higher pressures, higher temperatures,
higher solids content, and increased corrosion rates will generally result
in a lower pump and seal reliability. Similarly, large seals and high shaft
speeds may have lower reliability. Rather than accept lower reliability,
many users elect to use special purpose seals and sealing systems that are
engineered for these specific applications.

Considering the wide variety of designs, arrangements, and materials
available, it is no wonder that the mechanical seal is the most popular
device for sealing modern centrifugal pumps.
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foundation, 500-501 Barkse-type pump, 175-179
grouting, 502, 505-506 Baseplates, 218, 304, 501-502
horizontal movement methods, Bearings. See also Bearings and

504-505 lubrication,
jig posts, 516, 518-519 chemical pumps, 299-303
measurement methods, double case pumps, 216, 218

511-515 high speed pumps, 202-203
pre-alignment steps, 507-511 slurry pumps, 237
soft foot, 508-509 stiffness and damping, 445-448
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Bearings and lubrication, NPSHR cavitation free,
524-555. See also Bearings. 92-103, 107

additives, 529 SIGMA cavitation free,
bearing failure, 545-548 107-108
bearing life, 545-548 suction specific speed cavitation
bearing temperature, 530-531 free, 107-108
drip feed, 539-540 Thoma, 186
emulsification, 528 vibration, 430-432
fire point, 527-528 Chemical pumps, 283-329
flash point, 527-528 ANSI specifications, 283-290
forced feed, 539-540 bearing housing, 298
friction torque, 525 bearing life, 285
function of the lubricant, 525 bearings, 299-303
grease limitations, 533-534 bedplates, 304
liquid lubricant applications, canned motor, 305-306

536-537 casing, 293-297
lubricant selection, 529-533, cover, 297

536 frame, 297
magnetic shaft seals, 549-550 hydraulic coverage, 288
oil bath, 537-538 impeller, 290, 293
oil characteristics, 526-529 mag drive, 305-306
oil mist, 539, 541-545 material, 323-329
oil replacement frequency, mechanical seals, 387-388

528-529, 534 non-metallic, 309-323
oil ring, 552-555 nozzle loading, 318
oil versus grease, 525-526 NPSHR, 317
oxidation, 528 processes, 323-328
pour point, 527 sealless pumps, 305-306
rust prevention, 528-529 sump pumps, 307-309
sealed bearings, 534-536 support head, 298
shaft seal types, 549-551 CO2 pumps, 166-172
viscosity, 526-527, 536 BHP (brake horsepower),

Bi-rotors, 148 168-172
Blades. See also Vanes. dry running applications, 167
Brumfield criterion, 187-191 enhanced recovery, 166

GHP (gas horsepower),
168-172

p lubricating properties, 166
mechanical seals, 167
pump selection, 169-172

Cavitation Concentric bowl pump, 179,
definition, 87, 88 184-185, 191-195
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Critical speed analysis. See also E
Vibration and noise.

Curve shape, 4-6, 175, 194-196 Efficiency
crossovers, 69-70
diffuser, 181

D estimating, 15-18, 43
high speed pumps, 183-185,

Deflection, 340-342, 563 194, 222
Destaging, 144, 151-152 hydraulic turbines, 247, 254,
Differential head, 3 256
Diffuser area ratio, 180 hydrodynamic size, 141-143
Diffuser casing, 223-224 pump losses, 140-141, 183
Double case pumps, 206-225 specific speed, 141

abrasives, 219 volute types, 57
applications, 208-209, 219 Erosion wear rate, 226-227
auxiliary take-off nozzles, 212
balance disk, 208
balance drum, 208 F
baseplates, 218
bearings, 216, 218 Factoring law, 21-25
boiler feed, 209
casing diffuser, 222
casing inner, 210-212 G
casing volute, 223-224
charge, 209 Gears, 200-202
dynamic balance, 223-224
floating ring seals, 216
foundations, 218 H
impeller, 212-213
impeller deformation, 220-222 Head
mechanical seals, 213 actual, 180-181
pipeline, 210 coefficient, 177, 181
rotor dynamics, 219-220 differential, 3
sag bore, 224 dynamic, 179-180
throttle bushings, 213-215 static, 179-180
waterflood, 210 theoretical, 179-180

Double-suction pumps, 77-84 velocity, 179-180
area progression, 83 vortex, 179-180
impeller, 79 High speed pumps, 173-205
nozzle layout, 79-84 Barske-type pump, 175-179

Dynamic balance, 223-224 bearings, 202-203
Dynamic head, 179-180 Brumfield criterion, 187-191
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High speed pumps (continued) efficiency, 247, 254, 256
concentric bowl pump, 179, gas release, 271

184-185, 191-195 guide vanes, 261-271
diffuser efficiency, 181 impeller design, 257, 261-262
diffusion recovery, 181 impulse type, 246, 250
efficiency, 183-185, 194, 222 losses, 252-254
flow coefficient, 177, 180, 182 NPDHA (net positive discharge
Ml emission design, 178 head available), 249
gears, 200-202 NPDHR (net positive discharge
head actual, 180-181 head required), 249
head coefficient, 177, 181 operation, 279-281
head dynamic, 179-180 performance prediction,
head static, 179-180 251-252, 254-255
head theoretical, 179-180 radial load, 258, 259
head velocity, 179-180 reaction type, 246, 250
head vortex, 179-180 selection process, 248, 251
high solidity impellers, specific speed, 249-250

194-196 TAEH (total available exhaust
impeller diameter, 184 head), 249
impeller eye diameter, 194-195 testing, 271 -272
inducers, 187-191 TREH (total required exhaust
lubrication, 203 head), 249
noise, 196 two-phase flow, 271
NPSHR, 187-190 Hydrodynamic size, 141-142
partial emission design,

178-181
pump losses, 183 I
radial load, 192-193
shaft dynamics, 203-204 Impeller
specific speed, 181-183 area between vanes, 39, 41
suction specific speed, 186, chemical pumps, 290, 293

189 closed, 133
Thoma cavitation parameter, collet mounting, 131-132

186 deformation at high speed,
throat area, 184 220-222
volute collector, 192-194 design, 28-44

Hydraulic gradient, 139 diameter, 29, 184
Hydraulic turbines, 246-282 discharge angle, 29-30, 41, 42

application range, 248 double-suction, 79
applications, 272-279 eye diameter, 32, 194-195
BHP (developed horsepower), high solidity, 194-196

249 hydraulic turbine, 257,
costs, 247-248 261-262
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inlet angle, 37 classifications, 373-379
layout, 37-39 CO2, 167
open, 175-176, 292-293 double-case pumps, 213
semi-open, 133 face pressure, 361-362
trim correction, 16-19 floating ring, 216
underfiling, 143-144, 146-147 gland, 383-386
vane number, 29-30, 42, 236 installation, 401-418
vane thickness, 40, 236 leakage, 370-371
width b2, 31, 43 materials, 379-382

Inducers, 187-191 mating ring types, 381, 383
power consumption, 363-364
PV (pressure-velocity) 363,

L 371-372
refinery service, 389-390

Losses in a pump, 183, 252-254 temperature control, 364-370
Lubrication. See also Bearings theory, 355-359

and lubrication. throttle bushings, 213-215
high speed pumps, 203 troubleshooting, 401-418, 420

upstream pumping, 386-387
wear, 371-372

M Misalignment. See also
Alignment.

Material Model law, 19-20
chemical pumps, 323-329 Multi-stage pumps
mechanical seals, 379-382 anti-rotation splitters, 72
non-metallic pumps, 309-329 casing design, 65-76
slurry pumps, 228, 230-234 core assembly, 73-74

Mechanical seal reliability, crossover design, 67-72
556-567. See also crossover efficiency, 69-70
Mechanical seals. patterns, 72-73

annulus, 563-564
failure analysis, 557-559
failure causes, 559-566 ^
low flow operation, 565-566
misalignment, 562-563
shaft axial movement, 564 Noise. See also Vibration and
shaft deflection, 563 noise.

Mechanical seals, 354-421. See high speed pumps, 196
also Mechanical seal Non-metallic pumps, 309-329
reliability. NPDHA (net positive discharge

applications, 390-401 head available), 249
balance, 360-361 NPDHR (net positive discharge
chemical service, 387-388 head required), 249
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NPSH (net positive suction head), hydraulic turbines, 251-252,
85-109 254-255

NPSHA (net positive suction head prediction, 25-27
available), 4, 85-86, range charge, 47-50
104-106, 116-117, 120-121, slurry corrections, 244-245
129, 131, 186-187 Pipeline Pumps, 139-164

NPSHR (net positive suction head analysis of pump losses,
required) 140-141

40,000 hours life, 92 bi-rotors, 148
cavitation, 87-88, 189-191, destaging, 144, 151-152

430-432 double case, 210
cavitation free, 92-103 efficiency, 140-143
cavitation free compared with hydraulic gradient, 139

Hydraulic Institute, hydrodynamic size, 141-142
107-108 impeller underfiling, 143-144,

chemical pumps, 317 146-147
estimating, 33-34 number of pumps, 140
gas-to-liquid ratio, 100-103 number of stations, 140
high speed pumps, 90, 92-93 pipeline horsepower, 139
incidence angle, 94, 101 pump selection, 158-164
inducers, 187-190 series vs. parallel, 163-164
leakage—influence of, 94-95 slurry, 156
liquid—influence of, 99-100 specific speed, 141
suction nozzle—influence of, volute chipping, 143-145, 147

96-99 volute inserts, 147-150
suction specific Pulsations, 150, 433-436,

speed—influence of, 90 481-483
predicting, 87-88
stable operating window, 90-92
suction piping, 103 «
suppression test, 88-90
Thoma cavitation parameter, D ,. , , , _. ., in~ in_lgg r Radial load, 52-56, 192-193.,
vertical pumps, 120, 129 „ 258-259, 296
viscosity 103 Rotor dynamic analysis. See

Vibration and Noise.
Rotor dynamics, 219-220

P

S
Performance

curve shape, 4-6, 175, Sag bore, 224
194-196 Sealless pumps, 305-306
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Shaft design, 333-343 inducers, 189
deflection, 340-342 NPSHR—influence on, 90
dynamics, 203-204 stable operating window, 90-92
failure, 483-484 System analysis, 3-10
fatigue analysis, 336-339 differential head, 3
key stress, 343 liquid characteristics, 7
torsional stress, 334 NPSHA, 4

Slurry pumps, 226-245 pump construction, 8
abrasivity, 226, 232-234 pump speed, 6
bearings, 237 curve shape, 4
casing design, 234-236 specific gravity, 7
drivers, 240, 243 viscosity, 7
erosion wear rate, 226-227
impeller design, 236
materials, 228, 230-234
performance-slurry corrections, T

244-245
pump types, 232-233 TAEH (total available exhaust
sealing, 237-238, 240 head), 249
selection factors, 228 Theoretical head, 179-180
specific gravity, 228-229 Torsional analysis, 462-469
specific speed range, 232 Torsional stress, 334
sump design, 240 TREH (total required exhaust
wear plate, 236-237 head), 249

Specific gravity Two-phase flow, 271
horsepower—influence on, 8
pressure—influence on, 7
slurry mixture, 228-229

Specific speed U
definition, 11
efficiency—influence on, Unbalance, 426, 457-461

15-18
high speed pumps, 181-183
hydraulic turbines, 249-250
metric conversion, 12 V
nomograph, 14-16
slurry pumps, 232 Vanes
vertical pumps, 113-114 area between, 39, 41

Static head, 179-180 discharge angle, 29-30, 41-42
Submersible pumps, 115-116 hydraulic turbine, 257
Suction specific speed inlet angle, 37

definition, 11-12 layout, 37-39
high speed pumps, 186 number, 29-30, 42, 236
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Vanes (continued) critical speed evaluation, 451
pump out, 236 critical speed map, 443-445
thickness, 40, 236 flashing, 430-432

Velocity head, 179-180 impact tests, 472-477
Vertical pumps, 113-138 instabilities, 440-441, 484-486

barrel-mounted, 120-122, 128 liquid noise, 423
boiler feed, 130 measurement techniques,
bowl assembly, 131-133 471-474
can-mounted, 120-122, 128 mechanical noise, 423
column assembly, 134-135 misalignment, 426-427
condensate, 129 piping, 428
condensor cooling, 126 pulsations, 150, 433-436,
cooling tower, 127 481-483
cryogenic, 130-131 rotor stability analysis,
flood control, 127 461-462
head assembly, 135-136 rotor dynamic analysis,
heater drain, 129 441-456
loading, 131 seal effects, 448-451
pipeline booster, 131 shaft failure, 483-484
process, 129 torsional analysis, 462-469
specific speed range, 113 transients, 429
submersible motor drive, troubleshooting, 474-491

115-116 turbulence, 432-433
transfer, 127-128 unbalance, 426, 457-461
vibration, 136-138 vertical pumps, 136-138
well pumps, 114, 122-124 vibration levels, 457, 459-461
wet pit pumps, 116, 125

Vibration and noise ^^L
acoustic frequency, 150-155 NPSHR-mfluence on, 103,
acoustic resonance, 436-440 *Vi
acoustic velocity of liquids, oil, 526-527, 536

486-491 performance—influence on, 7
bearing housing resonance, Volute

474-477 area, 33, 184
bearing stiffness and damping, chipping, 143-144

445-448 circular, 56
bearings, 428-429 collector, 192-194
blade passing frequency, concentric, 235

150-155, 474-475 concentric—semi, 235
causes of vibration, 424-441 cutwater diameter, 36
cavitation, 430-432 design, 50-64
critical speed analysis, diffusion angle, 50

442-443, 477-481 diffusion area ratio, 180
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double, 52-54 velocity ratio, 50-51
efficiency comparison, 57 width, 36
inserts, 147-150 Vortex head, 179-180
quad, 54
radial load, 52-56 w

single, 52 Water flood pumps
spiral, 235 double-case pumps, 210
triple, 54 enhanced recovery, 166
universal layouts, 58-62 materials, 166
velocity constant, 35 secondary recovery, 164
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